I AO-A073  297 ROCKWELL  INTERNATIONAL  EL  SE6UN00  CA  LOS  AN6ELES  DXV  F/6  1/3 

MECHANICAL  POWER  SYSTEM  FOR  AIRCRAFT  INTERMITTENT  UTILITY  FUNCT— ETC(U) 
APR  79  C W HELSLEY  F33615-75-C-2011 


UNCLASSIFIFD  R 1 /L  AD»NA»79»6» AFAPL«TR»79»202a NL 


'"3 

‘Bat  an 

■ 

— 

■;  1 

i i 

■! 

* 

' 

y 

T-V 

J 

\ 

\ 

\ 

• nilf.  FIL£  COPY.  !I!A073297 


C.  W.  Hdslty 


Rockwell  International  Corporation 

Los  Angeles  Division 

Los  Angsles.  California  90009 


April  1979 


Final  Report  March  1975  • February  1979 


Approved  for  public  release;  distribution  unlimited. 


AIR  FORCE  AERO  PROPULSION  LABORATORY 
AIR  FORCE  WRIGHT  AERONAUTICAL  LABORATORIES 
AIR  FORCE  SYSTEMS  COMMAND 
WRIGHT  PATTERSON  AIR  FORCE  BASE,  OHIO  45433 


D D C 

I AUG  30  1979 

A 


79  0 8 O-io 


0.  REAMS 


rnuL  u.  Lxnuvuioi 

Project  Engineer 
PoMer  Systems  Branch 

FOR  THE  CONWANDER 


B.  L.  MCFAODEN 
Acting  Chief 
Power  Systems  Branch 


If  your  address  has  changed,  if  you  wish  to  be  removed  from  our  mailing 
list,  or  if  the  addressee  is  no  longer  employed  by  your  organization  please 
notify  AFAPL/P0P~1  ^ W-PAFB,  OH  45433  to  help  us  maintain  a cxirrent 
mailing  list. 


Copies  of  this  report  should  not  be  returned  unless  return  is  required  by 
security  considerations,  contractual  obligations,  or  notice  on  a specific 
docunent. 

Aid  rORCe/8C7aO/2S  AUfiat  ItTf  — 100 


NOTICE 


When  Government  drawings,  specifications,  or  other  data  are  used  for  any 
purpose  other  than  in  connection  with  a definitely  related  Government  procure- 
ment operation,  the  United  States  Government  thereby  incurs  no  responsibility 
nor  any  obligation  whatsoever;  and  the  fact  that  the  government  may  have  form- 
ulated, furnished,  or  in  any  way  supplied  the  said  drawings,  specifications,  or 
other  data,  is  not  to  be  regarded  by  implication  or  otherwise  as  in  any  manner 
licensing  the  holder  or  any  other  person  or  corporation,  or  conveying  any 
rights  or  permission  to  manufacture,  use,  or  sell  any  patented  invention  that 
may  in  any  way  be  related  thereto. 


This  report  has  been  reviewed  by  the  Information  Office  (01)  and  is 
releasable  to  the  National  Technical  Information  Service  (NTIS) . At  NTIS,  it 
will  be  available  to  the  general  public,  including  foreign  nations. 


This  technical  report  has  been  reviewed  and  is  approved  for  publication. 


UNCLASSIFIED 


«tC»«ITV  Ct*»»iriC4TIOM  Of  Twit  >«QC  /m,m  Dim 


READ  INSTRUCTIONS 
BEFORE  COMPLETING  FORM 

■ CClPlCMT'S  CATtkOO  MUMSf* 


EPORT  DOCUMENTATION  PAGE 


Technical  > ''  ■ ' 

Nlard  1^/5—  Febssiwpy  yi~% 


Mechanical  Power  System  for  Aircraft 
Intermittent  Utility  Functions  t 
7 Final-  -Technical  Rapoft] 


y «uTMoar« 


F35615-75-C 


» OACANIZATiQn  MAMC  AnO  AOOACSS 


>0  PHOGAAM  CLtfMtfNT.  ^MOJCCT.  TASK 


Rockwell  International  Corporation 

Los  .Angeles  Division'!  P.O.  Bo.x  92098 
Los  , Angelas.  A2alifornia  90009 

coNTaoLLiNC  orncc  n*iic  *no  «ooacss 

Air  Force  Aero  Propulsion  Laboratory  (POP) 
Air  Force  Systems  Command 
Wright-Patterson  AFB,  Ohio  45433 


MONITOAinG  ACKnCv  name  a AOOACSSTir  from  ConrnWMfitf  OFfirt; 


IS  SecUAirv  CLASS  fot  thi»  fpon) 


Unclassified 


OCCL  ASSlPlCATtON  OOVNCAAOINC 

scmcoule 


<•  OfSTAlGuTlON  ST  ATCMCm  r /oMAia  A*parO 


Approved  for  public  release,  distribution  unlimited 


<T  OiSTAiGuTlON  STaTCmCnT  (ot  rh#  •Affrarr  mffd  im  Bloek  20.  tl  dUt»tfH  from  /Voporrj 


Approved  for  public  release;  distribution  unlimited 


<9  MCv  WOAOS  fConnnv  on  rovoreo  »4dd  ft  noroeeorv  md  iddnftty  Av  AfocA  numAor; 


Flywheel 
Energy  Storage 
Traction  Drive 


20  A#$t  AACT  ^Conffnwo  on  rovor«o  ottfo  It  nocoooorfi  and  Identity  by  block  mimbot) 


— )■  The  program  reported  upon  herein  is  designed  to  develop  a satisfactory 
method  for  utilizing  flywheel  energy  in  an  aircraft  control  system.  To  attain 
this  objective,  the  program  will  design,  fabricate  and  demonstrate  a mechanical 
power  package  (MPP)  for  controlling  and  powering  a high- horsepower  utility 
actuation  function.  The  MPP  will  consist  of  a hydraulic  motor,  a flywheel,  an 
adapter  gearbox,  a controller,  and  a screwjac|(  actuator,  and  will  be  designed 
to  replace  an  existing  hydraulic  actuator.  — 
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PREFACE 


This  report  presents  the  results  of  a development  test  program  for  a 
mechanical  power  package  (MPP) , U.  S.  Air  Force  Contract  F33615-~5-C-2011 
This  test  program  was  performed  by  the  Los  .Angeles  Division  (LAD)  of 
Rockwell  International  (Rockwell) . The  program  was  administered  by  the 
Air  Force  .Aero  Propulsion  Laboratorv'  (.AP.APL) , Wright -Patterson  Air  Force 
Base,  Ohio.  The  Air  Force  project  engineer  for  the  program  was  Mr.  Paul 
Lindquist,  .AF.APL/POP-3., 


The  tasks  described  in  this  report  were  performed  from  March  1975  to 
February  1979.  Tlie  program  manager  was  C.  W.  Helsley,  and  laboratory  tests 
were  conducted  bv  B.  J.  Call. 
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INTROIXJCriOS  .^ND  SUfflVRV 


GEMl^RAL 


This  program  was  conducted  in  recognition  of  the  fact  that  tlie  power 
requirements  for  present-day  aircraft  hydraulic  svstems  are  frequent!)-  deter- 
mined by  the  peak  povver  demands  of  utility  functions  on  tlie  aircraft.  These 
power  demands  occur  for  time  durations  of  less  than  one  minute  and  are 
repeated  only  one  or  two  times  a flight.  Previous  programs  f Reference  Ij  had 
demonstrated  that  an  aircraft  hydraulic  power  generation  system's  size  and 
weight  could  be  sij’nif leant ly  reduced  by  using  stored  energy  to  meet  tlie  peak 
power  demand.  Those  pi'ograms  also  demonstrated  that  flv\vheels  were  a nrac- 
tical  energv’  storage  device  for  providing  the  required  energy.  However, 
practical  power  e.xtraction  methods  had  not  been  established  for  utilizing 
fl>-wheels.  The  basic  objective  of  this  program  was  to  demonstrate,  through 
actual  hardware  dev'elonment  and  test  in  a realistic  application,  that  practi- 
cal power  extraction  methods  were  available.  A secondaiy  objective  was  to 
show  that  large  power  demand  utility  functions,  which  have  historically  been 
powered  e.xclusively  by  hydraulics,  could  be  powered  electrically. 


^ECliA.\TCAL  PO'VER  PACEAGE  PRO(iRAM 

To  achieve  its  objectives,  the  program  evaluated  various  large  power 
demand  work  functions,  associated  with  existing  aircraft,  and  selected  one  to 
be  used  as  the  basis  for  test  and  development.  This  was  the  B-1  aircraft's 
main  landing  gear  actuation  function.  The  program  also  designed,  fabricated, 
and  partially  demonstrated  a mechanical  power  package  unit.  Tlie  mechanical 
power  package  (MPP)  consisted  of  a hydraulic  motor,  a fl)-\vheel,  a gearbox, 
a controller,  and  a screwjack  actuator  arranged  as  shown  in  Figure  1. 

Tlie  MPP  unit  was  desi‘pied  to  be  a direct  physical  replacement  for  the 
existing  hydraulic  actuator.  It  was  also  designed  to  extend  and  retract  the 
main  landing  gear  against  the  same  loads  and  in  the  same  operating  times  as 
the  existing  actuator  but  to  do  it  through  energy  stored  in  the  flyivheel, 
using  only  one- fifth  the  power  (flow)  of  the  existing  system. 

The  program  was  accomplished  in  four  tasks,  as  follows: 

Task  I - .-\nalysis 

Task  II  - Design  and  Fabrication 

Task  III  - Test 

Task  IV  - Reporting 

Reference  1.  Call,  B..J.,  Hclsley,  C.l\.,  Jr.,  and  Cruther,  C.A.,  "Fnergy 
Storage  Concepts  for  Aircraft  Actuation  Functions,"  .AFAPL 
TR-bb-29,  April  l%b 


Figure  1.  Schematic  - Mechanical  Power  Package 
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Task  I uas  accomplished  in  two  subtasks,  uhich  i-  ? as  follous: 

Task  lA  - Selection  ot  utility  work  function 

Task  IB  - I stabl  isliment  of  rxjuer  requirements  ;md  duty  cycle 

T.'vSK  I A 

The  requirements  for  this  task  were  to  involve  the  selection  o+'  a util  it 
work  function  that  was  perlormed  by  conventional  hydraulic  teciiniciucs  on  a 
present -dav  aircraft.  The  input  power  level  (peaki  of  the  work  function  was 
to  be  over  50  hp  in  order  to  indicate  that  there  i as  a potential  for  applica- 
tion of  'IPF”s  to  a wide  range  of  future  high-perfo.  nance  aircra+'t.  The 
selected  uork  function  was  also  to  he  adaptable  to  rotaip-  input  nowcr. 

To  accomjilish  this  task,  a range  of  aircraft  was  studied  including 
fighters,  bombers,  and  transport  t>-pes.  Tlie  specific  aircraft  studied  were 
the  B-1,  "4",  LlOll,  C5A,  and  Rockavell's  proposals  for  the  F-14  and  F-15 
aircraft.  From  these  studies,  two  important  facts  emerged.  These  were  as 
to 1 lows : 

11  Utility  function  t>pe  IIPP's  will  save  considerable  weight  when 
applied  to  large  subsonic  aircraft. 

21  Utilitv  function  tv^ie  MPP's  must  be  supplemented  by  flight  control 
function  t\pe  .'IPP's  if  weight  is  to  be  saved  in  high-perfonnancc, 
supersonic -t>T)e  aircraft. 

T!ie  verification  of  these  two  statements  may  be  seen  by  e.xamining  Figure 
2,  5,  4,  and  5.  Figure  2 is  the  hydraulic  system  2 load  profile  for  the 
B-1  aircraft.  This  figure  shows  that  three  subsystems  contribute  to  the  peak 
loads  experienced  by  the  hydraulic  power  system  with  the  magnitude  of  each 
subsystem's  contribution  being  shown  by  the  crosshatched  areas.  Two  of  the 
subsystems  are  of  the  utility  function  type  Handing  gear  and  wing  sweep 1 , 
wliilc  the  third  system  is  of  the  flight  control  tv^e  (horizontal  stabilizerl. 
If  'IPP's  were  applied  only  to  the  two  utility  functions,  the  overall  weight 
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ot  the  aircraft  would  increase  rather  than  decrease.  Tliis  would  be  true  for 
the  following  reasons; 

1)  T|,e  h>'draulic  power  generating  system  would  stay  the  same  site 
because  its  site  is  determined  by  the  horitontal  stabiliter. 

2 I 'rr  actuators  arc  heavier  than  tiie  hvdraulic  actuators,  and  tlie 
associated  valves  they  replace, 

5.  The  electrical  power  generating  system  would  nrobably  have  to  be 
enlarged  to  handle  the  extra  load  lassiuning  the  .'IPP  is  driven 
electrical ly) . 

If,  however,  the  two  utility  function  'IPP's  were  supplemented  by  one  or 
more  flight  control  function  'IPP's  fhorizontal  stabiliier  plus  rudder), 
numerous  benefits  would  accrue,  as  follows: 

1)  The  site  of  the  hydraulic  power  generating  system  could  be  reduced 
by  33%  (425  pounds). 

2)  .-Ul  hydraulic  power  could  be  eliminated  from  the  tail  of  the  aircraft. 
Hydraulic  power  would  be  replaced  by  electrical  power,  thus  leading 
to  a significant  improvement  in  survivability. 

3)  The  energ>'  storage  feature  of  the  MPP  would  provide  usable  control 
system  power  for  up  to  15  seconds  in  the  event  of  complete  loss  of 
electrical  system  power.  This  would  act  as  a ver>'  desirable 
"bridging"  function  which  would  allow  time  to  gain  a stable  attitude 
and  take  remedial  action,  thus  greatly  enhancing  survivability. 

4'^  The  gross  takeoff  weight  of  the  aircraft  would  be  reduced  by  an 
amount  ranging  from  100  to  400  pounds. 

Figure  5 shows  a similar  load  profile  for  the  subsonic  Boeing  747  air- 
craft. This  shows  that  a 50o  reduction  in  system  2 hydraulic  power  generating 
system  capacity  is  possible  through  the  application  of  utility  function  tv-pe 
MPP's  to  the  body  (aft)  main  landing  gear  and  to  the  inboard  flans.  .\1 though 
not  shown  on  the  chart  of  Figure  3,  similar  reductions  are  possible  in  the 
s\stem  4 hydraulic  power  generating  system  through  application  of  the  MPP  to 
the  wing  (forward)  main  landing  gear  and  the  outboard  trailing  edge  flaps. 
Systems  2 and  3 are  basically  flight  control  systems  and  contain  no  significant 
utility  functions.  In  the  interest  of  standardisation,  the  same  pumps  and 
gearboxes  were  used  in  all  four  systems  leading  to  gross  overcapacity  in 
s>-s terns  2 and  3 (30  gpm  maximum  demand  versus  a 64  gpm  corresponding  capacity) . 
By  allowing  the  reduction  in  size  of  systems  1 and  4,  standardization  can 


still  be  maintained  with  none  of  the  systems  being  grossly  oversized.  In  view 
of  this  system  peculiarity,  the  use  of  MPP's  on  the  "4"  aircraft  would  allow 
an  e.xceptionally  large  reduction  in  gross  takeoff  weight. 

Figure  4 is  the  load  profile  for  hydraulic  system  "C”  on  the  Lockheed 
Lion  aircraft.  It  can  be  seen  that  the  application  of  the  MPP  to  the  landing 
gear  only  is  sufficient  to  reduce  the  size  of  the  pumping  system  by  slightly 
more  than  56 1.. 

Hydraulic  flow  demand  profiles  for  systems  1 and  2 on  the  C.5A  aircraft 
are  shoivn  in  Figure  5.  It  will  be  noted  that  the  profiles  differ  consider- 
ably with  system  1 exhibiting  large  utility  function  demands  and  system  2 
having  large  flight  control  function  demands.  Although  not  shown,  system  5 
is  essentially  similar  to  system  2 (i.e.,  large  flight  control  function 
demands),  and  system  4 is  essentially  identical  to  system  1. 

Examining  system  1 more  closely,  it  can  be  seen  that  if  the  ground 
spoiler  and  landing  gear  system  demands  (both  utility  functions')  can  be 
reduced  to  one-third  of  their  present  values  (i.e.,  1".3  and  22  gum,  respec- 
tively) through  the  use  of  ?IPP's,  the  sire  of  the  pumping  system  (for  both 
systems  1 and  4)  can  be  cut  in  half.  It  is  true  that  the  descent,  apnroacli, 
and  landing  flight  control  system  demand  spikes  will  momentarily  exceed 
capacity  (48  g]5m  demand  v^ersus  40  gimi  capacity).  However,  it  will  also  be 
noted  that  in  system  2,  as  presently  designed  and  sired,  flight  control  sys- 
tem demand  spikes  exceed  capacity  by  at  least  that  much.  It  is  also  true 
that  flap-slat  system  futility  system)  demand  would  also  exceed  capacity 
during  approach  (47  versus  40  gpm) . However,  in  system  1,  as  it  is  presently 
designed  and  sired,  landing  gear  extend  demand  e.xceeds  capacity  by  nearly  as 
much.  These  overdemands  are  taken  care  of  in  the  present  system  through 
inherent  system  accumulator  action  supplemented  by  power  transfer  units,  and 
would  be  taken  care  of  in  the  reduced  sire  MPP-t>'pe  system  in  the  sajne  manner. 

Data  obtained  from  the  Roclovell  International  proposal  on  the  F-14  and 
F-15  (supersonic  high-performance  aircraft)  were  also  examined.  In  common 
with  the  B-1  aircraft,  these  aircraft  indicated  the  need  for  the  development 
of  a flight  control  t\T)e  MPP  before  significant  aircraft  weight  reductions 
can  be  made  in  these  t>'pes  of  aircraft.  The  reason  tliat  this  is  tnie  is  that 
on  high-perfomance , supersonic  aircraft,  a flight  control  surface  (usually 
the  horizontal  tail)  tends  to  become  the  major  power  user,  whereas  on  subsonic 
aircraft,  the  landing  gear  and/or  flaps  (utility  functions)  are  usually  the 
prime  power  users.  Hie  reason  for  the  shift  in  power  demand  arises  from  the 
fact  that  the  power  demand  of  the  landing  gear  and/or  flaps  is  a function  of 
aircraft  weight  and  the  "Q's”  associated  with  landing.  These  "O's"  vary  only 
slightly  between  a subsonic  or  a supersonic  aircraft.  On  the  other  hand,  the 
power  demand  of  a primary  flight  control  surface  is  also  a function  of 


airci-at't  weight  and  "Q",  but  in  this  case,  the  maximum  "0"  v'aries  by  several 
orders  of  magnitude,  dependent  upon  whether  the  aircraft  is  subsonic  or 
supersonic . 

As  a general  "rule  of  thumb,"  if  the  si:e  of  the  power  generation  and 
distribution  system  can  be  reduced  by  half  through  the  application  of  an  MPP 
to  a single  function  (say,  the  landing  gear),  the  weight  saving  in  the  whole 
system  (.generation,  distribution,  and  utilization)  will  be  about  18°  to  20°. 
If,  to  accomplish  the  same  power  generation  and  distribution  size  reduction, 
the  MPP  must  be  applied  to  two  functions  (such  as  the  ground  spoilers  and 
landing  gear  in  the  C5A) , the  weight  saving  per  system  will  drop  to  9%  to  10° 
Since  the  MPP  approach  can  be  applied  to  only  systems  1 and  4 in  the  C5A,  the 
overall  hydraulic  system  weight  saving  (counting  all  four  systems)  will  be  in 
the  4°  to  5°  bracket  (i.e.,  200  to  250  pounds). 

The  work  function  selected  was  the  B-1  main  landing  gear  (MLG)  retract- 
e.xtend  function.  This  work  function  was  selected  for  the  following  reasons: 

1)  It  was  the  highest  energ>'  (power)  demand  utility  function  on  the 
B-1  aircraft  (see  Figure  2). 

2)  It  was  typical  in  terms  of  cycle  time,  peak  power  (55  hp  per  gear), 
and  total  energv'  demand  relativ"  to  most  large  utility  function 
applications  on  all  the  large  subsonic  and  supersonic  aircraft 
studied  in  this  program. 

3)  The  contractor  had  e.cisting  test  facilities  which  were  well  instru- 
mented and  equipped  to  duplicate  the  load-stroke  characteristics 
and  thennal  environment  conditions  of  the  B-1  MLG. 

Figure  b illustrates  the  B-1  aircraft's  ILG  and  flags  out  the  hydraulic 
actuators  with  which  it  is  extended  and  retracted.  The  entire  MLG  actuation 
system  (including  the  two  actuators  and  the  plimibing,  valves,  and  cor.  aincd 
fluid)  weighs  303.2  pounds,  or  151.6  pounds  per  strut.  The  maximum  hinge 
moment  during  gear  retraction  is  1,035,515  inch-pounds,  and  the  maximum 
actuator  output  force  is  10", 100  pounds  at  that  hinge  moment.  Tlie  total 
energ)'  wiiich  must  be  delivered  at  the  output  of  the  actuator  to  retract  the 
gear  (retract  is  the  maximum  energy’  requirement)  is  942,200  inch-poimds.  The 
power  delivered  to  the  actuator  by  the  hydraulic  system  to  achieve  a 7.5- 
second  retraction  is  3b. S"  hp  (15.86  gpm  at  4,000  psi) . 


T.ASK  IB 

This  task  concerned  itself  with  determining  the  loads  and  duty  cycles 
associated  with  the  work  function  selected  in  task  lA.  It  also  conccmcd 
itself  with  establishing  the  design  requirements  for  the  MPP  assembly. 


Load  Stroke  Cunes 


Figures  8,  and  9 show  the  analytically  detemined  load  stroke 
curves  and  energy  demand  values  for  the  B-1  NLG.  In  all  cases,  tliese  analy- 
tical determinations  assumed  a coefficient  of  friction  (u)  of  0.20,  which  was 
considered  characteristic  of  a new  gear  with  tight  bearings  and  ones  which 
have  not  been  "broken  in"  significantly.  It  will  be  noted  that,  in  all  cases, 
the  no  air  load  (aircraft  on  jacks)  energy  demand,  both  resisting  and  aiding, 
was  always  higher  than  the  280  knot  air  load.  In  Figure  8,  it  is  shown  that, 
analytically,  the  no  airload  energy  demands  were  always  higher  than  the  maxi- 
mum (280  knots)  airload  energ>'  demands,  and  that  the  no  airload  retract  cycle 
had  the  highest  energ>'  demand  of  all  (-"86,550  inch-pounds  resisting). 

Figure  8 also  shows  a maximum  aiding  load  energ>'  during  the  extend  cycle  of 
♦486,400  inch-pounds.  This  is  the  energ)'  which  will  tend  to  overspeed  tlie 
flv-wheel  while  it  is  controlling  extend  speed,  and  while  it  is  snubbing  the 
landing  gear  to  a stop. 

Figures  10,  11,  and  12,  duplicate  Figures  ",  8,  and  9,  except  they 
were  based  upon  actual  aircraft  data.  It  will  be  noted  that  the  correlation 
was  quite  good.  In  all  cases,  no  airload  energ>'  demands  were  higher  than 
maximum  airload  demands  and  in  both  cases,  the  maximum  energy  demand  occurred 
under  the  no  airload  retract  condition.  The  correlation  of  actual  values  was 
also  quite  good  for  the  comparative  retract  cycles  with  the  analytical  value 
e.xceeding  the  measured  value  by  5-o  (-786,550  versus  "46,200  inch-poumdsl . 
However,  the  correlation  of  values  for  the  extend  cycle  was  not  quite  so  good. 
In  this  case,  the  actual  aiding  energy  (589,250  inch-pounds)  e.xceeded  the 
analytical  value  (486,400  inch-pounds)  at  no  airload  by  17 j.  In  spite  of  this 
large  amount  of  aiding  energ>’,  however,  the  fl>vheel  should  not  overspeed  to 
any  significant  degree  (probably  less  than  0.05^).  This  results  from  the  fact 
that  the  losses  in  the  screwjack,  its  reduction  gear  train,  and  the  controller 
at  rated  speed  will  exceed  600,000  inch-pounds  during  the  e.xtend  cycle.  The 
net  effect  of  this  near-energy  balance  is  that  the  flow  controlled  motor  will 
alternate  from  'iiotor  to  pump  (hydraulic  brake)  during  local  peaks  and  valleys 
in  the  energy  demand  curve  and  will  terid  to  maintr*’’'  the  flvidieel  at  very 
nearly  constant  (rated)  speed  throughout  the  exte  cycle. 

In  general,  most  of  the  data  gained  from  B-1  testing  ■♦'♦'oborated  analy- 
tical expectations.  However,  there  was  one  set  of  data  w'  h i ' ’ "t  fall  in 
line.  This  is  shown  in  Figure  13.  This  was  a data  reco-!  ..  ,:!  of  i:-,  ‘ jal 

gear  retract  cycle  at  190  knots,  and  indicated  a 942,201  i;,  ihjujw:  erorgc' 
requirement.  On  the  basis  of  analysis,  the  energy  denv  i at  kno.  should 
be  greater  than  that  at  280  knots,  but  less  than  that  ■ ccd  How- 

ever, the  curv'es  (Figure  15)  show  that  it  is  greater  ow.ar  V -Vh  ar.,'  ■.  xceeds 
that  at  zero  airspeed  by  21%  (196,000  inch-pounds).  \'  -here  was  some 

doubt  about  the  validity  of  the  instrumentation  in  t m.-  v)t  position 

(note  that  the  ramp  position  occurs  at  3.3  inches  r.-  'la  r tfa.n  .i:  le  4.1-inch 
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characteristic  of  all  other  data),  there  was  no  reason  to  doubt  the  load 
amplitude  measurements  and  the  fact  that  the  actuator  traveled  through  at 
least  11.8  inches.  On  this  basis,  tlie  total  energ>’  demand  came  out  to  an 
abnormally  high  value  of  942,200  inch-pounds,  and  bec^e  the  basis  for  siting 
tlie  fl wheel. 

Figure  14  is  a composite  cui-ve  which  shows  the  key  maximian  loads  and  the 
load  envelope  developed  by  the  various  load  stroke  cun'es.  It  was  shown  for- 
tius purpose  only,  and  has  no  significance  for  energ>-  demand.  All  loads  and 
energies  shown  are  for  the  390,000-pound  A/C-1. 


In  summary,  the  load  analysis  shows  the  following  as  the  design  pai-am- 
eters  which  were  used  for  design  of  the  NIl’P: 


Max  compression  load 
Max  tension  load 
Nbx  resisting  ener-g>'  demand 
at  actuator  output 
Max  aiding  energx'  demand  at 
actuator  output 


55,500  lb 
107,100  lb 

942,200  in. -lb 

589,250  in. -lb 


Teirrperature  .Xnalysis 

A pictorial  repr'esentation  of  B-1  main  gear  wheel  compartment  tei;per-atur-es 
is  shown  in  Figure  15a  through  15e.  Figure  15a  shows  that,  if  the  airci'aft 
is  cold-soaked  at  -05“  F,  and  if  the  engine  lube  oil  and  the  avionics  systems 
are  watmed  by  some  unusual  means  which  will  not  allow  warn  air  to  flow  into 
the  wheel  well,  the  gear  will  be  at  -65°  F when  it  is  r-etracted,  even  though 
shortly  thereafter  a gradual  temperature  increase  will  occur  as  a result  of 
the  effects  of  the  relatively  warm  ECS  conditioning  air  being  exhausted 
through  the  wheel  well  area.  Tliis  air  is  warm  enough  so  that  the  wheel  well 
stabilizes  at  +20°  F by  the  time  hlgh-altitude  subsonic  cruise  is  reached. 

Figure  15b  shows  that,  in  the  event  of  an  ECS  failure  at  subsonic  high-altitude 
cruise,  the  aircraft  will  descend  and  decelerate  as  rapidh’  as  possible  to 
the  so-called  ram-air  corridor  where  the  available  ram  air  i.s  of  sufficient 
density  and  of  a proper  temperature  to  act  as  an  emergency  coolant  for  tlie 
aircraft's  avionics  equipment.  One  of  the  means  used  to  expedite  the  emergency 
descent  and  deceleration  is  to  e.xtend  the  main  gear.  Under  these  conditions, 
gear  extension  may  occur  with  wheel  well  ambients  as  low  as  -55°F.  Figure  15c 
shows  that  on  alert  status,  wheel  well  ambients  are  not  allowed  to  he  less 
than  -30°  F at  or  before  the  time  of  gear  retraction  after  takeoff.  Figure  15d 
shows  a temperature  condition  in  direct  contrast  to  that  of  Figure  15b.  In  this 
case,  ECS  failure  occurs  during  a supersonic  dash,  and  by  the  time  the  gear 
must  be  extended,  the  wheel  well  ambient  is  +200°  F.  Figure  15e  shows  the 
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wheel  well  ambient  temperature  variations  during  a crew  training  mission. 
Although  the  gear  would  not  normally  be  operated  during  this  mission,  it  could 
occur  and  would  thus  e.xperience  operation  at  any  of  the  temperatures  along  the 
profile.  From  the  data  presented  in  Figure  15  and  general  B-1  aircraft 
requirements,  the  following  were  concluded  about  gear  operating  requirements 
in  terms  of  ambient  temperatures: 

1)  Gear  retraction 

Minimum  temperature  -65°  F 

Minimum  temp  - full  rate  -39°  F 
Maximum  temperature  +200°  F 

2)  Gear  extension 

Minimum  temperature  -55°  F 

Minimum  temp  - full  rate  -30°  F 
Maximum  temperature  +200°  F 

3)  Nonoperating  soak  temperature 


Minimum 

Maximum 


-80°  F 
+265°  F 


Load  and  Thermal  Duty  Cycles 

Based  upon  the  load  and  thermal  analyses  of  task  IB,  the  duty  cycle 
listed  in  Table  1 was  established  for  the  endurance  test.  Code  letters  have 
been  used  in  Table  1 to  describe  load  and  temperature  conditions.  These 
codes,  their  descriptions,  and  the  reason  for  their  selection  are  discussed  as 
follows : 


Number  of 
Load  Cycles 


T.ABLE  1.  ENDURANCE  TEST  LOAD  DUTl'  Q'CLE 


T>'pe  of 
Load  Cvcle 


Load  Cycle  [Code  A).  Load  per  load  stroke  curve  as  shown  in  Figure  9.  This 
load  cycle  represents  the  "high  average"  energy  requirement,  both  aiding  and 
lesisting,  which  would  be  representative  of  most  of  the  landing  gear's  actua- 
tion cycles.  Therefore,  this  cycle  was  used  for  slightly  over  50  percent  of 
the  total  endurance. 


load  Cycle  (Code  Bl.  Load  per  "airload"  curve  as  shown  in  Figure  8 for 
retract  cycle,  and  "airload”  curve  as  shown  in  Figure  7 for  extend  cycle 
Tliis  cycle  generates  the  highest  tensile  loads  (retract)  and  compression  loads 
(extend)  which  will  occur  during  gear  operation  even  though  the  "resisting" 
energy  extraction  and  "aiding"  energy  inputs  are  relatively  low.  Because  of 
its  Iiigh  reversing  loads,  this  cycle  tends  to  fatigue  the  screwjack,  con- 
troller, and  gearing  to  a maximum;  therefore,  it  is  used  for  just  under  50“ 
of  the  cycles. 


Temperature  Condition  (Code  A).  Cold  temperature  cycle  at  -30°  and  -65°  F. 

Tile  NIPP  shall  fi.'st  be  cold -soaked  at  -40°  F for  1 hour,  after  which  the 
temperature  shall  be  brought  up  to  -30°  F and  held  for  1 hour.  The  ^PP  shall 
be  started  and  brought  up  to  speed  ril,968-rpm  hydraulic  motor  speed)  within 
2 minutes.  Thirty  seconds  later,  the  retract  portion  of  the  gear  cycle  shall 
be  initiated,  and  shall  be  completed  within  8.5  seconds.  Two  minutes  after 
the  completion  of  retract,  the  extend  portion  of  the  cycle  shall  be  initiated 
and  completed  within  8.5  seconds.  The  hydraulic  fluid  supplied  to  the  hydrau- 
lic motor  shall  have  w-armed  to  at  least  60°  F by  the  time  the  retract  cycle 
has  been  initiated. 

Following  the  -50°  F test,  the  MPP  shall  be  cold-soaked  to  -80°  F for 
1 hour,  after  which  the  temperature  shall  be  brought  up  to  -65°  F.  The  MPP 
shall  be  started  and  brought  up  to  rated  speed  within  eighteen  minutes.  Two 
minutes  after  rated  speed  has  been  achieved,  the  retract  portion  of  the  gear 
cycle  shall  be  initiated.  The  retract  portion  shall  be  completed  within 
U)  seconds.  Four  minutes  after  the  completion  of  retract  (and  only  if  the 
screwjack  thermocouple  records  temperatures  warmer  than  -55°  F) , the  extend 
poi'tion  of  the  cycle  shall  be  initiated  and  completed  within  10  seconds. 

Operations  analysis  of  the  B-1  bomber  indicates  that  there  is  no  require- 
ment for  -65°  F gear  retraction  in  actual  operational  use.  However,  in  spite 
of  this  fact,  a design  requirement  was  imposed  upon  the  B-1  to  demonstrate 
-65°  F gear  operation  capability.  In  view  of  this,  and  the  fact  that  some 
militai*)’  aircraft  in  whicli  the  MPP  might  be  used  will  have  a real  -65°  F gear 
cycling  requirement,  a -65°  F gear  cycle  is  included  in  the  test  program  to 
show  capability. 


J 


Temperature  Condition  iCode  B) . Oijerate  MPP  at  1~S  tlO°  F ojnlncnt  (aftei’ 
2-hour  soak)  with  210  +0  -30°  F lubrication  and  cooling  oil  suppl\’.  Although 
the  main  gear  well  in  flight  nev'er  exceeds  2b5°  F isec  Figure  15dl,  and  tlic 
gear  is  never  asked  to  operate  at  temperatures  higher  than  200°  F,  the  design 
requirements  for  the  B-1  aircraft  specify  2"5  il0°  F ambient.  Theretore,  this 
ambient  temperature  is  used  for  the  MPP  program.  As  previously  indicated, 
task  I studies  hav'e  detemined  that  a utility  function  MPP  without  the  backing 
of  a flight  control  tvpe  MPP  cannot  save  weight  on  a super.'^onic  aircraft,  and 
is  confined  to  applications  on  subsonic  aircraft.  Under  these  conditions 
(i.e.,  in  subsonic  aircraft),  maximum  wheel  well  temperatures  will  range 
between  140°  and  184°  F.  The  lower  limit  is  more  t>pical  of  most  high- 
performance,  subsonic  aircraft  flying  close  to  the  deck  (500-foot  altitude) 
over  the  desert  on  a hot  day.  The  upper  limit  is  the  temperature  in  tlie  B-1 
wheel  well  under  the  same  conditions.  The  difference  lies  in  the  fact  tliat 
avionics  cooling  exhaust  air  is  dujnped  into  the  wheel  well  on  the  B-1  and 
causes  the  additional  temperature  rise.  The  ultimate  objective  of  the  MPP 
design  will  be  to  reject  the  MPP's  self -generated  heat  in  its  immediate  area. 
Depending  upon  the  installation,  the  means  used  can  v'ary  widely  as  illustrated 
in  the  following: 

1)  In  the  normal  high-altitude,  high-subsonic  aircraft  (~0“,  DCIO, 

C5A,  etc),  reject  heat  directly  to  the  wheel  well  ambient  by  con- 
duction, radiation,  and  self-induced  convection. 

2)  In  the  low-altitude,  high  subsonic  aircraft  (i.e.,  penetration  mis- 
sions for  B-1  or  F-111) , or  the  high-altitude,  low-supersonic 

(M  1.7)  aircraft,  reject  heat  by  means  of  oil  to  fluid  heat 
e.xchanger,  if  hydraulically  driven,  or  by  means  of  an  integral  fan- 
cooled  heat  e.xchanger,  if  electrically  driven,  or  by  means  of 
avionics  cooling  exhaust  air,  if  available,  or  by  any  combination 
of  the  aforementioned. 


J 


I • 
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3)  In  high-altitude,  long-range,  high-supersonic  IM  2.0)  aircraft 

reject  heat  remotely,  such  as  to  an  oil  to  fuel  heat  exchanger,  or 
design  for  extreme  high- temperature  operation  (450°  F or  greater) 
so  that  heat  rejection  can  be  done  locally. 


For  the  purposes  of  this  program,  it  is  assumed  that  the  MPP  w 11  be 
designed  to  fully  meet  the  requirements  of  the  aforementioned  items  1 and  2, 
and  the  remote  heat  e.xchanger  portion  of  item  3.  On  this  basis,  oil  supply 
temperatures  in  the  180°  F range  give  a high  enough  mean  temperature  in  the 
unit  (230°  to  260°  F,  with  300°  F maximum  at  any  point  in  the  ^PP)  to  reject 
heat  directly  in  the  item  1 case,  and  with  fan  assistance  in  the  item  2 case 
It  is  also  a compatible  temperature  for  use  in  the  fuel  heat  exchanger  of 
item  3. 
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Temperature  Condition  iCode  Cl.  Operate  the  MPP  at  "0°  :20°  F-  ambient  tem- 
perature with  130°  tl0°  F lubrication  and  cooling  oil  supply.  This  will  be 
the  temperature  range  used  in  the  greater  portion  of  the  testing.  It  repre- 
sents the  average  conditions  which  should  exist  during  a majority  of  takeoffs 
and  landings,  and  because  it  allows  tests  to  be  conducted  outside  the  thermal 
control  chamber,  simplifies  testing. 


T.\SK  II  - DESIGN  .WT)  F.^RICATION 


0RIGIN.AL  DESIGN  CONCEPT 

The  general  arrangement  of  the  MPP,  as  originally  conceived,  is  shown  in 
Figure  lb.  Although  the  specific  relationship  of  the  components  had  to  be 
revised  to  fit  in  the  space  available  surrounding  the  existing  B-1  MG 
hydraulic  actuating  cylinder,  the  operating  principles  and  power  flow  direc- 
tions did  not  change  throughout  the  program.  The  basic  components  making  up 
the  .'IPP,  and  a brief  description  of  their  function,  is  as  follows.  Note  that 
various  speeds,  dimensions,  and  loads  are  listed  with  various  component  des- 
criptions. In  all  cases,  the  number  preceding  the  slash  is  the  original 
concept  value  and  that  following  is  the  final  design  value. 

1)  .A  conventional  axial  piston  type  hydraulic  motor  - This  motor's 
power  deliver)’  is  one- fifth  that  of  the  hydraulic  actuator  currently 
used  for  retracting  and  extending  the  main  landing  gear.  The  motor 
supplies  the  power  to  wind  up  the  flwheel  and  assists  the  fl>vvheel 
in  driving  the  main  landing  gear  during  extension  and  retraction. 

2)  .An  adapter  gearbox  - The  adapter  gearbox  performs  several  functions; 

a)  It  transmits  power  between  the  motor,  the  flywheel,  and  the 
input  to  the  controller. 

bj  It  steps  up  speed  from  the  motor  (24,000/11,968  rpm)  to  the 
flywheel  (100,000/88,235  rpm)  and  to  the  controller  input 
(25,000/15,000  rpm). 

c)  It  delivers  lubricating  and  cooling  oil  to  the  flvavheel  and  the 
controller  as  well  as  meeting  its  own  internal  demands. 

3)  A high-strength  steel  flywheel  - The  flywheel  stores  energ>’  in  a 
high-speed  (100,000/88,235  rpm)  small -diameter  (6/7.125-inch) 
spinning  disk  of  optimized  cross  section  and  makes  it  available 
for  extending  and  retracting  the  gear. 
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4)  .\n  infinitely  variable  traction  transmission  t>pe  controller  - The 
controller  accepts  unidirectional  rotational  power  at  high  speed 
(25,000/15,000  i-pm)  and  delivers  it  as  selectable  bidirectional 
power  at  its  output.  The  controller  is  able  to  deliver  full  power 
in  the  gear  extend  or  retract  direction  or  zero  power  at  neutral. 

It  is  also  able  to  snub  the  gear  to  a stop  at  the  completion  of 
cycles  in  either  direction  and  can  limit  its  internal  torque  to  a 
maximuiTi  value  (240/405  in. lb)  such  that  it  will  not  overload  the 
output  power  train. 

5)  A screwjack  actuator  - This  actuator  accepts  high  speed  (12,500/ 
",500  rpm)  bidirectional  power  from  the  controller  and  converts  it 
to  linear  actuation  power  (10', 500  pounds  maximum  at  l.'l  inches 
per  second)  to  raise  and  lower  the  main  landing  gear.  This  actuator 
fits  in  the  place  of  the  present  hydraulic  actuator. 


MPP  SVSTDI  DESIG.\ 

The  objective  of  the  program  was  to  design  and  build  an  MPP  which  would 
fit  in  the  same  place  as  the  present  hydraulic  actuator,  and  one  which  would 
carry  the  sajne  load  at  the  same  rate  and  general  1>-  perfomi  in  the  same  manner 
while  demanding  only  one-fifth  the  peak  power.  To  do  this,  the  functional 
chai'acteristics  of  the  existing  hydraulic  actuation  system  had  to  be  defined, 
particular!)’  witli  reference  to  maximun  energy  demand  per  cycle.  This  was 
necessary  because  the  Tlwheel  is  an  energy- 1 imited,  rather  than  a power- 
limited,  device.  In  addition,  the  projected  performance  requirements  and 
characteristics  of  the  MPP  system,  and  its  component  parts,  had  to  be  accu- 
rately defined  to  act  as  a guide  for  component  design  and  for  the  creation  of 
component  procurement  specifications.  Tliese  functional  characteristics  and 
performance  requirements  are  enumerated  in  the  following  paragraphs. 


Existing  Actuation  Svstem  Gharacteristics 


The  existing  system  uses  a single  linear  unbalanced  actuator  for  each 

gear. 

1)  Actuator  characteristics: 


Rated  pressure 
Bore  dimeter 
Rod  diameter 
Extend  area 


= 4,U()()  psi 
= b.'24  in. 

= 2.99'  in. 

= 55.15  in.- 


Retract  effective  area 
St  roke 

Ma.vimun  actuator  load 
(Assumes  ^ = 0.2  in 
1 inkaije) 


= 28.46  in.^ 
= 12.841  in. 


= 107,100  lb  (Retract) (See  Figure  8) 


2 I System  characteristics : 


Maximum  hinge  moment  = 1,035,515  in. -lb 
Maximum  energy  required: 


Theoretical  = 786,550  in. -lb 

(See  Figure  9) 

.'laximum  measured  = 942,200  in. -lb 

(See  Figure  13) 


^laximum  flow  rate  to 
actuator 

Power  input  to  actuator 

15. "9  GPM  X 4000  PSI 
1"14 


= 15.79  gpm 


= 56.85hp* 


*Power  computed  is  that  generated  at  the  hydraulic  system  pumps 
height  (lb); 


Actuators  = 235.0 
Control  valve  = 12.0 
Fluid  = 28.0 
Flow  regulators  = 5.0 
PluJTibing  = 23.2 

Total  = 303.2 
Per  gear  = 151.6 


Actuation  time 


= ' . 5 Seconds 


Replacement  Svstein  (MPP)  Characteristics 


Tlic  replacement  system  was  generally  configured  as  shown  in  Figure  lb. 
Die  following  data  provided  a basis  for  system  analysis  and  tlie  preparation 
of  initial  drawings  ;uid  specifications. 
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1)  System  characterist ics : 


Maximum  hinge  moment 
Maximiun  energy  required  (hm) 
'•laximum  power  input  to  MPP  (HP^) 
Actuation  time  (ta) 


= I ,035,515  in. -lb 
= 942,200  in. -lb 
= 3(3.85/5='. 4 hp 
= '.5  Seconds* 


*For  purposes  of  design,  it  was  assumed  that  the  system  output 
accelerated  linearly  to  operational  speed  at  the  beginning  of  the 
stroke  in  1 second  and  decelerated  to  0 at  the  end  of  the  stroke 
in  a similar  manner.  It  was  assumed  that,  in  between  acceleration 
and  deceleration,  the  output  moved  at  uniform  speed  lor  5.5  seconds. 

21  .Actuator  characteristics: 


Ball  screw  t>pe  screwjack  actuator 
Ball  circle  diameter 
Ball  diameter  (Bp) 

Ball  tuiTis  (Bj) 

Lead  | L) 

Stroke  fS) 

Maximum  operating  load 
Maximum  end  stop  load  (Psl) 
Screwjack  output  speed  i.\) 


= 4.000  in. 

= 0.750  in. 

= 3.50  turns 
= 1.00  in. 

= 12.841  in. 
= 10",  100  lb 
= 115,185  lb 
= rpm 


60  sec/ 


.V  = 


min  X 6s 


* tau  * t 


*-aD 


L 1 in/rev 


= 12.841  ^'^^’^stroke 


^aA  ~ accelerate  = 1 second 

tau  = Time  at  uniform  speed  = 5.5  seconds 

taD  = Time  to  decelerate  = 1 second 


N = 


60  .X  12.841  _ 770.46 

1/2  + 5.5  + 1/2  " 6.5 


= 118.53  rpm 


Maximum  input  torque  to  ballscrew  (Tg)  = in. -lb 


T = 


B 2it  eg 


hi 


I 
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Once  the  component  speeds  had  been  tentatively  established  it  became 
apparent  that  a fairly  detailed  power  analysis,  including  parasite  losses  for 
all  components  upstream  of  the  screw-jack,  would  be  required  before  adequate 
procurement  specifications  for  the  controller  and  adapter  gearbox  could  be 
prepared.  The  MPP  is  particularly  sensitive  to  the  validity  of  the  results 
of  this  tv-pe  of  analysis  since  it  is  an  energ>'  storing  unit  operating  with 
minimum  available  input  power  rather  than  being  a conventional  power  transfer 
unit  with  adequate  input  power.  Parasite  losses,  of  a magnitude  which  would 
be  barely  noticeable  in  a conventional  power  transfer  arrangement,  could  be 
disastrous  to  an  energy  storing  unit. 


Figure  17  is  a condensed  summary  of  a whole  series  of  power  system 
analyses,  each  of  which  represented  incremental  refinements  to  its  predecessor 
as  more  was  learned  about  the  probable  design  approach  which  would  be  used  for 
each  component.  Figure  17  works  backward  from  the  known  output  requirements 
(i.e.,  the  known  maximum  load  P^  and  retract  cycle  time  Ct^)  established  by 
B-1  aircraft  requirements)  through  important  interface  points  of  the  various 
components  to  the  input  power  sources  (i.e.  to  the  hydraulic  motor  and  fly- 
wheel). The  computation  of  the  full  load  torque  and  power  characteristics 


MPP  POlyTR  FLOW  .AN.ALYSIS 


Wliere:  = Ballscrew  efficiency  = 0.9U9 

D 


Using  the  known  hydraulic  motor  speeds  as  an  input  and  the  assumed  output 
actuator  characteristics  shown  in  item  2]  above,  a set  of  speed  requirements 
for  the  other  elements  of  the  Mi’P  was  established.  Originally,  these  speeds 
were  those  shown  before  the  "slash  mark"  (see  pages  2r»  and  2S!,  but  gradually, 
through  continued  analysis,  and  negotiations  with  potential  component 
suppliers,  they  changed  to  become  those  shown  in  Table  2.  'llie  Table  2 values 
very  closely  approached  the  final  speed  values  used  in  the  delivered  components 
(i.e.,  the  "after  slash"  values  shown  on  pages  2b  and  28),  and  were  the  speeds 
used  for  system  analysis. 

T.\BLF.  2.  ACTUATION  SVSTFM  SPFF.DS 


Minimum  Average  Rateu  . 

spved  (RPM)  speed  (RPM)  speed  I RPM)  In.,-  ! <■ 

(iO-i  energ>-)  CS'j  energ>-)  i 1001  energ>-)  [ | 

'04  speed)  | (8b4  speed)  (100*,  speed)  ' 


Lomponent 


H>'draulic  motor 
FI  heel 
Controller  in 
Controller  out  i - ) 
Ballscrew  in  ft) 


\sere  fairly  straight fonvard  up  to  the  controller  output  pad.  Tlie.-^e  conputa- 
tions  have  already  been  illustrated  under  actuator  characterist ics  listed 
previously.  It  will  also  be  noted  that  Fivjure  1“  shows  the  torque  and  pouer 
(always  at  niaxiniiuii  output  load)  at  three  selected  speeds.  T!ie  selected  speeds 
were  100'!,,  So o , and  "()“>  of  rated  speed. 

The  rationale  for  this  speed  selection  is  based  upon  fludieel  character- 
istics and  can  be  seen  in  Figure  IS.  This  figure  shows  the  percent  of  rated 
kinetic  energ>'  storage  in  the  fludieel  versus  pei'cent  or  rated  speed.  It 
shows  tliat  slightly  over  50°  (51°)  of  the  energy  available  in  the  fUnvlieel  can 
be  e.Ktracted  by  reducing  the  fludieel  speed  50°^  to  "0°  of  rated  speed.  Super- 
ficially it  would  appear  desirable  to  extract  all  tlie  available  energy  from 
the  flxavheel  by  reducing  its  final  speed  to  zero  tluis  reducing  the  site  and 
weight  of  the  flndieel  required  by  at  least  a factor  of  two.  However,  since 
the  screwjack  output  is  directly  geared  to  the  fludieel,  this  would  lead  to 
long  landing-gear  retract  (or  extendi  cycle  time  and  thus  be  unacceptable.  In 
contrast,  a reduction  to  “Oo  of  rated  speed  theoretically  adds  only  1.5 
seconds  to  the  landing-gear  cycle  time  and  is  an  acceptable  amount.  However, 
even  a modest  increase  beyond  this  to  50°  speed  reduction  (50°  rated  speed) 
would  more  than  double  the  landing-gear  cycle  time  by  adding  9.5  seconds  and  is 
hack  in  unacceptable  range.  For  this  reason,  30°  speed  reduction  ("0°  rated 
speed)  was  selected  as  the  optimum  compromise  between  fl^vheel  weight  and  sys- 
tem effectiveness.  Eighty-six  percent  is  a natural  fallout  of  the  ~0°  rated 
speed  selection.  If  "O®  rated  speed  represents  the  maximum  energx-  (51°  of 
available)  which  will  be  extracted  from  the  fl>vheel,  86°  rated  speed  repre- 
sents 50“  of  the  maximLun  (25.5°  of  available)  and  was  a handly  v'alue  for  use 
in  roughing  out  projected  .\IPP  performance. 

It  will  be  noticed  in  Figure  1"  that  losses  between  interface  points  and 
torques  at  interfaces  are  based  on  a fi.xed  efficiency  (ball  screw,  input  gear 
train,  and  gearbox)  or  one  that  varies  only  slightly  with  speed  (controller, 
hydraulic  motor).  Although  not  strictly  correct,  the  assumption  of  a unifonn 
unchanging  efficiency  throughout  the  narrow  speed  range  ("0°  to  100°  rated 
speed)  under  consideration  in  this  program  was  felt  to  be  well  within  the 
accuracy  limits  required  for  establishing  specification  requirements.  This 
was  borne  out  by  the  hydraulic  motor  and  controller  analysis,  where  consider- 
ably more  effort  was  e.xpended  in  trying  to  predict  probable  losses  and 
efficiencies  in  the  belief  that  they  might  vary  in  a highly  nonlinear  way  with 
respect  to  speed.  In  the  case  of  the  hydraulic  motor  (Figure  l"),  even  though 
the  torque  and  speed  varied  significantly,  the  efficiency  only  varied  tl°  from 
I a mean  efficiency  of  88  percent.  In  the  case  of  the  controller  (Figure  17), 

tlie  variation  was  ev'en  less  (95.3°  r0.3°o).  The  ball  screw  loss  characteristics 
I used  to  assist  in  dete^Tnining  specification  requirements  is  shown  in  Figure  19. 

j .As  indicated  in  Figure  1^,  this  curve  (Figure  19)  is  based  on  a 90.9°o  full 

I load  efficiency  derived  from  Saginaw  ball  screw  performance  data.  .An  input 

! gear  train  efficiency  of  ’'5  percent  was  used  for  creating  the  loss  curves 
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Horsepower  loss 


100'^  ratings 

Output  load  = 

107.100  In. -lb 

Output  speed  = 

1 .9755  i n ./sec . 

Input  torque  = 

18,751.92  in. -lb 

Input  speed  = 

118.53  r pm 

Output  power  = 

35.26  H.P. 

% rated  torque 

20 

30 

O 

\-n 

o 

o 

70 

80  86  90 

rated  speed 

(bal 1 nut) 

Figure 

IP. 

toll  .Screw  I.o.s.s 

Cha  mete  r i s t i c.’? 

shown  in  Figure  20.  The  use  of  this  low  efficiency  v'alue  was  based  on  the 
assumption  that  a major  element  of  the  input  gear  train,  to  achiev'e  the 
ov'erall  65.28:1  I'atio  required,  would  be  a worm  gear. 

With  these  efficiencies  the  full  load  power  output  at  100"j  speed  raises 
from  32.0b  hp  at  the  screw  jack  output  rod  end  to  4'’.02  hp  at  the  screw;  ack 
controller  interface  (Figure  I"’)  and  the  controller  output  torque  becomes 
594. "2  in. -lb.  The  screwjack  controller  interface  represents  the  point  in 
the  system  where  parasite  losses  become  critical.  Downstream,  the  screwjack 
operates  for  only  short  bursts  (9  seconds  ma.ximum)  and  the  rest  of  the  time 
is  effectively  disconnected  from  the  system.  Wlien  it  operates,  it  has  an 
essentially  unlimited  (assuming  the  fl>-Avheel  is  wound  up  to  speed)  source  of 
power  to  draw  upon.  Therefore,  within  limits,  losses  are  not  a driving  factor. 
Upstream,  as  previously  indicated,  the  situation  is  reversed  and  losses 
become  a controlling  factor.  For  this  reason,  a greater  effort  was  made  to 
accurately  predict  the  probable  performance  of  these  components. 

Figure  21  shows  the  predicted  loss  characteristics  of  the  controller. 

This  prediction  assumed  that  the  controller  would  be  a small  high-speed 
(24,000  rpm  input)  low  torque  (240  in. -lb  max)  unit,  similar  to  that  shown 
in  Figure  22.  (.A  detailed  discussion  of  the  controller  is  included  later.) 

It  was  to  be  a roller  toroid-t)'pe  infinitely  variable  traction  transmission 
using  compound  planetary  gearing  and  brakes  to  achieve  bidirectional  output. 

The  arrangement  shown  has  relatively  low  mean  toroid  and  gear  speed  at  rero 
output.  .All  the  gears  e.xcept  the  differential  planetaiy  are  stationarx'  and 
the  output  toroid  is  in  a speed  decreased  ratio  position  (i.e.,  operating  at 
a speed  less  than  the  input  toroid).  This  means  that  at  :ero  output  speed, 
where  the  unit  operates  mainly  and  which  is  the  condition  that  exists  during 
the  critical  flv-wheel  charging  phase,  the  losses  due  to  windage  and  lubricant 
threshing  are  low.  This  accounts  for  the  assumed  loss  curve  shovvn  in  Figure  21 
which  starts  at  relatively  low  values  at  :ero  output  speed  and  increases  at 
higher  output  speeds  as  output  toroid  and  output  gear  speeds  increase. 

Figure  21  shows  families  of  curves  each  family  consisting  of  various 
percent  rated  output  torque  curves  from  0 to  100%.  Each  family  represents 
controller  losses  at  various  output  torques  but  at  one  particular  input  speed. 
The  input  speeds  selected  were  those  settled  upon  earlier  i.e.,  15,000  rpm 
(100%  rated  input  speed,  maximum  energy  storage),  12,900  rpm  (86%  rated  input 
speed,  50%  of  e.xtractable  flyivheel  energy  extracted),  and  10,500  rpm  ("0% 
rated  input  speed,  all  extractable  fl)Tvheel  energy  e.xtracted) . The  critical 
loss  is  the  so  called  parasite  loss  which  is  labeled  in  Figure  21  and  is  the 
loss  which  occurs  at  100%  rated  speed  and  at  zero  output  torque.  This  is  the 
loss  which,  combined  with  the  parasite  losses  of  the  other  upstream  com- 
fxjnents,  determines  the  steady  state  power  which  must  be  put  into  the  MPP  at 
all  times  (other  than  when  the  landing  gear  is  being  actuated)  if  the  flywheel 
is  to  be  maintained  at  full  speed  and,  hence,  at  full  charge.  In  Figure  21 
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Horsepower  loss 


Loss  horsepower 


the  eririeal  loss  for  tiic  controller  was  assumed  from  the  curves  as  l.bb 
itorsepower  w!\ile  rite  maNimvnn  instantaneous  loss  was  presumed  not  to  exceed 
J.4"  horsepower. 

rhe  a.ssimicd  gearbox  losses  are  shown  in  Figure  25.  Those  curves  were 
constructed  based  upon  tlie  following  assumptions: 

li  i’he  overall  efficienct'  of  tlie  unit,  including  lube  and  scavenge 
pump  losses,  is  95‘j  at  full  load  and  rated  speed.  This  is  based 
i;pon  tlie  assumption  of  2 + j loss  per  mesh  and  2 meshes  per  gear 
train  li.e.,  the  fUadieel  train  and  the  liydraulic  motor  train). 

2 Hte  luiu'- scavenge  piutp  system  circulates  3.1  gpm  of  fluid  at  rated 
speeii  and  "3  psi,  is  "('"j  efficient,  and  its  losses  decrease  linearly 
with  sneed. 


due  to  load  are  151.  of  total  losses  throughout  the  speed 


range . 


4i  bindage  and  threshing  losses  are  a major  contributor  to  losses  in 

th.e  gearbox  s>'stem  at  liigh  speed  and  vary  as  the  square  of  the  speed. 

l!ie  windage  and  thresliing  losses  are  those  losses  which  are  solely  a 

function  cf  speed  and  will  exist  in  the  gearbox  whether  it  is  carrying  load 
or  not.  i'he  load  losses  are  the  incremental  changes  in  loss  which  occur  as  a 
result  of  applving  load  to  tlie  gearbox  output.  It  was  felt,  at  the  time  of 
making  these  assumptions,  that  the  actual  percent  load  loss  wtis  probably 
closei-  to  501  of  total  loss  rather  than  the  131  assigned  to  it.  However,  151 
was  selected  as  giving  tiie  :iiost  conservative  (highest)  parsite  loss  curve. 

ri'.e  flis^heel  loss  cliaracterist ics  are  shown  in  Figure  24.  Tlie  actual 
dcto;-ainat  ion  of  this  curve  is  dependent  upon  fUnvheel  site  wliich  in  its  turn 
is  dependent  iinon  the  total  energi-  recpiired  from  the  flnvheel,  both  for 
perfcrr.ing  t!ic  most  demanding  actuation  function,  and  for  offsetting  the 
losses  occuri'ing  during  the  actuation  cycle.  Fliadieel  design,  siring,  and 
cnerg}-  storage  requirements  will  be  discussed  later  and  the  rationale  for 
determining  :'!\whee!  sire  will  be  made  clear  at  that  time.  For  tlie  moment, 
it  only  need  iio  iinderstood  that  the  cuiwe  in  Figure  24  is  based  upon  the 
f!;m.dieel  final  I v selected,  after  several  iterations,  for  the  program. 

Cnee  a flw.beel  configuration  is  deternined,  the  magnitude  of  the  losses 
vciiucs  as  tlie  square  of  the  speed  in  accordance  with  the  fornula  on  iiage  2b 
of  Reference  1.  Using  the  known  ch.iracteristics  of  the  fln^heel,  tlie  pro- 
bable windage  loss  at  rated  speed  was  deteimiined  from  page  2b  and  Figure  4 
of  Reference  1.  ibis  value  was  detennined  as  O.bSS  hp  based  upon  operating 
in  1 'l''i'th.  jtimosphere  environinent  id.  11'  psial.  It  was  assumed  that  the 


*1 


Loss  horsepower 


Figure  24.  Flywheel  Loss  Characteristics 
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flywheel  disk  losses  would  be  one-third  of  the  total  losses,  with  the  other 
two-thirds  being  generated  by  the  bearings  and  seals.  This  lead  to  the 
assumption  of  2.06  hp  as  the  total  loss  for  the  flywheel  system  at  rated 

speed.  Using  the  formula  shown  in  Figure  24,  a curv^e  was  plotted  to  give  the 

projected  loss  values  at  other  speeds  (percent  rated  speed)  from  which  it  was 
assumed  that  the  loss  at  86%  rated  speed  would  be  1.52  hp  and  the  loss  at 

70%  rated  speed  would  be  1.01  hp.  This  plot  further  assumed  that  bearing  and 

seal  losses  would  show  the  same  second-power  relationship  with  respect  to 
speed  as  that  shown  by  the  flywheel. 

The  last  component  involved  in  the  power  flow  analysis  is  the  hydraulic 
motor.  Unlike  the  rest  of  the  components,  the  hydraulic  motor  was  an  existing 
fi.xed  displacement  4,000  psi  rated  unit  .\M05C)  whose  perfomance  could 

be  predicted  quite  accurately.  The  performance  data  are  tabulated  in  the 
upper  right  portion  of  Figure  1"’.  These  data  show  that  hydraulic  motor  effi- 
ciency increases  slowly  with  decreasing  speed  over  the  noimal  operating  speed 
range  (70  to  100%  rated  speed).  Comparing  the  output  power  of  the  hydraulic 
motor  shown  in  Figure  17  to  the  required  gearbox  inputs  tabulated  in  the  upper 
center  of  Figure  17  shows  that  the  motor  should  meet  the  one-fifth  power 
requirement  (i.e.,  the  hydraulic  motor  should  supply  no  more  than  20%  of  the 
total  power  requirement  of  the  whole  MPP  unit)  stated  in  the  contract.  At 
rated  speed,  the  motor  is  projected  to  supply  14.5%,  at  average  speed  16."%, 
and  at  minimum  speed  18.4%  of  t'le  total  power  requirement.  Data  which  can  be 
derived  from  the  tabularized  data  in  Figure  17  (hydraulic  motor  and  parasite 
loss  data)  show  that  the  motor  is  projected  to  operate  at  pressures  well 
below  3,000  psi  for  most  of  its  life.  IVhen  operating  in  the  charged  standby 
condition,  the  operating  pressure  should  be  less  than  2,105  psi. 


ENERGY  .ANALYSIS 


One  of  the  most  important  factors  involved  in  completing  the  system 
definition  phase  was  to  determine  the  energy  which  must  be  stored  in  the 
flnvheel  and  through  it  define  the  flywheel  site.  The  energy  needed  in  the 
flywheel  will  be  the  energy  required  for  the  worst-case  actuation  function, 
plus  the  losses  occurring  in  the  actuation  system,  minus  the  energy  supplied 
by  the  hydraulic  motor  during  the  actuation  cy^cle.  This  may  be  stated  in 
equation  form  as  follows: 


wiiere 

E„  = Energy  available  fox  extraction  from  flvwheel 

r ' 

E^  = Energy  output  required  to  perform  function 
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= Stun  ot  losses  of  all  components  in  MPP  dovvTistream  of  hydraulic 
motor  (i.e.,  fl>'V(heel , gearbox  and  controller) 

E^l  = Energ>'  supplied  by  hydraulic  motor  during  actuation  cycle 


The  load  stroke  curve  of  Figure  13  represents  the  worst -case  energv- 
demand  condition  and,  as  shown  in  the  figure,  has  an  energx'  demand  of  942,200 
in. -lb.  Eq,  therefore,  equals  942,200  in. -lb.  Certain  assumptions  were  made 
to  determine  the  other  energ>-  values  fi.e.,  Ef,|  and  El).  These  assumptions 
were  as  follows: 


1)  The  loss  values  for  the  various  components  were  determined  at  861 
rated  speed  and  70%  rated  load.  86%  rated  speed  was  selected 
because  this  represents  the  average  speed  at  which  the  unit  will 
operate  during  a worst-case  cycle.  70%  load  was  selected  because, 
as  can  be  seen  in  Figure  13,  it  represents  the  average  load  (or 
torque)  at  which  all  components  in  the  MPP  will  operate  during  the 
cycle.  Triangular  tic  marks  are  placed  on  all  loss  curves 
(Figures  19,  20,  21,  23,  and  24)  to  indicate  the  value  of  the 
average  hp  loss  occurring  during  the  worst-case  actuation  cycle. 

2)  The  flywheel  starts  to  slow  down  (deliver  energ>')  at  the  same  time 
that  the  hydraulic  motor  hits  full  load,  both  of  which  ev'ents  occur 
0.50  second  after  cv’cle  initiation. 


3)  The  fl wheel  energy  deliver)'  time  is  6.0  seconds  based  upon  the 
following : 

".5  sec  cycle  time  - 0.5  sec  at  beginning  of  cycle,  1.0  sec  snub 
time  at  end  of  cycle  =6.0  sec  net 


4)  E\|  is  determined  based  on  the  average  of  the  output  powers  listed 

for  the  hydraulic  motor  in  Figure  1"  (i.e.,  “.13  hp) . 

Using  the  preceding  assumptions,  E\|  may  be  found  as  follows: 

Em  = 6,600  -- 'y-  X 6.0  sec  x “.13  hp  = 282,348  in. -lb 
sec  hp  ^ 

El  may  be  found  as  follows: 


where 


= Sum  of  average  loss  horse’;^owers 
= +2.28  hp  ball  screw  loss  (Figure  19) 

+8.54  hp  screwjack  reduction  geartrain  loss  (Figure  20) 

+1.92  hp  controller  loss  (Figure  21) 

+1.88  hp  adapter  gearbox  loss  (Figure  25) 

+1.52  hp  flywheel  loss  (Figure  24) 

= 16.13  hp  total 

therefore 

= 6,600  X 6.0  X 16.15  = 638, "48  in. -lb 

Based  on  the  foregoing,  the  energy  which  must  be  available  for  cxtiaction 
from  the  flvvheel  as  a result  of  a 30 j speed  reduction  (i.e.,  Ep)  ma\-  he  found 

E„  = 942,200  +638, "48  - 282,548 

r 

= 1,298,600  in. -lb 

Since  the  energy  extractable  from  the  flwheel  (EfI  at  50"  speed  reduction 
is  51%  of  the  total  (Figure  18)  , the  total  energy  stored  in  the  fl^avlicel  must 
be  nearly  double  that  used.  The  total  energ>'  required  in  the  fl>-wheel  Epr  i-' 
found  based  on  the  following  relationship: 

if  ■ oVl  hF  • Ep 

r 

= 1.961  X 1,298,600  = 2,54q,554  in. -lb 
Applying  a safety  margin  of  25%  gives 

Epp  X 1.23  = 3,132,261  in. -lb 
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NIPP  SYSTEM  PROaJRlL^IE^T 


The  uork  completed  under  "MPP  System  Design"  provided  the  basis  for 
vvTiting  procurement  specifications.  Procurement  specifications  were  uritten 
for  the  following  components  and  are  included  in  this  report  as  Appendix  A; 

n Ge-.rbox  ( \A-75-5b3A) 

2)  Controller  iNA-“5-401A) 

51  Screwjack  (NA-~5-527) 

As  previously  pointed  out,  the  system  design  and  analysis  was  an  itera- 
tive and  refining  process  which  continued  on  through  the  design,  analysis, 
and  procurement  cycle.  For  this  reason,  all  specifications,  and  particularly 
tlie  first  two  issued  (gearbox  and  controller),  differ  in  some  small  details 
from  the  values  given  in  Figure  1'  and  Table  2.  As  an  example,  the  maximum 
torque  loads  during  cycling  given  in  the  gearbox  specification  (,\.A-"5-363A, 
Table  II)  is  44,  34,  and  253  in. -lb  for  the  hydraulic  motor  pad,  flwv'heel  pad, 
and  controller  pad,  respectively,  while  the  corresponding  Figure  1~  values 
(i.e.,  the  final  design  values)  are  essentially  equal  or  less,  being  44. ~0, 
51.95,  and  20". 94  in. -lb.  In  those  few  instances  where  Figure  1"  values  were 
significantly  higher  than  the  values  appearing  in  the  specification  (i.e., 
hydraulic  motor  stall  torque  - 59.21  in. -lb  in  Figure  17  and  45.4  in. -lb  in 
the  specification) , negotiations  were  conducted  to  determine  that  the  predic- 
ted loads  would  fall  well  within  the  inlierent  safety  factors  incorporated  in 
tile  component  design. 

Although  it  was  intended  that  the  gearbox  contract  be  the  first  one 
awarded,  the  controller  contract  was  actually  the  first.  This  contract  was 
awarded  to  Traction  Piopulsion,  Inc.,  on  a competitive  bid  basis  after  three 
prospective  suppliers  had  been  contacted,  two  of  whom  submitted  viable  bids. 
The  gearbox  and  screw) ack  contracts  were  also  awarded  on  a competitive  bid 
-asis  in  which  two  viable  bids  were  also  received.  The  successful  bidder  on 
the  gearbox  was  John  Maddock,  a consulting  engineer  and  specialist  in  gearbox 
design.  The  successful  bidder  on  the  screwjack  was  also  John  Maddock. 


COMPOM:.Vr  DESIGN 

Once  the  speed,  load,  and  loss  requirements  had  been  defined  and  specifi- 
cations had  been  issued,  detailed  design  of  the  various  components  could  pro- 
ceed at  Rockivell  and  at  the  subcontractors.  The  design  considerations  and 
detailed  designs  of  each  major  com.ponent  are  discussed  in  the  following  order; 

11  FI  wheel 

2)  Gearbox 
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3) 


Controller 


4)  Screwjack 
Fl>'wheel  Design 

An  illustration  of  an  early  fl>'wheel  design  approach  is  in  Figure  25. 

At  that  time,  the  design  was  still  built  around  the  small  (6-inch-dian\eter) 
high-speed  (104,784  rem)  disk.  The  design  also  incorporated,  in  a single 
sketch,  two  approaches  to  hybrid  bearing  design  and  two  stub  shaft  sizes. 
•Although  the  final  design  differed  from  this  considerably  in  detail,  Fig- 
ure 25  incorporates  all  of  the  basic  characteristics  of  the  flvwheel,  and 
this  was  felt  to  provide  an  excellent  tool  for  illustrating  the  many  trade- 
offs necessary  in  reaching  the  final  design. 

Using  Figure  25  as  a guide,  the  discussion  of  the  flyivheel  design  is 
broken  down  into  the  following  general  categories: 

1)  Flwheel  disk 

2)  Flywheel  bearings 

3)  Flywheel  seals 

4)  Flywheel  lube,  cooling,  and  assembly 
Flyavheel  Disk  Design 

As  Figure  25  shows,  the  original  fl>av'heel  disk  design  was  based  upon  a 
6- inch-diameter  flva^heel  disk.  This  disk  weighed  4.025  pounds  and  turned  at 
104,784  rpm  on  15  mm  diameter  integral  stub  shafts  weighting  0.402  pound, 
giving  a total  flywheel  weight  of  4.425.  This  design  was  shortly  abandoned 
when  it  was  found  that  energ>’  requirements  for  actual  B-1  aircraft  landing 
gear  operation  were  nearly  double  those  assumed  initially.  A new  design  based 
on  a ■■.  125- inch-diameter  fl>'wheel  disk  was  selected,  after  several  iterations, 
as  being  the  optimum  design. 

In  attempting  to  arrive  at  the  optimum  design,  a variety  of  often  con- 
flicting factors  had  to  be  taken  into  account: 

1)  The  bearing  system  must  have  the  ability  to  resist  high  precessional 
load  torques  (i.e.,  gyroscopic  effects  resulting  from  changing  the 
nwheel  rotational  axis  as  a result  of  aircraft  maneuvering) . This 
can  be  accomplished  for  a gi/en  capacity  bearing  by  spacing  the 
bearings  wide  apart . 


2)  There  must  be  a seal  between  the  Tlwheel  disk  and  its  support  | 

bearings.  This  is  necessar>'  so  that  a vacuum  can  be  maintained  ! 

around  the  fl>'wheel  disk  to  reduce  windage  losses.  To  keep  seal  * 

losses  low,  the  seal  diameter  and,  hence,  the  flywheel  shaft  diam-  ’ 

eter,  must  be  kept  small.  , 

3)  It  is  highly  desirable  that  the  rated  operating  speed  of  the  fly-  i' 

wheel  be  less  than  the  first  critical  speed.  ; 

Item  3 is  in  nearly  direct  conflict  with  items  1 and  2.  In  order  to 
keep  the  critical  speed  of  the  fl wheel  high,  the  flwheel  stub  shafts  should 
be  short  and  large  in  diameter,  more  like  the  section  of  the  shaft  under  the 

seal  in  the  left  portion  of  Figure  25.  However,  since  seal  and  bearing  .! 

losses  tend  to  increase  as  the  square  of  the  diameter  (seal  diameter  for  seals  | 

and  journal,  or  mean  ball  diameter  for  bearings],  the  increase  in  shaft  i 

diameter  can  have  a disastrous  effect  on  losses. 


Early  in  the  design  phase,  a series  of  critical  speed  analysis  was  con- 
ducted on  a flywheel  design  generally  in  accord  with  Figure  25  but  with 
various  shaft  sizes  ranging  from  13  through  20  to  25  mm. 

The  critical  speeds  were  computed  using  the  Rayleigh-Ritz  equation 


where  u and  5 represent  the  rotor  masses  and  shaft  deflections  at  the  respec- 
tive CG  of  their  multimass  system. 

For  this  initial  evaluation,  the  flywheel  rotor  system  was  considered  as 
consisting  of  flexible  shafts,  concentrated  masses,  no  bending  in  the  region 
of  the  flywheel  disk,  and  rigid  bearing  supports.  It  was  recognized  that  the 
final  design  will  use  flexible  bearings,  which  will  tend  to  reduce  the  critical 
speed.  However,  by  initially  establishing  a rotor  geometry  based  on  fixed 
supports,  approximate  bearing  sizes  could  be  quickly  selected.  The  rotor 
system  critical  speeds  could  then  be  further  evaluated  with  such  a fixed 
geometry.  The  computations  indicated  the  following  critical  speeds. 


1 ' 


! j 


Shaft  Dia 
(mmj 


Critical  Speed 
(rpm) 


13 

20 


23,700 

45,400 

69,800 


I : 

ii 

li 
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Because  the  critical  speeds  calculated  for  the  various  shaft  diajiieters 
resulted  in  a sj^eed  value  below  the  operating  speeds  of  "0,000/ 100, UOO  ipm, 
it  was  considered  desirable  to  examine  the  second  critical.  By  selecting  a 
shaft  size  vvhose  first  critical  is  below  and  second  critical  is  above  the 
operating  speed  range  of  the  rotor,  an  optimum  shaft/bearing  design  becomes 
feasible  (i.e.,  optimiun  in  the  sense  that  a lower  first  critical  speed  makes 
possible  a smaller  shaft,  which  makes  possible  a smaller  bearing  and  minimizes 
bearing  and  seal  rotating  losses). 


In  order  to  check  tiie  second  iuid  third  critical  speeds,  the  15  mm 
diameter  shaft  was  recalculated  using  an  existing  computer  program.  This 
detennination  considered  the  free  mode,  including  spring  stiffness  representa 
tive  of  the  duplex  bearing  and  housing  support,  and  provided  the  following 
values : 


It  can  be  seen  that  the  first  critical  speed  value  corroborated,  almost 
exactly,  the  value  detemined  earlier  by  hand  calculation,  especially  con- 
sidering the  small  critical  speed  reduction  which  could  be  e.xpected  from 
introducing  flexibility  in  the  bearing  supports.  It  can  also  be  seen  that 
the  first  and  second  critical  speeds  were  much  too  low  and  close  together  to 
bracket  the  projected  operating  speed  range  of  the  flnvheel  (^0,000-100,000  rpm 
at  this  stage  of  design  dev^elopment) . 


At  this  point,  the  flv-wheel  was  redesigned  to  meet  the  new  and  higher 
energ}'  requii'ement  determined  under  "Energ)'-  .Analysis."  .A  comparison  of  the 
"old"  and  "new"  flywheels  is  as  follows: 


Characteristic 


Rated  speed 
Design  stress 
hTieel  dia 
Tip  thickness 
Base  thickness 
Shaft  dia. 

Ulieel  weight 
Shift  weight 
Total  weight 
Mom.  of  inertia 
Energy  storage 
Available  energy 
1 50?)  speed  red.) 
Bearing  spacing 


The  most  significant  factors  are  that  the  new  flywheel  is  larger 
(7.125-inch  diameter),  slower  (88,255  rpm) , and  heavier  (8.20  pounds).  It 
would  have  been  possible  to  retain  the  6-i.nch  diameter  and  the  104, '84  ipm 
operating  speed  at  the  higher  required  energy  level.  However,  as  in  all 
trade-off  situations,  this  would  have  involved  certain  advantages  and  disad- 
vantages which  analysis  indicated  were  weighted  to  the  disadvantage  of  the 
smaller  high-speed  wheel. 

A comparison  of  the  two  flyivheel  cross  sections  is  sliown  in  Figure  26. 

Both  flytvheels  shown  weigh  the  same  and  store  the  same  energ>',  even  though 
the  smaller  (6- inch  diameter)  flywheel  turns  at  a 19 » higher  speed.  Both 
fl wheels  are  of  the  optimized  disk  cross  section  and  are  designed  to  an 
operating  stress  of  140,000  psi.  They  were  sized  and  proportioned  in  accord- 
ance to  Appendix  A of  Reference  1. 

Figure  26 shows  that  the  small -diameter  fl wheel  is  much  wider  at  its 
base  (hub).  This,  coupled  with  its  higher  speed,  leads  to  sev^eral  advantages 
and  disadvantages,  as  follows: 

1)  Advantages 

a)  Tlie  smaller  diameter  of  the  6- inch-diameter  fl>wheel  leads  to  a 
lower  volume  installation  and  a lighter  weight  housing  and 
bearing  system.  The  lower  v^olume  results  from  the  fact  that  the 
housing  is  1.125  inches  smaller  in  diameter,  whi  the  assembly 
length  increases  only  0.825  inch.  The  lower  weignt  results  not 
only  from  tne  lower  volume,  but  because  the  housing  is  better 
shaped  to  react  precessional  load  effects  between  ends  and 
because  (item  b)  the  precessional  loads  are  less. 

b)  As  indicated  in  the  preceding,  the  precessional  loads  in  the 

bearings  are  less,  making  possible  a smaller  and  more  high-speed- 
adaptable  bearing  package.  All  other  things  being  equal,  the  !»' 

precessional  loads  appearing  in  a flwheel  support  bearing  system 
tend  to  be  a function  of  the  square  of  the  diameter.  In  this 
case,  the  precession  loads  in  the  7. 125- inch-diameter  wheel 
would  be  41"  greater  than  those  in  the  6. 00- inch-diameter  wheel. 

2)  Disadvantages 

a)  The  critical  speeds  of  the  small -diameter  flwheel  will  be  lower. 

This  results  from  the  fact  that  critical  speeds  arc  a function  of 
shaft  diameter  and  shaft  diameter  is,  in  turn,  a function  of  the 
seal  surface  speed  tolerance.  As  shown  in  Figure  25,  a seal  must 
be  used  between  the  bearing  and  the  flywheel  disk  to  allow  the 
disk  to  turn  in  a vacuum.  The  seal  (whether  ferrometic  or  con- 
ventional carbon  face  seal  tx-pe)  has  a definite  allowable  differ- 
ential surface  speed  between  the  static  member  and  the  rotating 

51 


I 


flywheel  coordinates 


1 

2 
3 

5 

6 

"7 

/ 

8 
9 
10 
I 1 
12 

13 

14 

15 

16 

17 

18 

19 

20 
21 


7. 125  Dia 

6. 

000  Oia 

R 

0.000-.005 

T 

±0.002 

T/2 

R 

+0.000-.005 

T 

±0.002 

T/2 

3-562 

0.061 

3.000 

0.171 

0.086 

3-384 

0.079 

2.850 

0.224 

0.  I 12 

3-206 

0. 103 

2.700 

0.29) 

0.145 

3-028 

0.132 

2.550 

0.373 

0.186 

2.850 

0.334 

0.167 

2.400 

0.470 

0.253 

2.671 

0.414 

0.207 

2.250 

0.585 

0.292 

2.493 

0.508 

0.254 

2.100 

0.717 

0.358 

2-315 

0.612 

0. 306 

1.950 

0.865 

0.433 

2.  137 

0.730 

0.366 

1.800 

1.031 

0.516 

1-959 

0.858 

0.429 

1 .650 

1.213 

0.606 

1-781 

0.995 

0.498 

1 .500 

1 .404 

0.702 

1 .603 

1.136 

0.568 

0 

LTV 

1 .606 

0.803 

1.425 

1.283 

0.642 

1 .200 

1 .809 

0.905 

1 .247 

1 .422 

0.711 

1 .050 

2.010 

1 .005 

1.068 

1-561 

0.781 

0.900 

2.201 

1.101 

0.890 

1 .683 

0.842 

0.750 

2.379 

1.190 

0.712 

1 .796 

0.898 

0.600 

2.533 

1.266 

0.534 

1 .883 

0.9^2 

0.450 

2.661 

1.331 

0.356 

1.955 

0.978 

0.300 

2.757 

1.378 

0.178 

1 .992 

0.996 

0.150 

2.815 

1 .407 

0.000 

2.01  I 

1.006 

0.000 

2.836 

1.418 
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member.  This  means  that  the  diameter  of  the  sliaft,  associated 
with  the  b- inch-diameter  wheel,  must  be  reduced  in  the  area  next 
to  the  flvavheel  disk  (i.e.,  in  the  bending  stiffness-critical 
area)  by  an  amount  proportional  to  the  increase  in  speed.  The 
increased  "whipiness"  which  results,  plus  the  increased  operating 
speed  level,  exponentially  compounds  the  problem  of  controlling 
the  eccentricities,  resonances,  and  loads  wliich  occur  while 
operating  through  tlie  speed  range. 

b)  The  bearing  system  will  tend  to  be  designed  by  fhvlieel  unbalance 
(even  though  the  out  of  balance  is  extremely  small i liecause  it  is 
amplified  greatly  by  shaft  deflection,  due  to  the  shaft  flexi- 
bility of  the  small -diameter  shaft  at  high  speed.  This  phenomena 
is  discussed  more  thoroughly  in  the  following  paragi-aphs  covering 
bearing  design.  For  this  reason,  precession  loads  iwhicii  the 
small -diameter  wheel  reduces)  will  cease  to  be  the  governing 
design  criteria;  thus,  the  small -diameter  fl>-wheel  lost  this  as 

a potential  advantage. 

c)  The  small -diameter  flnvheel  is  harder  to  inspect  and  has  a 
poorer  stress  distribution.  As  discussed  later,  the  flndieel 
design  was  based  upon  fracture  mechanics  principles.  Tltese  prin- 
ciples determined  allowable  operating  stress  levels  based  on  the 
minimum  flaw  size  which  can  be  detected  in  the  area  of  maximum 
stress  by  the  best  available  nondestructive  test  methods.  The 
minimum  detectable  flaw  size  was  a direct  function  of  the  depth 
of  material  which  must  be  penetrated  by  the  nondestiiict ivc  tost 
beam.  The  greater  the  depth  of  penetration,  the  larger  the  flaw 
which  could  escape  detection  and  the  lower  the  allowable  operat- 
ing stress.  Since  the  maximum  stress  in  an  optimized  disk  fly- 
wheel occurs  at  the  center  of  the  hub  on  the  axis  of  rotation, 

it  can  be  seen  that  the  small -diameter  flwheel's  wider  hub 
required  approximately  25 o greater  depth  of  penetration  to  reach 
the  maximum  stress  point  than  did  the  larger  diameter  wheel.  In 
addition  to  the  poorer  inspectability , the  wide-hubbed  flnvlieel 
showed  a poorer  stress  distribution.  As  long  as  the  liub  width 
was  less  than  50a  of  the  outside  diameter  (the  “.125- inch- 
diameter  wheel  is  28.2"),  the  stresses  along  the  axis  of  rotation 
and  the  stresses  at  any  other  radial  position  in  the  wheel  would 
not  vary  by  more  than  +5^0  from  the  computed  values  fi.e.,  the 
values  from  Appendix  A of  Reference  1).  However,  as  the  width- 
to-diameter  ratio  increased  significantly  above  50%  (the 
6.00-inch-diamoter  wheel  is  47.5%),  the  stress  variations 
increased  rapidly  (for  the  6. 00- inch-diameter  wheel,  the  v'aria- 
tion  approached  +20%) . The  maximum  stresses  in  excess  of 
theoretical  occur  on  the  axis  of  rotation  at  the  center  of  the 
hub,  which  is  the  hardest  point  to  inspect. 
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Equating  the  one  remaining  advantage  (modest !>•  smallei'  \oUune  and  neigiit! 
ot  the  small-diameter  flNAvheel  against  its  disadvantages  (poorer  critical 
speed  characteristics,  poorer  inspectability,  harder  to  balance,  and  poorer 
stress  distribution),  it  became  apparent  tlut  the  larger  diameter  uhce!  should 
be  used  and  was  selected  for  the  final  desigti. 


The  material  selected  for  the  flnvheel  disk  was  HP9-4'20  heat 
accordance  with  Rockivell  material  specification  STOlbOl.BOnod . 
material  which,  when  forged  per  MIL-F-“190  and  subsecjuent Iv  heat 
the  following  basic  properties; 


Density  fj) 

Ntodulus  of  elasticity  [E) 
Ultimate  tensile  strength  (FtuI 
Yield  strength  (Fp,-) 

Poissons  ratio  (a) 


treated  in 
Tins  gave  a 
treated,  had 


0.285  Ib/in.J 

28.800.000  psi 

205.000  psi 

185.000  psi 
0 . 296 


This  material  was  selected  because  of  its  fracture  mechanics  properties 
(i.e.,  it  was  the  best  steel  available  in  terms  of  fatigue  properties  in 
relation  to  crack  propagation  rate  and  critical  flaw  site) . 

The  required  fatigue  properties  for  a device  such  as  a fl>avheel  are 
largely  determined  by  the  alternating  stresses  which  result  from  actual 
operation.  For  this  application,  the  B-1  mission  profile  was  used  to  deter- 
mine the  number  and  magnitude  of  these  alternating  stresses.  The  deteimina- 
tion  was  arrived  at  as  follows; 

1)  There  were  considered  to  be  1,280  missions  per  air  vehicle  life. 

2')  There  Avere  2,697  landings  and  2,697  takeoffs  per  air  vehicle  life, 
or  an  average  of  2.1  landings  and  takeoffs  per  mission. 

5")  For  the  2,69"  landings,  2,200  were  full-stop  landings  and  49“  were 
touch-and-go  landings.  For  this  study,  it  was  assumed  that  the  gear 
was  raised  and  lowered  between  each  landing  for  an  average  of  4.2 
gear  operations  per  mission,  and  after  each  gear  operation  the  speed 
of  the  flyacheel  would  build  up  to  maximum  speed  before  next  gear 
operation  or  shut  down. 

41  The  flyavheel  was  considered  to  operate  only  during  the  takeoff  and 
landing  phases  of  the  mission.  This  meant  that  the  flyAvheel  was 
started  up  and  shut  doA>n  from  the  100®  speed  twice  per  mission. 

5)  The  maximum  funloaded)  flyAvheel  speed  was  88,255  i-pm.  During  the 
gear  operation,  the  flywheel  speed  reduced  to  70®  maximum  speed  or 
61,765  rpm. 


6)  Ground  operation  consisted  of  operating  the  gear  on  jacks  25  times 
during  the  life  of  the  aircraft  with  four  gear  cycles  per  operation. 


i 


2)  Considering  a scatter  factor  of  4.0,  the  flywheel  must  support 
5,120  missions. 

The  flv-wheel  was  thus  anticipated  to  be  subject  to  10,340  cycles  of 
0 to  100%  speed  variation  and  21,904  cycles  of  0 to  100%  speed  variation 
during  the  life  of  the  B-1,  with  a scatter  factor  of  4 applied.  (See 
Figures  27  and  28.) 

In  addition,  it  was  e.xpected,  as  shown  in  Figure  27,  that  the  flvavheel 
would  be  subjected  to  four  70-105%  overspeed  c)’cles  occurring  randomly 
during  the  course  of  B-1  aircraft  operations.  The  maximum  stress  in  the 
flywheel  was  biaxial  (radial  and  tangential  stresses  were  essentially 
equal)  and  varies  as  the  square  of  the  speed  of  rotation.  .4s  indicated 
earlier,  the  normal  design  (maximum)  stress  at  100%  rated  speed  was 
140,000  psi  therefore  the  nominal  stresses  existing  at  other  speeds  were  as 
tabulated  below: 


Speed 

Speed 

Stress 

(%) 

(rpm) 

(psi) 

105 

92,647 

154,550 

100 

88,235 

140,000 

70 

61,765 

68,600 

0 

0 

0 

The  stress  R- factors  (i.e.,  the  ratio  of  minimum  stress  to  maximum 
stress  in  an  alternating  stress  c>'cle)  shown  in  Figures  27  and  28  were 
derived  from  these  stress  values. 

Five  prospective  materials  were  evaluated  using  fracture  analysis  tech- 
niques. These  were  as  follows: 

1)  6AL-4V  titaniinn 

2)  300M  steel 

3)  HP9Ni-4C0-.20C  steel 

4)  10  Ni  modified  steel 

5)  HP9Ni-4C0-.30C  steel 


■ Vw  [ ir'w 


Startup  ■ shutdown 
Gear  operation 


0 

+0.49 


Figure  23.  Ground  Operations  (On  .Jacks) 
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Of  the  five,  10  Ni  modified  steel  appeared  to  be  tlie  best  material  based 
on  data  available  at  the  time  the  selection  was  made.  However,  it  was  a new 
material  and  there  was  some  basic  conflict  in  the  data  in  several  important 
areas.  Therefore,  selection  was  narrowed  to  the  HP9  steels  because  they  were 
clearly  superior  to  the  other  two  materials.  Even  though  both  of  the  HP9 
steels  were  rated  veiy  closely,  the  20°i  carbon  version  showed  superiority  when 
subject  to  a relatively  few  (less  than  50,000)  high  stress  cycles.  As  can  be 
seen  from  the  mission  stress  cycle  profile  established  earlier,  the  signifi- 
cant stress  cycles  are  2,585  cycles  (0-100"  stress,  R-factor  = 0)  in  one 
lifetime  or  10,540  cycles  when  considering  a scatter  factor  of  four.  In  like 
manner,  during  four  lifetimes  (scatter  factor  of  four),  the  flwheel  will  be 
subject  to  21,904  cycles  ("0°  to  100°  speed,  491.  to  100°  stress,  R-factor 
= +0.49).  Stressing  at  an  R-factor  of  +0.49  in  HP9-4-.20  steel  material 
propagates  flaws  only  42. “5°  as  fast  as  stressing  at  an  R-factor  of  0. 
Therefore,  21,904  cycles  are  equivalent  to  9,564  when  R-factor  = 0 cycles. 

This  gives  a total  equivalent  R-factor  = 0 cycles  for  four  lifetimes  of 
19,~04  cycles.  This  justified  the  use  of  HP9-4-.20  in  preference  to  HP9-4-.50 
and  was  very  close  to  the  20,000  cycle  life  required  in  the  contract.  For  the 
sake  of  convenience,  therefore,  the  number  used  was  20,000  cycles. 

It  was  e.xpected  that  the  flwheel  would  be  inspected  for  flaw  propagation 
at  least  once  during  the  life  of  the  aircraft  or  at  2,500  equiv'alent  cycles, 
whichever  occui's  first,  to  gain  confidence  in  the  material  and  in  the  inspec- 
tion techniques.  A total  of  2,500  cycles  was  selected  because  it  is  one- 
eighth  the  .quivalent  cycles  of  four  lifetimes  or  one-half  of  one  lifetime 
based  on  four  lifetimes  equaling  20,000  (0-100°)  stress  cycles. 

Fracture  mechanics  analyses  usually  consider  two  types  of  flaws:  surface 
and  embedded.  Surface  flaws  are  easier  to  detect  in  smaller  sices  than 
embedded  flaws.  This,  plus  the  fact  that  the  flywheel,  unlike  most  structural 
elements,  e.xperiences  its  ma.ximum  stress  at  its  geometrical  center,  well  away 
from  the  surface,  led  to  the  embedded  flaw  being  the  determinant  of  fl\ivheel's 
fatigue  performance.  Figure  29  shows  the  critical  crack  length  versus  stress. 
This  graph  assumes  an  embedded  circular  flaw  whose  diameter  is  twice  a^r- 
"Critical”  describes  a flaw  which  has  grown  to  such  a dimension  (critical 
dimension)  that  the  next  application  of  stress  to  the  level  indicated  will 
cause  catastrophic  failure.  Figure  50  shows  the  initial  flaw  size  which  will 
propagate  to  critical  size  when  subject  to  R-factor  = 0 stress  cycles  to  the 
peak  stress  and  for  the  number  of  cycles  indicated. 

As  indicated  earlier,  140,000  psi  was  selected  as  the  design  (100%) 
stress  for  the  fl>'wheel.  Based  on  Figure  30  an  initial  flaw  of  0.056  radius 
(a^)  or  0.112  diameter  would  survive  for  2,500  cycles  (the  planned  inspection 
period)  before  catastrophic  failure.  Figure  29  shows  that  the  flaw  will  be 
very  large  (1.080  in.  diameter)  at  failure.  Since  flaws  0.100  inch  in 
diameter  can  be  detected  with  a high  degree  of  certainty  in  the  center  of  a 
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flv-whoel  huh  of  this  si:o,  it  was  holiovod  tliat  initial  I'laws,  vvliuli  ooiiUl 
osca|x,'  detection  should  never  he  able  to  propagate  to  critical  si:e  under  tiio 
stress  cycling  planned  for  this  application. 

t-lv-whoel  Bearing  Design 

line  of  the  jirime  object  ives  for  this  jirogram  was  to  reduce  tlio  site  of  ! 

the  power  input  device  (Iwdraulic  motor)  as  much  as  possil^le  because  this  i 

has  cumulative  weight  benefits  throughout  the  aircraft.  However,  if  the 
rated  speed  losses  of  the  driven  equipment  in  the  MPP  were  too  high,  tliev 
might  become  the  controlling  factor  in  detennining  motor  site.  I'rom  this,  it 
can  be  seen  that  every  effort  had  to  be  made  to  reduce  losses  and,  hence,  to 
improve  the  rated  speed  losses.  I'or  the  flywheel,  and  most  of  the  rotating 
mechanical  items  making  up  the  MPI’,  it  was  felt  that  tliis  could  best  Ix' 
achieved  by  reducing  the  losses  in  bearings  and  seals.  To  do  this,  the  Ix'ar- 
ing  design  had  to  be  carefully  optiinited.  The  opt  imitation  had  to  Ix'  .'^uch 
that  the  bearings  would  have  the  best  possible  Ivilance  ol'  the  following 
cha rac ter  is tics : 


1)  Tow  losses  - ,\s  pointed  out  above,  tlx'  power  losses  associated  with 
tlie  hearing  system  had  to  Ix'  as  low  as  pract  icalile,  particularly  in 
the  nonnal  power  extraction  speed  range  of  tlx'  fliixlieel  ti.e.,  "0  to 
100  percent  of  rated  speed).  This  resulted  because,  to  Ix'  practical 
for  .ipplication  to  a gear  operation  system,  the  Ml'l’  must  have  low 
parasite  losses. 

2)  liigli  rotational  speeds  - The  rotational  speed  requirement,  whicli 
was  imposed  upon  tlie  Ix'aring  system  to  matcli  the  fivulieel  ciiarac- 
terlstics,  tended  towards  I . S x 10*'  ON  (i.e.,  SS.J.i.'i  ipm  \ 1'  mm. 
journal  bearing  bore  used  for  the  flywheel).  I'hese  speeds  are  in 
tlie  higher  reaches  of  current  rolling  element  Ix'aring  technology. 
Tven  tliough  rolling  element  bearings  can  operate  at  these  speeds, 
their  losses  are  high  and  their  load  carindng  capabilities  .ire  veiw 
low.  Therefore,  it  was  felt  that  eirlier  a breaktlirough  in  rolling 
element  bearing  technology  must  be  made  or  a new  bearing  approach 
must  he  u.sed. 

.^1  Targe  unbalance  tolerance  - .Since  imbalance  forces  increase  as  the 
square  of  the  rotational  speed,  the  flywheel's  high  rotational  speed 
made  the  balance  problem  very  critical.  This  was  compouiwled  by  the 
fact  that  one  of  the  big  cost  elements  in  fhivheel  construction  was 
the  need  for  exceptionally  accurate  balancing  to  make  it  possible 
for  the  fhasiheel  to  pass  through  critical  speeds  witiiout  damage.  It 
was  therefore,  extremely  important  th.it  the  ('hwheel  hearing  svstem 
he  one  which  would  tolerate  out  of  balance  conditions.  In  other 
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words,  it  should  be  one  which  would  allow  the  flwheel  to  rotate 
about  its  mass  center  rather  than  its  geometric  center  and,  in  so 
doing,  would  not  transmit  excessive  loads  through  the  bearing  to 
surrounding  stiiicture. 

4)  High  load  capability  - As  previously  indicated,  tlie  highest  loads 
generated  externally  which,  the  fly^vheel  bearing  will  encounter,  arc 
tliose  generated  by  aircraft  maneuvering.  Since  the  flwheel  is 
essentially  a g>Toscope,  rotation  of  the  platform  upon  which  it  is 
mounted  about  any  axis,  (other  than  the  fl>vheel  rotational  axis  or 
one  parallel  to  it)  will  generate  processional  loads  in  its  bearings. 
Tlie  highest  rotational  maneuver  rates  are  those  which  occur  about  tlie 
aircraft's  line  of  flight  axis  (i.e.,  roll  rates).  These  are  5 to 
10  times  as  great  as  a t>'pical  aircraft's  largest  yaw  and  pitcli 
rates.  Therefore,  if  the  flywheel  rotational  axis  is  oriented 
parallel  to  the  aircraft  roll  axis  so  that  roll  rates  do  not  generate 
precessional  loads,  the  maximum  precession  induced  bearing  loads  will 
be  one-third  to  one-tenth  of  those  which  would  exist  othenvise.  If 
the  bearing  system  will  tolerate  radial  loads  which  are  at  least 
bO  times  flwheel  weight  for  short  periods  (up  to  2 seconds  each 
incident)  for  a total  number  of  incidents  equating  to  0.5  percent  of 
the  system's  operational  life,  the  flv-wheel  mounting  will  be  inde- 
pendent of  orientation  restrictions.  If,  on  the  other  hand,  tlie 
fl>wheel  bearing  system  will  tolerate  peak  loads  equal  to  10  times 
the  fludieel  weight  for  up  to  30  seconds  per  incident  and  a total 
number  of  incidents  equating  to  4 percent  of  the  system's  operational 
life,  it  can  be  used  in  any  orientation  in  most  low  maneuver  rate 
aircraft  such  as  bombers  and  cargo  aircraft.  In  addition,  it  will 
be  satisfactory  for  application  to  all  aircraft  for  utility  functions 
such  as  landing  gear. 


For  the  B-1  landing  gear  application,  the  MPP  installation  envelope 
dictated  that  the  fl\-ivheel  axis  be  oriented  so  that  it  was  subject  to  full 
roll  rates  isee  Figure  b).  However,  the  B-1  was  a low  maneuver  rate  aircraft 
so  it  was  felt  that  the  bearing  system  must  be  capable  of  handling  loads  equal 
to  10  times  the  flwheel  weight  (i.e.,  82  lb)  and,  further,  that  it  would  be 
a design  objective  to  achieve  a load  capability  equal  to  bO  ti;nes  the  fl\^\■heel 
weight  (i.e.,  492  lb)  for  short  periods  of  time. 

Several  t>T)es  of  bearings  were  studied  as  follows: 

1)  Rolling  element  bearings  (roller  and  ball)  - pressure  jet  and  mist 
lubricated. 

2)  Precision  hydrod>Tiamic  journal  bearings  - pressure  lubricated. 

5)  Hydrostatic  bearings  - pi-essin-e  lubricated. 
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It  shortly  became  apparent  that  all  bearings  were  in  some  kind  of  a 
load/ speed  squeeze.  In  the  rolling  element  bearing,  it  was  a problem  of  the 

high-speed  stealing  load  carr>'ing  capacity  from  the  bearing.  Udiereas,  in  the 
jouiTial  bearing,  high  speed  had  the  opposite  effect  and  increased  load 
capacity.  However,  in  the  journal  bearing,  the  wide  load  range  of  the  appli- 
cation, which  does  not  significantly  impact  the  ball  hearing,  caused  all  kinds 
of  problems  in  the  fonn  of  high  losses  and/or  instability.  It  became  apparent 
then,  that  the  solution  to  this  conflict  lay  in  some  kind  of  combination  of 
two  bearings  in  such  a way  that  the  strengths  of  one  offset  the  weaknesses  of 
the  other. 


This  led  to  the  selection  of  the  hybrid  bearing  arrangement.  An  early 
version  of  such  a bearing  arrangement  is  shown  in  Figure  25.  It  consisted  of 
a journal  bearing  in  series  with  a double  row  hall  bearing.  Tlic  ball  bearing 
was  at  the  low  speed  end  of  the  series  such  that  its  absolute  speed  was  to  be 
approximately  50,000  rpm.  This  speed  was  equivalent  to  a TIN  value  of 
1.25  X 10^  and  was  well  down  towards  the  lower  end  of  the  ultra  high  speed 
range.  .At  this  speed,  ball  centrifugal  loads  were  felt  to  be  much  less  of  a 
problem  than  at  88,235  r{?m  (l.'^S  x 10^  DNl  since  centrifugal  loads  decrease 
as  the  square  of  the  ipm. 


The  journal  bearing  was  at  the  high-speed  end  of  the  series  with  its 
journal  surface  turning  at  88,255  rpm.  However,  this  fact  liad  negligible 
impact  since  a journal  bearing  is  little  affected  by  centrifugal  forces, 
the  other  hand,  the  fact  that  the  differential  velocity  had  been  reduced  to 
58,255  rpm  did  much  to  improve  loss  performance,  since  journal  bearing  losses 
tend  to  decrease  as  the  square  of  the  decrease  in  (differential)  speed. 


General  Discussion.  In  a rolling  element  bearing,  the  jxjwer  lost  to  friction 
is  a function  of  lubricant  viscosity  rotational  speed,  and  radius  of  rolling 
element  pitch  circle.  In  the  fluid  journal  bearing,  either  hydrodxTiamic  or 
hydrostatic,  the  friction  losses  are  essentially  linear  functions  of  lubricant 
viscosity,  fluid  film  thickness,  rotational  speed,  and  shaft  diameter.  The 
rolling  element  bearing,  either  ball  or  roller,  has  less  start-up  and  low- 
speed  friction  than  the  journal  bearing  (by  nearly  two  orders  of  magnitude) , 
but  as  speed  increases,  the  friction  losses  in  the  rolling  element  bearing 
eventually  become  greater  than  those  of  the  fluid  bearing  of  the  same  load 
carrying  capacity. 


In  a strictly  hydrodynamic  journal  bearing,  the  oil  is  usually  self- 
contained  within  the  bearing  cavity,  and  the  fluid  pressure  which  supports 
the  loaded  shaft  is  generated  solely  bv  the  speed  of  the  shaft  and  the 
viscosity  of  the  lubricant  (see  Figure  31.)  Thus,  at  no  speed  or  under  low- 
amplitude  oscillatory  rotational  motion,  there  is  no  supporting  fluid  pressure 
under  the  shaft  and,  depending  upon  the  shaft  load  and  film  strength  of  the 


lubricant,  metal -to -metal  contact  can  induce  serious  wear  and  fatigue 
problems.  Indeed,  this  condition  also  prevails  whenever  the  bearing  remains 
unused  for  a time  great  enough  for  the  oil  to  dry  out,  and  failure  sequences 
can  be  initiated  on  a single  hard  start-up. 

In  a purely  hydrostatic  journal  bearing,  the  lubricating  fluid  is 
supplied  to  the  journal  face  under  pressure  from  an  outside  source,  while 
restricted  flow  in  the  bearing  cavity  creates  a support  pressure  which  is 
independent  of  rotational  speed  (see  Figure  32).  The  oscillatory  and 
start-up  problems  are  practically  eliminated  and  start-up  (or  "break-out") 
friction  is  greatly  reduced.  In  a closed  system,  the  power  required  to 
deliver  the  oil  to  the  bearing  must  be  supplied  by  the  system  itself  and 
must,  therefore,  be  considered  a net  loss.  .And,  as  with  any  power  deliveiy 
system,  there  are  inefficiencies  to  be  considered.  In  a trade-off,  if  the 
hydrostatic  bearing  is  to  be  attractive,  the  power  required  to  pump  the  oil 
must  be  lower  than  that  lost  by  the  higher  friction  in  the  hydrod>Tiamic  tN-pe 
of  bearing. 

One  possible  escape  fi'om  this  seeming  paradox  has  been  proposed.  Sup- 
ported by  tests  made  by  other  researchers  (refer  to  "The  Series-Hybidd 
Bearing  - A .New  High  Speed  Bearing  Concept",  .Anderson,  IV.  J.,  et.  a , 

■Journal  of  Lubrication  Technology,  .April,  1972),  the  concept  uses  a holio.. 
shaft  under  the  journal  bearing  and  directs  a stream  of  oil  into  the  hoi 
space.  The  centrifugal  force  created  by  the  rotating  shaft  can  be  u.  J to 
prov'ide  pressurized  fluid  for  a hydrostatic  bearing  (Figure  33)  so  that  the 
chief  factors  in  the  system  energ>’  loss  are  the  increased  fluid  capacity  of 
the  lubrication  system  (used  also  for  gear  box  and  the  controller)  and  the 
small  amount  of  energy  required  to  accelerate  the  fluid  to  shaft  speed  once 
it  enters  the  shaft.  Thus,  the  "supplied"  fluid  pressure  is  zero  at  zero 
speed,  and  on  start-up,  the  bearing  must  behave  as  a hydrod>Tiamic  bearing 
until  the  shaft  speed  generates  enough  fluid  pressure  to  lift  the  shaft  off 
the  journal.  To  further  reduce  the  low-speed  friction  inherent  to  a hydro- 
d>Tiamic  bearing,  a rolling  element  bearing  of  sufficient  width  to  permit  the 
inner  ring  of  the  rolling  element  bearing  to  actually  become  the  journal 
component  of  the  hydrod>Tiamic -hydrostatic  bearing  is  added  to  the  bearing  set 
outside  the  hydrodvTiamic  bearing.  (It  is  named  a "series-hybrid  bearing"  - 
the  fluid  bearing  first  behaves  as  a hydrod>'namic , then,  as  a hydrostatic 
bearing  for  the  "series",  and  the  addition  of  a completely  different  t>ye  of 
bearing,  rolling  element,  adds  the  "hybrid";  see  Figure  34). 

Several  things  were  studied  in  the  series  bearing  before  it  was  felt  it 
could  be  effectively  married  to  the  rolling  element  bearing: 

1)  It  was  unlikely  that  running  clearances,  etc.,  could  be  designed 
optimally  for  each  type  of  bearing.  The  primary  criterion  would  be 
to  design  the  hydrostatic  bearing  to  provide  maximum  speed  sharing 
with  the  rolling  element  bearing  and  minimum  friction  torque  in  the 
70"- 100a  speed  range  of  the  fl\vheel. 


Bearing  journal 
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Figure  32.  Typical  Hydrostatic  Bearing 
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Z")  At  start-up,  there  would  be  no  oil  in  the  bearing  and  a dv-namic 
wedge  of  oil  could  not  be  attained  during  operation  until  the  cen- 
trifugal force  of  the  oil  supply  created  enough  pressure  to  overcome 
the  back  pressure  created  by  an  adequate  d\Tiamic  wedge. 

3)  With  the  series  design  and  the  fluid  cavity  shape  shown  in  Figure  34, 
there  would  be  only  a narrow  land  on  each  end  of  each  bearing  to 
support  the  wedge,  and  if  the  pressure  reached  significant  levels, 
it  would  tend  to  force  the  oil  back  through  the  shaft  orifice  or 
through  the  side  leakage  paths  required  for  the  optimum  hydrostatic 
design.  One  approach,  which  was  investigated  as  an  alternate  design, 
was  to  use  flat  surfaces  on  the  shaft  instead  of  radially  unifomi 
cavities,  taking  advantage  of  the  mass  inertia  of  the  oil  and  the 
geometric  "slipper"  effect  to  create  the  required  d>Tiamic  wedge  at  a 
lower  shaft  speed. 

41  Thrust  load  transfer  was  also  considered  and  was  overcome  by  substi- 
tuting an  angular  contact  duple.x  bearing  pair  for  the  single  ball 
bearing  shown  in  Figure  34  and  by  providing  a thrust  washer  to  react 
the  thinst  loads  into  the  inner  race  of  the  duple.x  bearing  (see 
Figure  35) . 

Previous  studies  on  the  series  bearing  were  primarily  investigations  on 
pure  thrust  load  applications.  Peculiar  things  happen  to  both  fluid  and 
rolling  element  bearings  under  combination  loads.  For  instance,  a ball  bearing 
under  moment  loading  (or  combination  radial -thrust  loads)  actually  exerts  a 
reverse  bending  moment  in  the  shaft.  The  effect  of  this  phenomenon  on  a free 
inner  race  and  its  resulting  effect  on  the  stability  of  the  fluid  bearing  is  a 
factor  which  was  left  for  investigation  during  the  test  portion  of  this 
program , 

For  the  present  application,  there  is  no  load  on  the  shaft  at  start-up 
except  the  proportional  weight  of  the  flnvheel,  which  is  assumed  to  be 
4.1  pounds.  At  breakout,  the  coefficient  of  friction  for  the  hydrodvTiamic 
bearing  could  range  from  O.bO  on  a newly-finished,  dr>’  surface  to  a low 
0.10  on  a well  nin-in  bearing  with  a good  film  of  light  oil.  .Assume,  for 
this  exainjile,  a coefficient  of  friction  of  0.20.  The  shaft  diameter  of  one 
of  the  rolling  element  bearings  under  consideration  is  0.66  inch  and  the 
breakout  torque  for  the  hydrostatic  bearing  would  be 

T » 4.U.20)  = 0.2662  in. -lb 
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If  the  break-out  torque  of  the  rolling  element  bearing  is  less  than 
this  value,  the  friction  torque  will  cause  the  rolling  element  bearing  to 
start  turning  first  and  the  shaft  inner  ring  hydrodynamic  bearing  will  not 
start  to  function  until  the  friction  torque  of  the  rolling  element  bearing 
becomes  greater  than  the  breakout  force  of  the  hydrodynamic  bearing.  If,  on 
the  other  hand,  the  breakout  friction  torque  on  the  rolling  element  is  high, 
due  to  preload  or  other  design  requirements,  the  hydrodynamic  bearing  proper- 
ties become  immediately  apparent.  However,  exactly  what  happens  at  incipient 
hydrodynamic  action  and,  later,  at  the  transition  of  hydrodynamic  to  hydro- 
static action  must  be  carefully  analyzed  and  tested. 


Design  Approach.  Since  the  primary  objective  of  the  program  was  to  reduce 
the  flywheel  and  ancillary  equipment  parasitic  losses,  the  first  requirement 
of  design  and  test  procedure  was  to  establish  a baseline  against  which  all 
other  designs  and  test  data  could  be  compared.  This  was  initially  done  for 
the  rolling  element  bearing,  then  for  the  series  bearing,  and  finally  for 
the  series -hybrid  combination. 


Baseline  Design.  The  conventional  approach  to  supporting  high-speed  rotors 
is  to  use  rolling  element  bearings,  the  technology'  for  which  has  been  well 
investigated  and  developed.  There  are  three  methods  of  mounting  the  fly'ivheel 
so  that  both  radial  and  thrust  loads  can  be  accepted; 

1)  Single-row  angular  contact  ball  bearings  on  either  end  of  the 
shaft  - one  of  the  bearings  must  be  spring-loaded  to  position  the 
bearing,  accommodate  manufacturing  and  running  tolerances,  and  to 
provide  the  proper  bearing  preload.  This  method  is  widely  used  for 
supporting  high-speed  spindles  and  electric  motor  rotors. 

2)  Double-row  (opposed)  angular  contact  ball  bearings  on  either  end  of 
the  shaft  - one  of  these  pairs  must  be  allowed  to  float  without  axial 
restraint  to  accommodate  mounting  and  running  tolerances.  These 
bearings  must  be  carefully  designed  and  controlled  to  provide  proper 
preload.  This  method  is  occasionally  used  for  heavily  loaded  high- 
speed spindles.  A more  common  variation  of  this  method  is  to  have  a 
double-row  pair  at  one  end  of  the  shaft  with  a single-row  ball  or 
roller  bearing  at  the  other. 

3)  Single-row  cylindrical  roller  bearings  at  either  end  of  the  shaft 
with  a single  ball  bearing  at  one  end  to  accept  thrust  loads  from 
either  direction.  This  arrangement  has  gained  universal  acceptance 
for  use  in  high-speed  turbines,  such  as  aircraft  jet  engines. 


Fluid  Bearing  Design.  The  series  bearing  concept  has  not  been  widely  tested 
and  reported  test  data  extant  deal  primarily  with  thrust  bearings  rather  than 
with  radial  bearings.  As  pointed  out  previously,  it  was  felt  there  might  be 
some  instability  problems  in  the  transitional  phase  which  must  be  investigated 
and  resolved  before  the  final  hybrid  configuration  was  determined.  A restric- 
tion in  design  freedom  here  was  the  necessity  for  fitting  either  the  optimized 
fluid  bearing  to  an  un-optimized  rolling  element  design,  or  vice-versa. 


Series-Hybrid  Design.  From  analytical  investigations  and  the  subsequent 
testing  planned,  it  was  felt  trade-offs  might  be  decided  upon  which  would 
take  a long  step  toward  reaching  the  goal  of  minimum  total  power  losses.  For 
the  final  test  phase  in  this  program,  it  was  recognized  that  it  might  be 
impossible  to  make  the  best  decision  on  relative  sizes,  bearing  designs, 
materials,  etc  due  solely  to  long  procurement  lead  times  for  special  rolling 
element  bearings.  However,  it  was  also  felt  that  once  analytical  predictions 
were  made  to  match  actual  test  results,  interpolative  predictions  of  optimum 
designs  should  be  possible. 


Detail  Design.  The  technologies  of  rolling  element  bearings,  hydrodynamics, 
and  hydrostatic  bearings  are  significantly  different  in  many  aspects  and  do 
not  readily  yield  to  parametric  analysis  in  combinations  of  types.  Each  t>'pe 
was  investigated  for  a particular  application  and  the  interrelationships 
investigated. 


Weight . The  flywheel  weight  of  8.2  pounds  was  assumed  to  be  equally  distrib- 
uted, 4.10  pounds  per  bearing.  Since  this  is  not  a rotating  load,  its  effect 
on  the  total  load  is  4.10  cos  where  <>{.[  is  the  angle  between  vertical  dead 
center  and  the  angle  of  maximum  centrifugal  force  load. 


Centrifugal  Force  Loads.  Centrifugal  force  loads  are  created  by  several 
means: 

1)  Flywheel  imbalance 

2)  Shaft  deflection 

3)  Bearing  and  journal  manufacturing  errors 

4)  Bearing  and  journal  radial  clearance 

5)  Ball  bearing  deflection  under  radial  load 


The  total  centrifugal  force  is  shoun  by: 

= C.SaZHlor^  IVRN" 

uhere : 

P^P  = total  centrifugal  force  (Ihi 
IV  = weight  of  fl>^^heel  = 8.2  lb 

R = distance  from  geometric  centerline  to  mass  centerline 
N = rotational  sjx'ed  (rjim) 

Assiuning  that  bearings  are  equidistant  from  tlie  transverse  centerline  of 
the  fluvheel,  the  bearing  load,  becomes 

F = 1.165(101"'  RN'  +4.1  cos 
rc  — H 

For  the  sake  of  notational  consistence,  let 

R = e = e,  + e,  + e.  + e , + e. 

T 1 2 j)  4 b 

wl\ore 

e.j.  = total  eccentricity 

= manufactured  imbalance  of  fluvheel 
e^  = radial  nmout  of  ball  bearing 
e.  = shaft  deflection 

= radial  clearance  for  fluid  film  bearing 
e.  = radial  deflection  of  ball  bearing 
The  total  radial  load  per  bearing,  then  becomes 

F = 1.165(10)"'  e.^  N"  +4.1  cos 
rc  T - H 

Figure  o5  displays  tlie  eccentricities  graphically. 


Schema!  i c 


Runout 


riuvheel  Imbalance.  TIic  flnvheel  was  balanced  to  5(10)  ^ inches  displacement 
using  the  actual  shaft  surfaces  as  a balancing  reference  surface.  As  this 
also  compensates  for  shaft  out-of -roundness , the  value  e liecomes  0.000005 
and 


F , = 1.165(10)  ^ (.000005)  N"  +4.1  cos  t 

11 


= 5.325(10)'^°  N’-  +4.1  cos  ■>, 


Bearing  Radial  Runout.  The  ball  bearings  selected  were  .\BF:C-"  with  a ma.ximum 
total  radial  mnout  of  0.0001  inch  for  the  inner  ring  and  0.0002  inch  for 
the  outer  ring.  Since  the  inner  ring  is  turning  and  tlie  outer  ring  is  fixed, 
the  outer  ring  tolerance  can,  for  the  moment,  be  ignored,  and  the  bearing 
eccentricity  is  one  half  tlie  total  radial  runout,  or  e-i  = .00005.  If  the 
inner  ring  were  fixed  to  the  shaft  (hard  mount i,  the  bearing  load  would 
become ; 


F = 1.165(10) 
rc^ 


.000005  + .000051  .V 


+4.1  cos  (-L, 
““  H 


= 6.408(10)'^  +4.1  cos  J), 


Since,  on  this  application,  there  is  radial  clearance  for  a fluid  film 
bearing  and  the  ball  bearing  inner  race  will  be  turning  at  a lower  speed  than 
the  shaft,  the  radial  eccentricity  of  the  ball  bearing  becomes  a perturbation 
rather  than  a steady-state  load  and  must  be  considered  d\Tiamically.  For 
preliminary  investigation,  this  value  was  ignored. 


Shaft  Deflection.  The  shaft  design  is  illustrated  in  Figure  36.  If  the 
entire  flvivheel  is  considered  to  be  a simple  beam  supported  on  each  end,  the 
total  deflection  would  be 


e.  = y + y.,  + y, 
.)  1 2 o 


where 


yj  = deflection  of  small  end  of  shaft 


y,  = deflection  of  large  end  of  shaft 


y,  = deflection  in  flnvheel , which  can  be  ignored 


i 


uhere 


•1  48P.I, 


P = load  from  flnvlieel  = 2 F 


I:  = clastic  modulus  of  fhadieel  material  = 29(10)^ 


Ij  = moment  of  inertia 

= outer  diameter  of  shaft  (0.68^5) 

n.  = inner  diameter  of  shaft  (0.458) 

1 


[-  = 0.0491  (d  ^ = 0.0491  (O.bS-S)*^  - (0.45"5')‘^ 

1 \ O 1 ' 

. 


= 0.0091O2  in. 


.Similarly,  for  y,  and  a solid  shaft, 


1 , = 0.049  (0.'401^  = 0.014-2  in."^ 


H 


48r:U 


(O.blS)"’  F,.(2')  (0.905)-’  F (2) 

C.  = >'  + >’t  = + — 

48(29)(10)‘^(0.009lb2)  48(29)  (lOl'^lO. 014-21 


c-  = 5.-01|10l’^  F + 7.255(10)'''^  F 
.1  rc  rc 


e.  = 1.094(101  F 


For  a bearing  with  radial  clearance  (ignoring  the  bearing  runout)  and  at 
maximum  load, 


F 

rc 


F 

rc 


1.165(10) 

1.165(10) 

1.165(10) 

1.274(10) 


-4  2 
N 


(10)’^  + e. 


+ 4.1 


-4  -5  2 -4 

(10)  r + 1.165(10) 


-9  7 -11 

N"  + 1.274(10)  F 


F N“  = 1.165(10) 
rc 


rc 

-9 


(1.094)(10)‘' 

N"  +4.1 
.n’  + 4.1 


+ 


4.1 


F 

rc 


1-1.274(10) 


-11 


1.165(10)'^  + 4.1 


^ 1.165(10)'^  + 4.1 

rc  - 1 1 2 

1.274(10)  N 

The  shaft  stresses  in  bending  are 


where 

M = moment  load  = F L 
rc 

c = distance  to  extreme  fiber 
D 

■ 2 

For  the  small  end  of  the  sha+'t, 

F UD-  F^  (0.618)  (0.6875) 

■ 2Ij  ■ 2(0.009162)  ■ rc 
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For  the  large  end  oi‘  the  sliat't, 


(i 


S 


t 


F 

rc 


(L^+L^)D, 

~ 


F I 0. 618+0. 905) (0. “40  ) 
rc ^ 

2(0.014“2) 


38.28  F 

rc 


Thus,  it  notcli  effect  can  be  controlled,  the  stresses  at  the  shaft- 
fluvheel  junction  are  critical.  .Another  important  consideration  is  the  slope 
of  the  shaft,  since  it  determines  the  clearance  at  each  end  of  the  fluid 
bearing.  Let  5 = ajigle  of  slope  (in  radians) 


PL 


H IbEI  16EI 


1 


16EI, 


2F^^(0.618)  2F  (0.618+0.905) 

rc  rc  ^ 

+ -■  - 

16129) ( 10)^(0.009162)  16(29) (10)^(0.014“2) 


= 2.90“(10)'  F + 4.460(10)'  F = ".367(10)''  F 
H rc  ' rc  rc 

The  total  effective  length  of  the  duple.x  bearing  plus  a 0.3125  spacer  in 
between  is 


= 2(0.35181  + 0.3125  - 2(0.012)  = 0.992  in. 
The  total  angle  of  pemiissible  slope  is 


•m  ' Ofe  ■ ^4 

Beyond  this,  a counteracting  couple  will  be  introduced  to  the  ball  bearings, 
and  tlie  fluid  film  support  characteristics  will  be  drastically  reduced. 


Bearing  Radial  Clearance.  The  effect  on  load  of  the  radial  clearance  between 
the  journal  and  the  inner  race  of  the  ball  bearing  required  for  proper  opera- 
tion of  the  fluid  film  bearing  can  be  computed  as  in  the  preceding.  Primarily, 
two  conditions  must  be  considered. 
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First,  the  dynamic  forces  of  rotation  tend  to  center  the  journal  in  the 
bearing.  As  the  speed  of  rotation  increases,  the  dynamic  wedge  of  fluid 
becomes  thicker  and  will,  if  the  load  permits,  eventually  approach  the  value 
of  the  radial  clearance,  centering  the  journal,  depending  on  bearing  design. 

The  second  consideration,  however,  will  to  a great  e.vtent  determine  the 
failure  mode  of  the  ball  bearings  if  adequate  oil  is  not  provided.  UTiile  the 
ball  bearing  might  continue  to  operate  for  a while  without  lubrication,  the 
fluid  film  bearing  without  oil  cannot  form  a compensating  dvnar.ic  wedge; 
therefore,  the  full  effect  of  radial  clearance  is  felt,  and  the  load  on  the 
bearings  increases  rapidly.  This  can  become  catastrophic.  The  effect  on 
bearing  load  is: 


= 1.165(10)'^  N“ 


5(10) 


-6 


- e,  > 04 


+ 4.1  cos 

H 


Ball  Bearing  Radial  Deflection.  The  17  to  25  mm  bore  bearings  mounted  in 
duplex  have  essentially  linear  radial  deflection  under  preloaded  mounting 
conditions.  Tlie  effect  on  load  can  be  detennined  as  in  the  preceding: 


F 

rc 


1.165(10)*'* 


5(10)*^  + e. 


+4.1  cos  tu 

n 


Summar)'-  of  Centrifugal  Forces.  If  the  effect  of  ball  bearing  radial  runout  is 
ignored;  only  the  initial  unbalance  of  the  flwheel  is  actually  a known  load. 
The  rest  become  functions  of  other  design  and  operating  factors.  However,  in 
order  to  approximate  maximum  loads  vvhich  can  occur  if  the  oil  supply  fails, 
certain  assumptions  were  made.  The  ball  bearings  initially  selected  were  the 
duplex  Fafnir  2^^19103.  This  bearing  set,  with  a 40-pound  preload,  has  a 
radial  deflection  rate  of  approximately  5(10)'^  inch  per  pound  of  radial  load. 
Therefore, 


F^^  = 1.165(10)"* 


5(10) 


-6 


+ e^  + e4  + 05 


+ 4.1  cos  d),,,  with 
H 


e.  = 1.094(10)  F^^  and,  at  max  load, 

= 90°  ^ cos  (j)H  = 1.000 
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1.094(10')  ' F + e 


1.165(10)  N 


+ 1.275(10)  F N' 


100(10)  F N“  = 1.165(10)  N' 


1.165(10) 


1-7.100(10)  N 


Thus,  the  load  FJ•^;  reaches  infinity  when  the  expression  1 


100(10)  = 0 


llie  shaft  is  marginally  safe  at  full  load  and  full  speed. 

Using  this  equation,  the  load  can  be  computed  at  v'arious  radial 
clearances  and  speeds: 


1-7.100(10)  N 


I 


0.00075 


0.0010 


0.00125 


0.00150 


0.00175 


0.00200 


0.00250 


0.00300 


8.796C10)'V^4.1 

1-7.100(10)'^V 

1.171(10)''n~-^4.1 

1-7.100(10)'^V 

1.462(10)  ~V-f4.1 
1-7.100(10) 

1.755(10) '^N^f4.1 
1-7.100(10) '^V 

2.045(10)'  'n'^+4.1 

1-:^. 100(10) '^V 

2. 356(10) 'V-^4.1 
1-7.100(10) 

2.91S(1Q)''N"+4.1 

1-7.100(10)'^V 

5. 501  (10) ■*•4.1 
1-7.100(10) '^V 


80 


14 


The  loads  and  stresses  are  plotted  graphically  in  Figures  5"  and  38.  For 
emphasis,  Figures  37  and  58  show  the  lero  radial  clearance  v'alues.  This  must 
also  include  bearing  radial  runout. 


F = l.lb3(10)  [e,  + e,  + e,  e^]  +4.1 

rc  ' 1 2 o 5^ 


= 1.165(10)'^  .N" 


5fl0)'^  + 5(10r^  + 1.094(10)'  F 


rc 


+ 5fl0)''  F 


rc 


+ 4.1 


= 6.408(10)'^^  .N’"  + 7.100(10)'^^  F^^  N’“  + 4.1 


li 


F^^  - 7.100(10)'^^  F^^  N’“  = 6.408(10)'^°  N'"  + 4.1 


_ 6.408(10)'^^  .N"  + 4.1 


rc 


1-7.100(10)'^^  N" 


It  must  be  emphasised  that  Figures  57  and  38  do  not  represent  normal 
operating  conditions  but  are  possible  if  the  oil  supply  is  stopped.  This 
comparison  shows  that  at  0.001  clearance,  if  the  shaft  is  free  to  rattle 
around  inside  the  bearing  because  there  is  no  oil  and,  thus,  no  centering 
action,  the  load  in  the  bearings  will  increase  by  a factor  of  100.  This 
accentuates  the  extreme  importance  of  journal  bearing  design  and  performance. 


Fln^heel  Precessing  Loads.  Two  t>'pes  of  precession  loads  are  imposed  on  the 
flN'wheel  support  bearings: 

1.  Manufacturing  tolerance  loads. 

2.  Vehicle  maneuvering  loads. 
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I 


No  Oi  1 


No  Oil 


Manufacturing  Tolerances.  If  we  assume  that  the  high  side  of  bearing  runout 
is  the  same  on  both  bearings  and  that  the  high  spots  lie  in  the  same  plane  and 
direction,  the  maximum  bearing  loads  are  increased  significantly.  If,  however, 
the  runouts  are  unequal  or  if  they  do  not  lie  in  the  same  plane,  the  fl wheel 
will  wobble.  The  worst  condition  would  be  if  the  bearing  nmouts  were  maximum 
and  in  the  same  plane  but  of  opposite  sense  (direction).  Thus,  if  the  direc- 
tions of  the  runouts  were  vertical,  one  end  of  the  flyvvheel  shaft  would  be 
down  and  the  other  up;  in  180°  of  flywheel  rotation,  the  positions  would  be 
reversed.  This  conical  rotation  of  the  spin  axis  develops  a torque  couple 
(precession)  which  must  be  restrained  by  the  bearings,  the  direction  of  the 
load  being  at  right  angles  to  the  position  of  excursion.  Thus,  if  the  excur- 
sion were  in  the  vertical  plane,  the  bearing  loads  would  be  in  the  horizontal 
plane. 

The  magnitude  of  the  torque  couple  is 
T = I(jja 


where 


T = torque  (in. -lb) 

I = mass  moment  of  inertia  (in. -lb  sec^) 

(i)  = rotational  speed  (radians  per  sec) 

a = velocity  of  precession  (radians  per  sec) 

There  is  one  complete  cycle  each  revolution  (full  load  to  full  reverse 
load  each  180°),  so  at  88,235  rpm,  the  frequency  is  88,235/60  = 1,470.58  cycles 
per  second.  Full  change  from  maximum  to  minimum  load  would  be  0.5(1/1,470.58) 

= 0.00034  second.  The  rates  of  change  would  be; 

Item  Precision  a = Rate  of  (rad/sec)  change 

Flywheel  ABEC-7  0.051588  Radians  per  sec 

Fl>'wheel  RBEC-5  0.077412 
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Tlie  computed  torque  (T  = Lxi)  becomes 


Item 

Precis  ion 

I 

jj 

_ 

T llbl 

Flywheel 

.\BEC-" 

0.051.- 

9, did 

0.0510 

2-1.459 

Fl\-wheel 

RBr.C-5 

0.0515 

9,240 

0.i)'"4 

50 . OSS 

The  wobble,  then,  con  become  veiy  si^^nificant  it'  the  rolling  element 
bearing  is  required  to  take  the  full  speed  of  ntation  and  the  bearing  inner 
races  are  ISO"  out  of  phase.  If  by  using  Precision  9 bearings,  tlie  vibration 
amplitude  would  be  reduced  by  at  least  50‘i,  and  if  a journal  fluid  bearing 
can  be  designed  to  accept  a large  share  of  the  rotational  speed,  the  vibrational 
frequency  can  be  reduced  until  the  condition  can  be  tolerated.  This  condition 
highlights  a major  procedure  in  conv'entional  ultra-high-speed  rotating  mach- 
inery-; i.e.,  the  flnvheel  unbalance  and  the  bearing  eccentricity  are  mounted 
so  as  to  cancel  out  the  alignment  error.  This  problem  was  considered  carefully 
in  final  design. 


\ehicle  Maneuvering  Loads.  Two  types  of  maneuvering  loads  affect  the  flwheel 
bearings;  i.e.,  gvTOScopic  moments  in  the  flyavheel,  which  are  introduced  by 
vehicle  directional  changes  and  gravity  loads  (centrifugal  force  external  to 
the  flyav-heel),  which  are  introduced  during  the  execution  of  those  changes  in 
direction.  Since  the  g>Toscopic  processional  loads  are  coupled  and  the  g- force 
loads  are  unidirectional,  the  loads  on  the  bearing  are  not  in  the  same  plane 
and,  to  some  extent,  can  be  additive  on  one  end  of  the  fl\vheel  and  subtractive 
on  the  other.  For  instance,  if  the  rotational  centerline  of  the  flyivheel  were 
parallel  to  the  vehicle  fore-and-aft  centerline  and  a "pull-up"  maneuver  were 
e.xecuted,  the  entire  mass  of  the  flyivheel  would  e.xert  a g-load  downward  on  the 
flwheel  bearings  due  to  centrifugal  force  on  the  fly^vheel,  while  the  flwheel 
itself  would  e.xert  a gy-roscopic  moment  in  the  horizontal  plane  (opposite  in 
direction  on  either  end  of  the  flywheel).  Thus,  the  actual  load  on  the  bear- 
ings would  be  a vector  quantity  downward  and  angled  to  the  right  or  left  on 
either  end  of  the  fly^vheel  shaft. 

Since  the  mechanical  power  package  is  some  distance  from  the  centerline 
of  the  B-1,  roll  maneuvers  introduce  a centrifugal  force  and,  to  a lesser 
extent,  so  do  yaw  maneuvers.  However,  even  the  greatest  centrifugal  force 
resulting  from  maneuvering  is  relatively  small.  For  e.xample,  the  greatest 
angular  velocity  about  the  vehicle  centerline  is  the  75°  per  second  roll,  rate, 
with  acceleration-deceleration  rates  of  twice  that  figure  (150°  per  sec“) . 
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The  distance  from  the  vehicle  centerline  to  the  MPP  is  approximately 
80  inches,  and  the  angular  rate  of  rotation  is  r”5)r60J/360  = 12.5  rpm. 

From  the  equation  shown  on  page  71, 

= 2.842(10)'^  WRN" 

= 2.842(10)'^  (8.2)C80)(12.5)‘ 

= 2.91  lb 

Depending  entirely  upon  the  orientation  of  the  flywheel  shaft  centerline 
relative  to  the  vehicle  centerline,  this  reaction  could  range  from  50°  load 
applied  equally  and  radially  to  each  bearing,  to  100°6  load  applied  axially 
(thrust)  to  a single  bearing.  In  view  of  the  much  higher  loads  home  by  the 
bearings  from  imbalance  and  manufacturing  tolerances,  these  centrifugal  forces 
have  little  significance. 


Precession  Loads.  The  vibrational  problems  discussed  in  the  preceding  para- 
graphs assumed  rigid  supports.  However,  they  are  unchanged  in  frequency  but 
will  show  some  increased  amplitude  of  response  when  the  spring  rate  of  the 
actual  flywheel  housing  and  mounting  system  is  considered.  Diiring  maneuvering 
loads,  the  approach  to  solution  is  the  same  as  has  been  outlined  except  that 
the  effect  of  shaft  and  bearing  deflection  must  be  accounted  for  during  the 
acceleration  period  leadiiig  to  steady- state  precession. 

The  effects  of  precession  loads  are  illustrated  in  Figure  39.  Compared 
to  the  effects  of  centrifugal  force  loading  (Figure  37) , one  significant 
difference  became  immediately  apparent.  During  centrifugal  force  loading, 
the  force  is  always  in  the  axial  plane  containing  both  the  flvavheel  geometric 
centerline  and  the  mass  center  of  the  flwheel  and,  if  weight  is  disregarded, 
the  bearings  and  the  deflected  shaft  see  the  centrifugal  force  loads  as  a 
rotating  load,  always  in  the  same  direction  relative  to  the  plane  described 
in  the  preceding  and  always  of  the  same  magnitude  as  long  as  the  flwheel  sta>'s 
at  the  same  speed.  Thus,  it  was  recognized  that,  if  the  fl\avheel  were  brought 
up  to  speed  before  a flight  and  allowed  to  remain  at  full  speed  during  the 
flight,  centrifugal  forces  would  contribute  only  one  shaft  flex  fatigue  cycle 
per  flight.  E.xcept  for  creep  phenomena  and  possible  crack  propagation  under 
constant  stress,  the  flywheel  shaft  would  practically  never  fail  due  to 
fatigue.  Even  when  the  flywheel  was  used  as  an  energv'  source  during  flight, 
the  contribution  to  fatigue  cycles  would  be  minimal.  In  this  application, 
the  flyw'heel  was  designed  for  use  in  the  100%  to  70%  speed  rai'ge.  Since 
flvai^heel  shaft  stresses  and  bearing  loads  are  a function  of  the  square  of  the 
speed,  the  shaft  stresses  would  reduce  to  49%  of  full  load  stress  with  never 
a stress  reversal.  It  would  take  several  such  stress  reductions  to  contribute 
the  equivalent  fatigue  effect  of  a single  full  stress  reversal  (100%  plus  to 
100%  minus  load  in  the  same  flywheel  plane). 


Flywheel  angular 
d i sp  1 aceiiien  t 


It  Flywheel  (trariovcrbe) 
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MECHANICAL  POWER  SYSTEM  FOR  AIRCRAFT  INTERMITTENT  UTILITY  FUNCT--ETC(U) 
APR  79  C W HELSLEY  F33615-75-C-2011 
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liouevcr,  as  can  be  seen  in  Figure  39,  during  a precession  load  event,  the 
shaft  on  each  end  of  the  flnvheel  undergoes  a full  load  reversal  each  revolu- 
tion of  the  fhvheel.  Thus,  if  the  fl)"wheel  were  rotating  at  its  full  design 
speed  of  SS,235  rpm,  each  second  of  a precission  event  contributes  1,4"0.58 
full  load  reversals.  An  analogous  situation  would  be  a unidirectional  load 
applied  to  a rotating  beam.  For  instance,  at  a maximum  turn  rate  of  20°  per 
second,  a full  180°  turn  would  require  9 seconds  and  contribute  13,235  fatigue 
cvcles.  It  is  in  this  context  that  the  precession  loading  of  the  flv-wheel  was 
considered  important. 


1 I Steady-state  precession  loads  - Once  the  rate  of  precession  in 
any  vehicle  maneuver  is  established,  the  precession  load  can  be 
calculated  by  T = Vm.  At  full  flvavheel  speed,  the  maximum  pre- 
cession load  per  bearing  occurs  during  a roll  maneuver  when  the 
fl>-wheel  shaft  centerline  is  located  as  planned  for  the  B-1. 

For  the  fl>vheel: 

T = (0.05131 (9,240)  = 474a 

Since  the  bearings  are  5.366  in.  apart,  the  load  on  each  bearing 
is 


F = =4—  = ^-4^  = 88.33a 
pt  D.jbt)  5.j)6b 

For  the  MPP,  the  design  criteria  are: 


Roll 

Pitch 

Yaw 

Max  processional  rate 
(degrees  per  sec) 

"5 

20 

20 

1 xt 1 radians  per  sec ) 

1.309 

0.349 

0.349 

Fpf  Precessional  loads 
Fluv'heel  bearings  (lb) 

115.62 

30 . 83 

30.85 

Percent  time  (life) 

5.9 

0.1 

0.1 

Longitudinal 

I.ateral 

Normal 

Accelerations 

±0.5g 

=1.0g 

±3.0g, 

.\s  indicated  in  the  preceding,  the  maximum  induced  load  is  115.62 
pounds  per  bearing.  However,  this  does  not  include  the  perturbations 
introduced  by  imbalance,  shaft  deflection,  and  bearing  deflection. 
From  Figure  59,  obser\-e  that  the  radial  clearance  does  not  enter  into 
steady-state  precession  loads,  but  bearing  radial  runout  would.  Tlie 
weight  of  the  flwheel  would  also  enter  into  the  calculations  as 
before.  Tlie  bearing  load  and,  therefore,  shaft  stresses  become 

F = 115.62  + 1.165(10)  [le, ±e,+e_+e.. ] ± 4.1  cosQ,, 
rp  1 2 j 3 H 

= 115.62  + l.l65riO)'V 

[t5(10)'^±5(10)'^+1.384(10)‘'F  +5fl0j'^F  ] ± 4.1  cose,,. 

rp  ^ i-p-'  H 

at  full  flvTvheel  speed,  the  maximum  load 

F = 115.62+4. 1+49.89+0. 579F 
‘■Pmav  rp 


F -0.579F  = 169.59 

rp  rp 


F 


rp 


max 


169.59 

1-.579 


= 402.83  lb 


The  minimum  load  is 


-F 


rp  . = -115.62+1.165(10)  S”[+e  +e.,-e.-ep]+4.1cos8,, 

*^min  '•  1 2 J 5^  H 


-115. 62+1. 165(10)'V 

[+5fl0)’^+5(10'^-1.584(10)'^F  -5(10)'T  ]+4.1 

rp  rp 

-115.62+49.89-0.579  F +4.1 

rp 


-F 


min 


-60.71 

1-.579 


= -156.08  lb 


If  the  flywheel  had  been  positioned  so  that  the  roll  maneuver  pre- 
cession load  was  zero,  the  maximum  yaw  and  pitch  rate  would  be  only 
20°  per  second  and  the  precession  load  would  be  30.83  pounds.  Then 


F 


rp 


max 


30.83  + 49.89  + 0.579  F +4.1 

rp 


84.82 

1-.579 


= 201.47  lb 


89 


• = -50. 85+49. 89-0. 570F  +4.1 

qi  . q) 

min 


-F  2.>.  lb  --mil. 

q-)  . = rzr  = + oo.Ol  lb 

min  1-.3/9 


Thu.<; , at  the  extreme  condition  postulated  iiith  no  oil,  the  yau  rate 
precession  load  is  not  great  enougli  to  overcome  the  load  from  centri- 
fugal force  and  these  would  not  he  stress  reversal  but  stress 
reduction  in  the  shaft. 

•Vs  calculated  previously,  tlie  shaft  stress  in  bending  is 


•S^  = 57.45  F 
t r 

and  the  stresses  become 

max  roll  rate  = + 15,080  psi 

S max  - 5,845  psi 

min 

max  yaw  rate  = + ^,545  psi 

S max  = + 2 ,0b0  psi 
min 

Thus,  the  stresses  during  precession  events  will  not  become  great 
enough  to  induce  rapid  fatigue,  but  the  amplitude  with  no  oil  was 
carefully  considered  a major  factor  for  its  effect  on  the  ball 
bearings. 

Precession  loads  during  acceleration  - Tlie  angular  rate  of  accelera- 
tion allowed  by  vehicle  design  in  leading  into  any  maneuver  is  twice 
the  design  rate  of  angular  change.  Tlius,  the  loads  on  the  flndieel 
bearings  from  precession  would  be  twice  as  great. 


During  a roll  maneuver: 


217. 8+49.89+. 579  F +4.1 
rp 


= +645.58  lb 


= -217. 8+49. 89-. 579  F'  +4.1 

rp 


ittn 


3)  Sunimary  - As  mentioned,  the  load  levels  described  above  could  be 
reached  only  if  the  oil  supply  failed  during  or  just  before  the 
maneuver  began.  Although  radial  clearance  does  not  enter  the  cal- 
culations, a hard  mounted  bearing  would  not  be  subjected  to  the 
same  loads  since  the  flwheel  could  be  balanced  with  the  bearings 
in  place,  negating  the  significant  influence  of  the  bearing  radial 
runout.  However,  the  calculations  did  emphasise  the  necessity  of 
maintaining  an  oil  supply  and  a full  film  in  the  fluid  film  bearing 
to  achieve  the  ma.ximum  damping  of  the  load  perturbations. 


Steadv-State  Bearing  Loads.  Ivlien  the  vehicle  is  not  maneuvering,  there  are 
no  precession  loads  and  the  bearing  loads  are  essentially  the  same  as  the 
maneuvering  loads  for  any  shaft  orientation  in  which  the  precession  loads  are 
:ero.  Of  course,  during  maneuvering,  there  are  small  "g"  loads  due  to  the 
centrifugal  forces  imposed  on  the  entire  flywheel,  but  these  loads  can  be 
ignored  in  the  computations.  All  the  loads  are  summariced  in  Table  5. 


lABi.i:  .'s.  Mi’i>  i i,Yiviii;i;i,  hi:a]<in(;  idai)  sijnmary  (lb)  at  ««,235  ri'm 


Bearing  Life  Loads.  Ivlien  rolling  element  bearings  are  subjected  to  varvin 
loads  for  different  periods  of  time,  an  equivalent  load  can  be  calculated 
vvhich  will  have  the  same  influence  on  bearing  life  as  the  varying  loads. 
Tliese  mean  loads  are; 


1)  .\BEC-^  ball  bearings  - flnvheel  shaft: 


Long : P = 


0.959(60.3]  + 0,059(60. 3)’’  + 0.001(09.21 


O.OOir:’!.")'^ 


1/3 


= 60.3 


Trans:  P = 


0.959(60.5)-^  + 0.059(150.1)^  + 0.001(60.5) 


+ o.ooif"!.:^)-^ 


il/5 


= 66. 


Vert : P = 


0.959(60.0)-^  + 0.039(130.1)-"  + 0 .001  ( 69  . i)-" 


0.001(69.4)-" 


- t1/3 


= 66.5 


2)  .-\BEC-5  ball  bearings  - flvnvheel  shaft: 


Long:  P = 0.959(82.")^  + 0.039(82.7)-"  + 0.001(90.9)" 


+ 0.001(91.6)-" 


-t1/3 


= 82.7 
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Ti'an:  P = 


0. 959182. > 0.059(145.8)^  0.001  ( 82. 7] 


+ 0.001(91.0)'^ 


1/3 


8". 5 


Vert:  P = 


0.959(82.9)'^  + 0.059(  145.8)'’  0.001(90.1)'’ 


+ 0.001(90.1)^ 


- il/j 


= 8". 4 


3)  .ABEC-9  ball  bearings  - fluvheel  shaft: 


Long : P = 


0.959(3'. 9)-’  + 0.039(5". 9)'’  + 0.001(50.4)'’ 


+ 0.001(53.5)^ 


- t1/3 


= 57.9 


Tran:  P = 


0.959(5". 9)^  + 0.059(11". 9)'’  + 0.001(57.9)'’ 


> 0.001(55.5)'’ 


il/3 


= 48.8 


Vert : P = 


0.959(5". 5)^  + 0.059(118.7)-’  + 0.001(50.2)'’ 


0.001(50 


3-,1/3 


= 48.8 


From  the  above  calculations,  it  is  apparent  that  maneuvering  loads  and 
shaft  orientation  had  little  effect  on  mean  load. 
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Normal  Operating  Loads.  IXiring  normal  operating  conditions  of  the  hybrid 
bearing,  adequate  oil  will  be  supplied  to  both  the  journal  and  rolling 
element  bearings.  With  a fluid  film  supporting  the  flyAvheel  shaft,  the 
journal  bearing  initially  behaves  as  described  previously  (Figure  31),  and  the 
loads  applied  to  the  journal  bearing  vertical  plane  are  the  steady  flnvheel 
weight  and  the  rotating  load  from  flywheel  imbalance: 


F = 4.1  + 1.165(10)  N"  cosu) 


where  the  angle  "u)"  is  the  angle  of  rotation  of  a plane  through  the  fl>vheel 
geometric  center  and  the  mass  center,  away  from  bottom  dead  center.  Thus, 
when  the  angle  is  between  90°  and  the  effect  of  the  rotating  load 

is  negative  and  tends  to  lift  the  journal  in  the  bearing.  At  some  speed,  the 
minimum  load  becomes  zero  and. 


1.165(10)  N“  cos  180 


4.1  - 1.165(10)  N' 


1.165(10) 


Above  that  speed,  the  load  becomes  negative  for  some  period  on  each  revolution 
of  the  flywheel,  reaching  a minimum  negative  load  at  the  rated  flwheel  speed 
of  88,235  rpm  of 


F^  = 4.1  + 1.165(10)  (88235)“  cos  180 


This  negative  shift  'n  each  revolution  indicates  that  it  is  possible  for  the 
flywheel  to  start  orbiting  with  possibly  catastrophic  effects  if  the  journal 
bearing  remained  purely  hydrodynamic.  It  is  necessary,  therefore,  to  achieve 
positive  hydrostatic  conversion  before  the  critical  speed  is  achieved.  The 
loads  are  illustrated  graphically  in  Figure  40.  Note  that  the  load  goes 
negative  when  w = 116.87°  and  stays  negative  for  126.26°  (or  35%  of  the  time) 
on  each  revolution  of  the  flywheel. 


Effects  of  cyclic  loading  on  bearing  life  - The  general  methods  of 
determining  an  equivalent  mean  load  for  use  in  calculating  the  1 i f e 
of  a rolling  element  bearing  are  described  in  Reference  2.  hherc 
the  load  varies  in  a series  of  known  steps,  the  equivalent  load  can 
be  expressed  as : 


For  vibratoiy  loading,  an  integral  form  of  the  equation  is 


In  this  case,  the  load  "F"  consists  of  steady-state  load 
rotational -load  "Fi",  and  the  total  load  as  above: 


Expanded  and  integrated 


This  is  the  mathematical  basis  for  the  methods  given  in  Reference  2, 
and  is  well-treated  in  the  report,  Reference  3. 

Reference  2.  SKF  Fngineering  Data  Manual 

Reference  3.  Lewis,  P.,  and  Malanoski,  S.,  "Rotor -Bearing  Dynamics  Technology 
Part  IV:  Ball  Bearing  Design  Data,"  AFAPL-TR-65-45,  May  1965 


The  mean  load  detemiined  here  is  the  load  t’roin  the  t'lndieel.  As 
applied  to  the  ball  bearing  in  the  hybrid  configuration,  it  must  he 
considered  that,  v^hile  the  cyclic  loading  is  applied  at  fhvheel 
speeds,  the  ball  bearing  is  rotating  at  a lesser  speed  and  the 
cyclic  load  may  be  applied  more  tiwn  once  per  bearing  revolution. 
Since  ball  bearing  life  is  dependent  upon  the  number  of  times  the 
load  is  applied,  the  flv^dleel  speed  -ust  be  used  in  life  calcula- 
tions instead  of  the  bearing  speed. 

Conclusions  - It  is  evident  from  this  discussion  of  loads  tiiat  the 
flwvheel  must  be  balanced  as  finely  as  possible.  Tor  instance,  the 
fl>vheel  can  be  balanced  so  that  tiie  rotating  load  no\er  causes  the 
applied  load  to  go  negative,  tlie  hybrid  bearing  could  function  as  a 
combination  ball  bearing  and  hydrod>Tiamic  bearing  without  considera- 
tion of  the  hydrostatic  stage.  This  would  occur  if: 

-4  2 

Fj.  = 0 = 4 . 1 +•  1 . 165(  10 ) ^2  ^ cosw 


N = 88,255 

a.  = 180° 


e ^ = 0.00000452  inch 

^ 1.165(10)  (88255)" 

This  is,  for  all  practical  purposes,  the  limit  of  the  present 
state-of-the-art  and  the  level  to  which  the  test  flwheel  was 
balanced  fO. 000005). 

.Mote  that  this  level  of  fl>Tvheel  balance  would  yield  a minimiun 
vertical  load  of  zero,  a maximum  vertical  load  of  8.2  lb,  and  a 
mean  vertical  load  of  ".845  lb.  Depending  on  speed  sharing  factors 
and  pre-loads  finally  selected,  ball  bearing  life  can  be  increased 
still  further.  In  addition,  if  fluid  damping  coefficients  can  be 
maintained  at  a high  enough  level,  the  manufacturing  precision 
required  of  the  ball  bearing  may  be  reduced  with  considerable  cost 
savings. 


Boaring  [>e5i'^n.  Tl\c  chanicter ist  vos.  ol  the  dvi]>lex  i>all  heai  in;'  '..h;eh 
i^ere  eonsiJereJ  are; 

1)  Bearing  stit’t'ncss  (or  its  inverse,  the  radial  and  axial  dc:'lect;cn 
rates  in  inches  per  pound  of  load) 

2)  Bearing  capacit>’  and  life 

3)  Bearing  friction  and  power  loss 

4)  High-speed  effects  on  bearing  life,  stiffness  and  power  loss 

\lthough  several  bearings  were  investigated,  three  hearings  of  different  site 
and  configuration  were  considered  representative  of  the  site  range  required 
for  this  application.  These  bearings  were  all  of  the  extra-preci sion  txpe. 

They  are  described  in  Fafnir  Bearing  Co.  catalog  08  and  are  numbered  i in 
Fafnir  terminology)  d'-M  9505,  2NM  9104,  and  2NM  9103.  Further,  two  types  of 
each  bearings  were  considered;  i.e.,  tx-pe  WO,  whicli  has  the  inner  ring  counter- 
bored  for  assembly  and  the  separator  designed  to  ride  on  the  lands  of  the 
outer  ring,  and  tx-pe  WT , which  has  the  outer  ring  counterbored  with  tlie  sep- 
arator designed  to  ride  on  the  outer  ring  land  but  only  on  a single  side. 

Refer  to  Table  4 for  bearing  characteristics. 

1)  Ball  bearing  stiffness  - The  stiffness  of  a bearing  is  simply  its 
rate  of  dimensional  change  under  an  applied  load.  As  in  any  spring, 
the  rate  of  deflection  is  usually  expressed  in  pounds  of  load  required 
to  deflect  the  bearing  1 inch.  Tlie  inverse  of  this  dimension  is  the 
rate  of  deflection  in  inches  of  deflection  per  pound  of  load,  wi; ich 
is  of  use  in  these  calculations  since,  under  radial  load,  radial 
deflection  can  increase  the  orbiting  eccentricity  of  the  flxvdieel 
under  certain  conditions.  Unlike  a helical  spring,  however,  bearing 
deflection  is  an  exponential  function  of  load  for  pure  thrust  or 
radial  loads,  but  becomes  an  involved  combination  of  the  two  rates 
when  both  radial  and  axial  loads  are  applied.  A computer  program 
for  calculating  ball  bearing  stiffness  is  contained  in  Part  II  of 
Reference  3.  However,  ball  speed  variation  is  also  related  to  stiff- 
ness (BSV)  and,  unfortunately,  this  is  not  accounted  for  in  the 
computer  program.  Figure  41  graphically  displays  part  of  what 
happens  inside  a ball  bearing  under  various  loading  conditions. 

Figure  41a  shows  the  ball  paths  on  the  raceways  during  the  application 
of  a pure  radial  load.  At  relatively  low  speeds  (below  500,000  DN’)  , 
the  retainer  speed  is  controlled  by  the  speed  of  the  most  heavily 
loaded  ball  on  the  inner  race  which  has  the  highest  compressive 
stress.  When  the  ball  lifts  off  the  inner  race,  its  own  speed  tends 
to  be  controlled  by  the  outer  race,  but  the  centrifugal  forces  are 
light  and  the  skidding  of  the  ball  against  both  the  raceway  and  the 
retainer  pocket  is  minimal. 
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TABLE  4.  BEARING  CHARACTERISTICS 


Bearing  No 


Bore  dia 
Outside  dia 
Mean  dia 

Width  (duplex  brgj 
Ball  si:e 
No.  balls 
Contact  angle  (BqJ 


17IM(  0.6695) 
35NM(1.5'’80) 
26NM(1.025^) 
20^M(0.'874) 
0.21875" 


Ball/race  confoimity  (fl 
Inner  (fi) 

Outer  (Tq) 


Conformity,  or  the  race  curvature  in  the  axial  plane,  is  expressed  as  a 
decimal  fraction  of  ball  diameter.  Thus,  the  conformity  can  never  he  as 
small  as  0.50  (or  equal  to  ball  radius)  since  any  load  would  result  in 
sufficient  ball-race  deflection  to  cause  the  radial  clearance  between 
the  ball  and  race  to  be  less  than  zero,  and  the  ball  would  be  wedged 
into  the  race.  There  would  be  no  room  for  a fluid  film,  and  the  resul- 
tant skidding  would  be  unacceptable.  "Nomal"  confomity  varies  from 
manufacturer  to  manufacturer  according  to  bearing  type,  but  the  values 
generally  regarded  as  an  acceptable  minimtun  are  fi  (inner  race)  = 0.516 
and  fo  (outer  race)  = 0.530. 


20,'M(0.78'4) 

4 2.NM(  1.6535) 
31NM( 1.2205) 
24,\1M(0.9949) 
0.250" 

25NM(0.9843) 
42M.|(  1.6535) 
33. 5>P1(  1.3189 
1S\M(0.‘08-| 
0.18'5" 

11 

r 

12° 

12° 

18° 

18° 

52 

52 

53 

55 

Ntoreover,  at  speeds  above  500,000  DN,  the  centrifugal  forces  become 
great  enough  to  cause  the  maximum  contact  stress  to  occur  at  the 
outer  race,  which,  in  turn,  controls  both  ball  and  retainer  speed, 
and  the  skidding  occurs  between  the  ball  and  inner  race  when  the 
unloaded  ball  reenters  the  loaded  zone. 


Figure  41b  illustrates  a pure  axial  or  thrust  load  condition.  In 
this  condition,  the  load  on  each  ball  is  the  same,  and  there  is 
virtually  no  ball  speed  variation. 


Figure  41c  illustrates  the  effects  of  a combination  radial  and  thrust 
load  where  the  thrust  load  is  dominant  sufficiently  to  keep  all  halls 
in  contact  with  both  inner  and  outer  races.  In  any  angular  contact 
ball  bearing,  an  increase  in  thrust  load  tends  to  increase  the  con- 
tact angle  and  any  radial  load  tends  to  decrease  the  contact  angle. 
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Thus,  under  a combined  load,  each  ball  in  the  bearing  has  a different 
contact  angle,  but  as  long  as  all  tlie  balls  remain  in  contact  uitli 
lx)th  races,  the  angular  change  is  essentially  unifomi  as  the  bearing 
rotates,  but  the  ball  paths  in  the  races  are  not  parallel.  Tach  ball 
also  has  a different  nomial  load  across  it,  with  the  most  heavdly 
loaded  ball  on  the  bottom  having  the  lowest  contact  angle,  and  the 
most  lightly  loaded  ball  on  top  having  the  highest  contact  angle. 

Under  noniial  operating  conditions  at  speeds  below  500,000  DN,  the 
angular  divergence  of  the  ball  paths  is  ver\-  small  and  the  usual 
clearance  benveen  the  ball  and  ball  pocket  in  the  retainer  allows 
the  retainer  to  run  smoothly  with  little  or  no  wobble.  Ball  speed 
is  a function  of  the  contact  angle,  and  there  is  less  than  1“  ball 
speed  variation.  Higher  speeds  tend  to  decrease  the  outer  race 
contact  angle  and  increase  the  contact  angle  on  the  inner  race  so  that 
the  angular  divergence  of  the  ball  paths  is  somewhat  greater.  The 
retainer  can  still  be  made  to  operate  smoothly  by  enlarging  the  ball 
pockets  in  the  retainer  slightly. 

As  shown  in  Figure  41d,  when  the  radial  load  becomes  great  enough  to 
cause  the  top  ball  to  lift  off,  there  is  no  longer  any  control  to 
force  the  free  ball  to  maintain  an  angle  of  contact.  The  ball  imme- 
diately tries  to  shift  to  the  center  of  the  outer  race,  and  its 
speed  is  controlled  by  the  outer  race.  The  angular  velocity  of  the 
ball  about  its  own  center  can  be  expressed: 


\ 


B 


(inner  I'ace  control) 


where 


= ball  pitch  circle  dia 
d = ball  dia 
Nh  = inner  race  speed 
Using  the  9505  hearing  as  an  e.xample. 


1.5189N. 
\ = L 

•B  : (0.18-5; 


lo.issy 

\ 1.5189/ 


cos-:o= 


= 5 4545 

1 
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IvTien  the  ball  lifts  off  aiid  its  speed  becomes  controlled  hv  tlie 
outer  race,  the  speed  ratio  is 


D +d 

M ^ l.5l89->-0.l8~5 

D^|-dcos3  1 . 5189-0.  IS^jcosZO® 


l.50b4 

1.142" 


1.5185 


The  ball  therefore  tries  to  increase  its  oun  rotating  speed  by 
51.85®,  inti'oducing  unacceptable  skidding.  In  addition,  the  ball 
instantaneously  processes  its  centerline  of  rotation  by  the  full 
amount  of  the  original  contact  angle  and  shifts  its  center  in  the 
retainer  by  the  full  amount  of  the  a.xial  deflection.  Unless  the 
retainer  ball  pockets  provide  adequate  clearance,  tlie  side  loads 
on  the  retainer  can  become  high  enough  to  cause  immediate  failure 
of  the  retainer.  A good  discussion  of  this  problem  is  presented  in 
the  paper  "Ball  Speed  Variation  in  Ball  Bearings  cmd  Its  Effect  on 
Cage  Design,”  by  Thomas  Barish  lASLE  preprint  bSA'l  bC-Zl.  Ball  lift- 
off may  be  prevented  by  providing  adequate  preload  to  the  bearings 
so  that  the  maximum  expected  radial  load  from  precession  is  less 
than  the  load  required  to  achieve  liftoff. 

The  combination  of  radial  and  thnjst  loads  at  incipient  liftoff  can 
be  calculated  fFigure  41c)  : 


= 180°  = cos 


, ./l-(sin8  '+h')“-cos3  ' 

- 1 \ o o 


k' 


where 


6^'  = mounted  initial  contact  angle  before  load  application 


h = axial  deflection  from  preload 

B = f.  + f - 1 
1 o 

d = ball  diameter 
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k = radial  Jo f 1 ec t i on  from  radial  load 

Tliis  equation  ^as  solved  by  numerical  intCi;ration  for  rlie  tlii'cc 
c;uidiJate  hearings,  for  lx)th  ld°  and  18'^  angles  of  initial  unmounted 
contact.  The  stiffness  cliaractor  ist  ics  of  the  hearings  arc  illus- 
trated in  Figure  4d.  Generally  speaking,  the  stiffness  of  a hearing 
increases  with  the  tumibcr  of  halls,  hut  decreases  as  the  contact 
angle  increases.  This  is  apparent  in  the  curves  of  1 igure  42.  In 
tliese  computations,  a load  shai'ing  factor  of  lil'^-  was  allowed 
wlicrc  1 = niDabev  of  rows.  Huis,  when  the  number  of  rows,  i,  = 2,  the 
two  rows  will  not  share  tlie  load  eipially  due  to  manufacturing 
tolerances.  (Radial  ninouts  and  ball  di;unctcr  \ariations  arc  to  he 
considered,  and  the  factor  (i)'^-  is  detemined  from  test). 

Let  the  capacity  of  a single-row  hearing  equal  C.  Then,  for: 

2 rows,  C,  = C(2)‘^'  = 1.62.sC 

3 rows,  C-  = C(3l‘^'  = 2.158C 

4 rows,  = C(4)*^'  = 2.h39C 

5 rows,  C-  = C(5)^  = 3.(185C 

.I 

Tlierefore,  adding  extra  rows  of  bearings  to  increase  load-canying 
capacity  rapidly  reaches  a point  of  no  return  and,  if  extra  capacity 
is  required,  it  is  better  to  use  larger  but  fewer  bearings. 

(Actually,  while  this  factor  is  consein.'ative  due  to  the  ultrapreci- 
sion bearing  tolerances,  higher  anticipated  speeds  obviate  the  use 
of  a less  conservative  factor). 

Tlie  maxi.mimi  anticipated  radial  loads  occur  during  the  acceleration 
period  of  precession.  If  the  flnvheel  shaft  is  oriented  to  permit 
:naximimi  roll-rate  precession,  the  loads  become: 

!•■  = 2(113. h2)  + 4.1  + 1.16.3(104'^188, 2.391  " 

>T 

= 244.41  lb 


) 

i 


I' 


Allowing  a design  factor  of  1,5,  the  bearing  should  withstand 
r = 1.5(244.41)  = 5bb.b2  lb 

From  Figure  42,  this  would  require  an  approximate  preload  of 
92  pounds  for  12°  contact  angles  or  128  pounds  for  18°  contact  angles. 
This  was  considered  excessive  for  optimum  friction-power  losses. 

If  it  had  been  possible  to  orient  the  flvwheel  so  that  roll  preces- 
sion did  not  occur,  tlie  maximum  design  load  for  pitch  or  \aw  pre- 
cession is: 

F = (1.5)  ( 2)  (50.85)  4-  4.1  + 1.154(10)'^  (88,259)- 

ip 

= 104.51  lb 

and  the  required  preload  is  25  pounds  (maximum)  for  12°,-o  or 
54  pounds  (maximum)  for  18°3q. 

a)  Stiffness  under  pure  radial  load  - For  a single-row,  deep-groove 
ball  bearing  with  a contact  angle  .5o  = 0°,  the  bearing  stiffness 
becomes  a function  of  the  load  on  the  most  heavily  loaded  ball. 
(\ote:  a bearing  of  this  t)pe  is  usually  manufactured  to  have 
some  internal  clearance  for  smooth  running  and  minimiun  friction 
under  no  load.  The  actual  shift  of  the  axial  centerline  of  the 
bearing  then  becomes  initially  a combination  of  displacement 
(one-half  the  diametral  clearance)  and  deflection  idue  to  ball- 
race  imbedment  under  load).  As  a general  ixile  of  thumb,  the 
higher  the  speeds,  the  greater  the  radial  clearance.  For  these 
calculations,  a cero  radial  clearance,  or  line-to-line  fit,  is 
presumed.)  Assuming  that  bearings  equivalent  to  the  9105,  9104 
and  9105  sices  were  available  as  deep-groove  bearings,  the 
deflection  rates  are  as  shown  in  Figure  45. 

b)  Stiffness  under  pure  axial  (tlirust)  load  - Using  the  same  metlicds 
as  in  the  preceding,  the  deflection  rates  under  pure  thnist  load 
are  illustrated  in  Figure  44.  In  a different  fonii,  the  total 
deflection  under  pure  thixist  load  is  shown  in  Figure  45,  whicli 

is  useful  in  detemiining  the  amount  of  inner  race  stickout 
I'equired  to  achieve  any  desired  preload  for  each  bearing.  Foi' 
instance,  under  a 40-pound  preload,  a 9104-KT  bearing  requires 
0.000"65  inch  stickout  on  each  bearing  to  establish  the  desired 
preload  condition.  In  the  -WO  (iJo  ""  1^^°)  configuration,  only 
0.0004bb  inch  stickout  is  required.  Tliis  becomes  the  most 
sev'ere  condition  of  manufacturing  and  assembly,  since  a 


l iyure  44.  Bearing  Ifcfleetion  l^ite  Versus  I’reJoail  (Axial  lliriist  Only) 


U.OOOl - incli  error  in  stickout  per  bearing  can  mean  a variation 
of  ■►ll.O,  -9.S  pounds  on  the  9104 -WI  bearing  and  ■*•16,  -13.5  pounds 
on  the  9U)4-l\0;  the  !\igher  the  preload,  the  greater  the  deviation, 
rius  is  not  acceptable  for  the  requirements  of  a series  hybrid 
bearing  since  speed  sharing  could  be  grossl)'  unequal  on  either 
end  of  the  fl>vheel.  Oi';“  possibility  was  that  this  might  require 
selective  assembly  in  which  too  much  stickout  on  one  bearing  of 
a set  would  be  matched  with  a bearing  which  has  too  little  by  the 
s.une  amoiuit.  I'lii,^  tolerances  pennissible  would  be  determined  by 
friction  and  speed  sharing. 

c)  Stiffness  under  combined  radial  and  thnjst  loads  - .\n  angular 
contact  ball  bearing  cannot  be  placed  under  a pure  radial  load 
and  still  function  as  an  angular  contact  bearing  because  the 
normal  load  on  the  ball  between  the  races  does  not  act  in  the 
plane  of  tJie  applied  radial  load,  and  a thrust  component  is 
required  to  maintain  equilibrium.  .-Xngular  contact  bearings  which 
are  retiuired  to  accept  radial  loads  are  generally  mounted  in 
duple.\  sets  with  tlie  contact  angles  opposed,  or  as  single 
bearings  on  either  end  of  a shaft  with  the  contact  angles 
opposed.  In  either  case,  a thiust  load  must  be  applied  either 
by  a spring  against  the  back  of  one  lor  both)  bearings  or  by 
physically  displacing  the  bearings  toward  each  other  a predeter- 
mined amount  to  achieve  the  desired  preload.  The  method  of 
achieving  proper  preload  for  this  application  is  illustrated  in 
Figure  46-  By  removing  material  from  one  face  of  the  outer 
spacer,  the  preload  on  the  bearing  set  can  be  changed  for  test 
purposes  without  requiring  bearing  disassembly. 

Assuming  tlut  the  outer  rings  are  rigidly  fixed  in  the  housing 
and  the  inner  rings  are  rigidly  fixed  on  the  shaft,  all  deflec- 
tions in  the  bearing  will  be  due  to  true  ball  race  imbedment 
and  distortion  according  to  the  Hertz  fomulae  for  elastic 
bodies  witii  curved  surfaces  in  single-point  contact.  For  the 
bearing  to  be  in  equilibrium  after  displacement,  the  following 
conditions  must  be  satisfied. 


kd-: 


^(sin£^-'-h’-'-j'R^cos$l" 


-'■(cosi^-'-k'cos;)  ■-! 


5/2 


:sin3  -t-h'-^i 'R.cos^ 
0 1 


■*-h'-*-a  'R,  cos(>)  “■*■(  cosi.  •►k'cos^) 
1 o 
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l•■i^>ll|■^.' <U)  . ■lyi>ii.;i  1 IHipIcx  Ik'aiiiijj  An  anj^fiiK-'iit  (Ian-  to  I.ko  Mounting) 


3/: 


;v=Kd”  I 


+h'+a'R.cos>;)”+(cos.i  +k'cos<t)"-l 
1 o 


(cosc  +k'coscicos; 
o 


I o ■’  ■* 

WisitU  +h' +i ' RjOOSy ) +icos^^+k'cos?) 


ni-i^  ./(sin3  +h'  + i'R.coS'>)“+|cos3  +k'cos$)“-l  fsin3  +h'  + i'R.coscicos 
r.kd  ^ ^ \ 0 1 o o 1 

. « L 


1 1 

(sin3  +h' +'j ' R.  cos$)  “+ ( cos^  +k'Cv>s$i" 
0 1 0 


where 


ZH  = total  thmst  load,  or  preload  on  duplex  bearings 

ZV  = total  radial  load 

ZM  = total  moment  load  induced  by  bearing  on  either  shaft 
or  housing 

The  equations  for  equilibrium  are  statically  indetenninate;  tiiat 
is,  they  cannot  be  solved  directly  for  displacement  under  a given 
radial  or  thrust  load.  Instead,  they  must  be  solved  graphical!)- 
and  the  vector  components  summed  for  each  ball  for  each  condition 
of  vertical  and  horizontal  displacement.  Or,  they  can  be  reduced 
to  hvqDerelliptic  integrals  which  can  be  numerically  integrated 
by  iteration  on  a computer.  Both  methods  are  tedious  and  too 
complex  for  a full  treatment  here. 

Ivhere  the  bearings  are  used  in  duplex  sets,  particularly  in 
face-to-face  mounting  (Figure  db) , the  induced  shaft  moment  is 
usually  negligible.  However,  if  tlie  duplex  bearings  are  mounted 
back-to-back  with  the  contact  angles  divergent  to  the  shaft 
transverse  a.xis,  or  if  the  bearings  are  mounted  singly  on  either 
end  of  a long  shaft,  the  moment  loads  become  highly  significant 
and  must  be  computed  for  effect  on  shaft  stresses  and  dinamic 
stiffness.  A brief  investigation  revealed  they  are  not  signifi- 
cant for  this  application. 

The  thrust  load  (preload)  required  to  accept  the  maximum  radial 
load  without  ball  liftoff,  and  possible  subsequent  bearing 
failure  due  to  ball  speed  variation,  has  been  discussed.  Fig- 
ure 47  illustrates  the  deflection  rate  of  the  9105-l\T  duplex 
bearing.  No  "load-sharing”  factor  is  required  for  these 
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calculations  since  total  deflection  will  be  approximately  the 
same  regardless  of  which  bearing  row  assumes  the  greater  portion 
of  the  load  at  any  given  instant.  The  unusual  shai)c  of  the 
deflection  rate  cui-ve  is  characteristic  of  an  angular  contact 
bearing  under  combined  loading.  Note  that  the  deflection  rate 
is  practically  constant  until  after  ball  liftoff.  The  deflection 
rate  increases  slightly  until  all  balls  below  the  axis  of  the 
bearing  have  become  unloaded;  then,  the  deflection  rate  decreases 
e.x|3onentially , similar  to  a bearing  under  pure  radial  load. 

21  Ball  bearing  friction  - Friction  in  ball  bearings  is  a function  of 
bearing  sice,  internal  geometry,  degree  of  precision  in  manufactur- 
ing, lubricant  properties,  and  speed.  In  this  application,  friction 
also  determines  the  speed  of  the  ball  bearing  relative  to  the  flv- 
wheel,  and  it  will  be  shown  that  achieving  absolute  minimmn  ball 
bearing  friction  will  not  always  yield  the  best  overall  results, 
particularly  when  bearing  life  is  considered.  Since  the  ball  bearing 
will  be  running  at  some  speed  below  that  of  tlie  f 1. wheel , the  ball 
bearing  friction  at  any  speed  must  be  known.  For  tliese  calculations, 
the  fonnula  for  friction  torque  which  was  used  is: 

Tj,  = f^  + 1.420(10)'^  f^i 

vvhere 

T_  = friction  torque  (in. -lb) 
r 

fj^  = a load-torque  constant,  depending  on  bearing  size  and 
internal  geometiy: 

-y 
P 

_o 
C 

o 


Z and  y = functions  of  contact  angle, 

Contact  angle 
12°  18° 

Z = 0.00094  0.00090 

y = 0.426  0.430 


= static  equivalent  load 

= \ i-  + V r 
or  o a 


1'^  = static  radial  load  (vvt) 

1-^  = static  thrust  load  (preload) 

= load  factor  = l.U  lor  lo\v  contact  angle  duplex  brg 

= load  factor  = 0.84  for  lou  contact  angle  duplex  hri. 

P =( 1.01(4.1)  + 0.84  (F  ) 
o ^ a 

„ 8. >4 5 nd“  i cos.-n 


For  f.  = f =0.55  = confomiitv  of  hall -race  cunature: 
i o 

V = uninoLuited  contact  angle 
o ^ 

= 1:°  or  IS'”' 


n = .\o.  of  balls  per  row 


d = ball  dia 


f.  = load/sti'ess  factor  based  on  race  curvature  and  contact 
angle  (for  tins  bearing,  use  fg  = 1.29) 

For  -o  = i:°. 


8543nd-(2)cosi:°  . , 

L - = = ,b0.->  nd 

° (i.:9i" 


For  .0  = 18°. 


S'd.^nd" ( 2 (costs’^ 
(1.29)^ 


',592.5  nd' 
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P,  = 0.9  F L'OT3  - 0.1  F 
3 a 0 lui 


F = mean  radial  load 
rm 


where 

= steady  load  on  bearing  due  to  weight  = I.’ 

Pg  = sinusoidal  load  on  bearing  due  to  flwheel 
Assume  flwheel  eccentricity  = 0.000010, 

P = 1.165(10j'^  N“ 
s 


where 

N'  = bearing  speed  of  rotation 


rm 


/ 


(4.1)-' 


1 + 


5 


1.165(10) 


■vf'"''''' 


= 4.1 


2(4.1) 
1 + 1.211(10)'^^  .\' 


19 


Then,  for  3^  = 12°, 


P,  = 4.234  F - 0.41 
3 a 


1 + 1,211(10)'^^ 


1/5 


and  for  3^  = 18°, 


P^  = 2.77  F - 0.41 
3 a 


-19  4 

1 + 1.211(10)  N 


1/3 


lb 

imbalance. 
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= pitch  circle  Jia.  Assimic  mean  lieariny  dia  (Table  t l 
= viscous  torque  factor 

= 2.0  foi'  duplex  hearings  uith  mist  lubrication 

u = lubricant  kinematic  viscosit)-  in  ccntistokes 

= 3.8  c.s  for  Santotrac  50  at  190°  T 

= rotating  speed  of  bearing  inner  ring 

Substituting  these  values  into  the  basic  equation: 

For  ■:  =12°, 

o 

T = 0.00094 

'(12) 


4.1+0.84F 

a 

7 

"605.  Ond*" 


! 4.234  F - 0.41 

I 


-19  4':^^^  I 

1 + 1.211(10)  .\  i j 


-5  2/5  °/5  5 

+ 1.42(10)  (2)  (5.8)^  ^ Q, 

M 


= 1.514(10) 

^12) 


-0 


4.1+0.S4F 


nd‘ 


4.254  F - 0.41 
a 


1 + 1.211(10)'^^ 


2/5 1 


CD,,) 


j 


-5  ’/3  3 

+ 6.9i6fio)  ^ ' a. 


0.00096 


+ 6.916(10)  N"'  D, 


Using  the  values  given  in  Table  4 , the  friction  torque  for  the 
three  candidate  bearings  is  plotted  in  Figures  48  and  49. 


Horsepower  loss  = H. 


The  horsepower  loss  curves  for  the  three  candidate  hearings  are 
plotted  in  Figures  50  and  51 . 


The  total  heat  loss  per  duplex  set 


q = 42.44  (BTU/min) 


i 


The  specific  heat  of  Santotrac  30  at  200®  F is  0.509  BTU/lb/min/°F. 
The  density  of  the  oil  at  20«J®  F is  0.853  g/cc  or  6.89  Ib/gal,  or 
0.1451  gal/lb.  Then 

C = BTU/gal/min/°F 

= 3.507  BTU/gal/min/°F 

Normally,  a 25°  C (45°  F)  temperature  rise  across  a high-speed 
bearing  is  considered  acceptable.  If  this  value  is  used  for  tliese 
prelim.lnaiy  calculations, 

C = 25(3.507)  = 8". 68  BTU/gal/min 

and  the  total  oil  flow,  Q' , required  is 


42.44H 

Q'  = -g - = 0.4841  Hp  gal/min 

This  is  plotted  in  Figure  52  for  the  type  l\0  bearings  (there  is 
little  difference  from  the  t>-pe  WI  since  the  friction  horsepower 
losses  are  similar).  For  good  lubrication,  this  t>pe  of  bearing 
needs  only  an  oil  mist,  say  10  drops  of  oil  per  second  for  each 
row,  or  approximately  40cc  per  minute  (0.011  gallon).  This  quantity 
of  oil  would  not  cool  the  bearings  above  15,000  rpm;  therefore, 
additional  means  of  cooling  were  provided  in  the  form  of  cooling  oil 
circulating  loops  in  the  flwheel  housing  around  the  outside 
diameter  of  the  bearing. 

) Ball  bearing  capacity  and  life  - Generally,  the  conventional  approach 
to  calculating  the  load-carrying  capacity  and  life  ratings  as 
established  by  the  .AfBMA  and  ISO  were  used;  e.xceptions  and  additional 
considerations  are  noted  in  the  following. 

a)  Basic  life  and  load  formulas  - Tlie  basic  d>Tiamic  capacity  of  a 
rolling  element  bearing  is  defined  as  that  radial  load  which 
a bearing  will  carry,  with  a 90°6  probability  of  sun'ival,  for 
1 million  revolutions  of  the  inner  race  at  constant  speed,  with 
the  outer  ring  fixed.  In  other  words,  the  basic  dvnamic 
capacity,  C,  is  the  load  at  which  no  more  than  10°  of  the  bear- 
ings will  fail.  From  this  has  evolved  the  commonly  used  temi 
life  dating.  Theories  and  formulas  for  the  deteimination 


of  bearing  capacity  and  reliability  have  been  developed  from 
extensive  experiment  and  research.  The  fonnula  for  ball 
bearings  used  in  this  study  is; 


. . ,0.7  2/5  ,1.8 

L = t (1  COS.1  n d 

c o 


where 


f_  = a factor  dependent  upon  bearing  geometrx'  and  material 
i = \'o.  of  rows  of  balls 
3 = initial  unmounted  contact  angle 

n = \'o.  of  balls  per  row 
d = ball  diameter 

Referring  to  Table  4 and  obtaining  the  fc  values  from 
Reference  2,  the  basic  d>'namic  capacities  of  the  candidate 
bearings  are: 


Brg  type 


Brg 

IVT 

IvD 

Size 

(lb) 

(lb) 

9103 

2,186 

2,147 

9104 

2,969 

2,911 

9505 

2,320 

2,280 

A 90^  survival  life  for  1 million  revolutions  is  equivalent  to 
500  hours  of  life  at  33-1/5  rpm,  the  speed  at  which  most 
manufacturers  rate  their  bearings  in  their  catalogs.  The 
relationship  of  life  to  load  has  been  found  by  experiment  to 
vary  ffor  ball  bearings)  as: 


in  millions  of  revolutions 


where 


P = equivalent  radial  load  of  combined  radial  and  thrust 
loads  applied  (Use  P3  formula  for  friction) 


P = 0.9  F COTb  - 0.1  F 
a a 
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The  life  fomtula  converts  to  hours  of  life; 


^10  ■ 60  X N (p) 
where  N = rpm 

The  apparent  life  for  the  candidate  bearings  were  calculated 
(Figures  53,  54,  and  55).  In  a single-row,  deep-groove  bearing, 
thrust  loads  do  not  seriously  effect  bearing  life  until  the 
thrust/radial  load  ratio  e.xceeds  a certain  value.  (The  exten- 
sion of  the  loaded  cone  on  the  inner  race  as  a function  of  inner 
race  diameter  is  described  in  Reference  4.J  In  the  case  at  hand, 
however,  the  normal  operating  loads  are  such  that  the  radial  load 
could  almost  be  ignored  and  the  bearing  treated  as  if  it  were 
under  thrust  load  only. 

In  low-contact  angle  bearings  where  the  thmst  load  greatly 
exceeds  the  radial  load,  even  a slight  change  in  thrust  load  or 
contact  angle  becomes  significant.  Under  pure  thrust  load  only, 
the  normal  load  on  each  ball  is  equal: 


0 n sin  6^ 


where 


T = total  thrust  load 
n = number  of  balls 
3^  = operating  contact  angle 

If  we  neglect  the  effects  of  mounting  and  load  on  the  contact 
angle  and  assume  that  3i  = Sq  (the  initial  unmounted  contact 
angle),  the  effects  on  life  of  preload,  contact  angle,  and  speed 
are  quickly  apparent.  The  effect  of  speed  on  bearing  life  is, 
of  course,  inversely  linear,  to  the  point  where  centrifugal 
forces  on  the  balls  begin  to  be  significant.  That  is,  up  to  a 
point,  doubling  the  speed  cuts  the  apparent  life  in  half. 
Doubling  the  load,  however,  has  an  exponential  effect  on  life, 
and  the  life  vtfould  be  reduced  by  a factor  of  eight.  If  the 
thrust  load  and  the  speed  remained  unchanged,  an  in.'rc.'’‘^e 


Reference  4.  Palmgren,  A.,  "Ball  and  Roller  Bearing  Engineering,  ITiird 
Edition,”  SKF  Industries,  1959 
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contact  angle  would  actually  increase  the  apparent  life  of  the 
bearing.  For  instance,  if  the  contact  angle  were  increased 
from  12°  to  18°,  the  ball  load  would  be  reduced  by  the  ratio  of 
the  sines  of  the  two  angles,  or 


P ' 
o 


SIN12°\ 
SIN18°  / 


= 0.b:’28  P 

o 


and  the  effect  on  apparent  life  would  be: 

^10  " 4o  (o.blZs)  " ^10 

At  very'  high  speeds,  the  effect  of  centrifugal  force  negates 
this  improvement . 

b)  Effects  of  high  speed  on  bearing  life  - The  theory  of  ball-bearing 
fatigue  failure  is  based  upon  the  assumption  that  ball  load 
distribution  is  independent  of  speed.  At  very  high  speeds 
required  of  modern  bearings,  however,  intemal  load  distributions 
may  be  created  which  are  appreciably  different  from  those 
encountered  solely  in  static  load  applications.  Therefore,  the 
intemal  forces  created  by  centrifugal  forces  may  have  to  be 
considered.  A theoretical  approach  to  this  problem  is  exqilored 
in  'The  Life  of  High-Speed  Ball  Bearings",  Jones,  A.B.,  Transac- 
tions of  the  AS^E,  July,  1952.  In  tliis  article,  ball  bearings 
under  pure  radial  load  and  angular  contact  ball  bearings  under 
pure  thrust  load  are  treated,  but  not  bearings  under  combination 
loading.  In  application  to  the  NIPP,  the  radial  load  component 
of  the  normal  ball  load  stems  solely  from  flyivheel  weiglit  and 
fly'ivheel  imbalance  and  can  be  considered  negligible  for  a rough 
comparison  of  bearing  life  at  static  and  high-speed  conditions. 
Except  during  the  application  of  precession  loads,  wliich  Jo  not 
affect  fatigue  life,  the  comparisons  as  a pure  thrust  loaded 
bearing  will  be  reasonably  valid. 

Figure  56  illustrates  the  effect  of  ball  centrifugal  forces  on 
the  operating  contact  angles  with  the  inner  and  outer  races. 

In  the  theoretical  treatment,  Mr.  Jones  made  the  following 
assumptions : 

(1)  The  bearing  is  a single-row  angular  contact  ball  bearing. 

f2)  The  bearing  is  held  in  position  solely  by  an  external  thmst 
load  and  is  not  prev'ented  from  seeking  its  own  axial  posi- 
tion of  equilibriiun. 
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■igurc  56.  Ball  Centrifugal  I'orce  Action 
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(3)  The  initial  mounted  contact  angle  is  3'.  After  the 

application  of  an  axial  thrust  load  T,  the  static  contact 
angle  increases  to  3 due  to  elastic  deformations. 

IVhen  the  inner  race  of  the  bearing  is  driv'en  at  high  speed,  tiie 
centrifugal  loading  of  the  balls  imposes  additional  forces  on 
the  races.  For  equilibrium  to  exist,  a relative  axial  shift  of 
the  inner  race  to  the  outer  race  must  occur,  and  the  operating 
contact  angles  of  the  inner  and  outer  races  become  different. 
Figure  57  shows  free-body  diagrams  of  the  ball  loads  and  the 
normal  approach  of  the  races  under  axial  thrust  and  centrifugal 
force  loading.  The  relative  axial  shift  of  inner  race  to  outer 
race  required  for  equilibrium,  .X,  is  different  from  the  normal 
axial  displacement  due  to  static  thrust  loads  and  may  become 
negative  if  thrust  is  low  and  speed  is  high.  This  may  he  an 
unacceptable  condition  for  the  stiffness  requirement  to  prevent 
ball  lift-off  upon  the  sudden  application  of  high  radial  loads 
due  to  flywheel  precession.  In  order  to  calculate  the  operating 
contact  angles,  ball  loads,  and  axial  shift,  the  following 
equations  must  be  satisfied: 


where  5©  and  oi  are  the  normal  approaches  of  the  ball  to  the 
inner  and  outer  race.  Kq  and  Ki  are  deflection  constants 
depending  on  race  curvatures  and  material.  For  the  bearings 
under  consideration  where  f©  = fi  = 0.55  and  the  material  is 
steel,  Ko  = 9.2(10)-6  and  Ki  = 9.5(10)-6. 

COTB^  = COTSq  - (3) 


f_-0.5+:3^)cos6^  + ( £,. -0.05+^)cos6^  = (f_+f,-  - l)cos8'  (4) 


Ball  loads  - schematic 


Displaced  center,  inner  race 
curvature,  due  to  CF  S thrust 


f' 


Figure  57.  Normal  Approach  of  Race  Curvatures 


Combining  equations  (3)  and  f4)  with  equations  (U  and  (2): 


(f  +f-,-l)cos3' -(f  -0.5)cosS  - 
o 2 ' ' o 0 


1 


K cosi3 

o o 

K.sin"^^^  r, 

1 o 1 + 


(f.-n.05)  C0T3 
1 0 T 


lCF)nl 


o T 


(cOT3^  - 


2nl/2 


The  centrifugal  force  per  ball  is: 


(CF)  = 5.257(10)  d 


3 D N.-/l 

” M “m  / 


where 


d = ball  dia 

= ball  pitch  circle  dia 

= rotating  speed  of  inner  ring 

3 = operating  contact  angle  after  preload 

hhen  the  centrifugal  force  is  known,  the  outer  race  contact 
angle,  Sg.  can  be  solved  by  equation  (5)  for  each  thrust  load 
condition  and  for  each  speed  increment  b>’  successive  approxima- 
tion. Knowing  3o»  and  centrifugal  force,  the  inner  ring  contact 
angle  can  be  computed  from  ecpiation  (3).  The  outer  race  contact 
angle  decreases  with  speed  while  the  inner  race  contact  angle 
increases  with  speed.  The  angular  divergence  is  illustrated 
in  Figure  5f)  for  the  bearing  site  9103-lvT  (initial  mounted 
contact  angle  12°  before  preloading) . 


The  axial  deflections  of  the  bearings  under  consideration  were 
illustrated  previously.  However,  under  d\'na]nic  operating  condi- 
tions, the  axial  shift  reduces  with  speed  with  the  same  effect 
as  reducing  preload.  The  actual  bearing  a.\ial  displacement  can 
be  computed  when  ig  “^i  known; 


(f 

\ » j b f 


if 

(l° 


i. 


/7i\i\sin£ 


[ sini . 
1 


- 1.0)  sins' 


If  the  bearing  rings  were  free  to  move  axially  in  and  out 
(spring-loaded),  the  change  in  axial  displacement  could  be 
compensated  for  to  some  extent  (with  attendant  spring  problems 
in  dvTiamic  stability),  but  in  this  preliminary  design,  the  rings 
are  fi.xed  in  place  and  dvaiamic  axial  shift  must  occur  internally 
to  the  detriment  of  bearing  stability  under  applied  radial  loads. 
Figure  59  illustrates  the  decrease  in  axial  displacement  with 
speed  for  the  9105 -IvT  bearing. 


■As  noted  previously,  axial  pi'eload  is  important  to  bearing 
stability  under  radial  loads  to  pi'event  ball  lift-off  and 
unacceptable  ball  speed  variations.  By  comparing  the  curves 
showing  displacement  at  speed  and  under  static  preload,  the 
actual  reduction  in  preload  becomes  apparent.  Figure  oO  shows 
the  changes  in  apparent  preload  due  to  speed.  Note  that  due  to 
internal  geometiy,  preload  increases  slightly  at  low  speeds;  then 
drops  rapidly  as  speeds  increase.  Most  commercial  catalogues 
give  the  limiting  speed  of  a bearing  as  the  speed  at  which 
running  preload  falls  beiOw  static  preload  when  the  "medium" 
preload  condition  is  given.  For  tlie  9105  IvT  bearing  this 
"medium”  preload  is  20  lb  from  Figure  60,  the  limiting  speed 
would  be  approximately  22,500  rpm,  depending  on  bearing  precision 
and  separator  design.  If  20  lb  preload  was  adequate  for  the 
application,  it  could  be  achiev^ed  for  this  bearing  at  90,000  i-pm 
by  starting  out  with  40  lb  preload,  but  with  considerable 
degradation  of  life  expectancy. 


Equivalent  axial  load  (lb) 


Bearing  speed  (rpm  x (10)  ^) 


i Figure  60.  Apparent  Decrease  in  Bearing  Preload  Due  to  Centrifugal  Force 

|.  ■ at  High  Speeds,  Bearing  Size  9103- WI 


rinal  Boarirn;  Desit;n.  After  all  the  analysis  \.as  comnleted,  a final 
hall-hearing  design  was  selected  for  rest.  This  was  a Margin  Rocla^ell  .Vngular 
Contact  Duplex  Bearing  No.  1)5-02038  meeting  the  sneci f icat ions  shown  in  [-i;<- 
ure  ol.  This  bearing  is  basically  a 9505  (25  mm  bore  t\T)c)  in  which  a special 
sleeve  has  been  inserted  to  reduce  the  bore  to  1'  mm  diameter.  The  sleeve  was 
inserted  to  increase  the  load  capacity  of  the  bearing  (i.e.,  the  balls  and 
races  are  large  being  equivalent  to  a 2.5  mm  boro  bearing)  while  achieving 
better  speed  division  between  the  ball  bearing  and  the  liydrodvTiamic/hydrostatic 
journal  bearing  because  the  journal  diameter  is  small. 

The  final  dimensions  of  the  fhavlicel  stub  shafts  are  as  shovoi  in  fig- 
ure 5b.  These  dimensions  detemine  a number  of  interrelated  performance  char- 
acteristics which  impact  tlie  bearing  system  as  follows: 

1)  Distance  between  support  bearings  - a major  determinant  of  the  magni- 
tude of  the  precession  loads  imposed  on  the  bearing  and  the  critical 
speed  cliaracterist  ics  of  tlie  rotor  system. 

2)  Stub  shaft  length  to  the  center  of  the  support  bearing  system  and 
stub  sliaft  diameters  - a determinant  of  shaft  deflection  imder 
dynamic  conditions. 

5)  Journal  bearing  journal  diameter  - one  of  the  elements  which  deter- 
mines journal  bearing  clearance  and  thus  hydrostatic/h\’drod>Ti:mic 
bearing  performance. 

4)  Hydrostatic  swirl  chajiiber  diameters  - a determinant  of  oil  supply 
pressures  at  high  rotating  speed. 

5)  Hydrostatic  swirl  ch;imbcr  orifices  and  porting  - a determinant  of 
lu'drostatic  bearing  performance. 

IXu'ing  various  stages  of  the  fl>-wheels  design,  the  nominal  distance 
between  support  bearings  varied  from  5.700  in.  to  5.125  in.  but  finally 
settled  down  at  5.56b  in.  Using  tliis  dimension  plus  the  final  stuli  shaft 
dimensions,  the  bearing  ciiaracteristics  and  the  housing  spring  rate  charac- 
teristics, a final  computerized  critical  speed  analysis  was  riui.  The  results 
of  this  critical  speed  analysis  were  quite  different  than  those  quoted  earlier 
on  page  50.  The  first  critical  was  determined  as  lying  in  a range  from 
22,000  to  51,000  I’p”'-  The  quoting  of  a range  i rather  than  a specific  critical 
speed  I resulted  from  variations  introduced  by  the  h>'drostat ic/liydrod>'namic 
I'learing  when  it  operated  at  different  oil  "in"  temperatures.  The  second 
critical  moved  outside  the  area  of  interest  being  in  a range  above  165,000 
rpm.  This  meant  that  the  fU-wheel  would  only  have  to  accelerate  through  one 
critical  speed  and  that  the  severity  of  that  critical  speed  would  be  very 
much  a function  of  tlic  hyJrostatic/hydrod>Tiamic  bearing's  characteristics. 
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Throughout  the  design  phase,  every  effort  was  made  to  increase  the 
diameter  and  shorten  the  length  of  the  stub  shaft  to  make  it  a stiffen  canti- 
lever beam.  The  deflection  of  the  fl.wheel  at  speed  is  a function  of  support 
bearing  spacing  and  stub  shaft  flexibility  (the  flneheel  disc  is  considered 
infinitely  stiff).  As  discussed  earlier  and  illustrated  in  Figure  55,  the 
displacement  le3]  which  results  from  stub  shaft  deflection  is  initiated  by  and 
directly  additiv'e  to  the  initial  flwheel  imbalance  displacement.  The  summed 
displacement  which  results  and  the  associated  loads  increase  by  the  square  of 
the  speed.  Tlierefore,  stiffening  the  stub  shafts  was  considered  extremely 
important.  Howev'er,  because  the  seal  must  be  between  the  fhavtieel  disc  and 
the  bearing  to  allow  maintenance  of  a vacuum  around  the  disk,  any  significant 
reduction  of  stub  shaft  length,  below  that  sho\vTi  in  Figure  5b,  would  start  to 
encroach  on  minimum  seal  package  lengths  (ferro-fluid  or  carbon-face  seal). 
Also  any  significant  increase  in  shaft  diameter  would  increase  both  seal  and 
bearing  losses  accordingly.  It  was  felt  that,  in  the  face  of  the  imponder- 
ables surrounding  hybrid-bearing  and  ferro-fluid  seal  performance,  the  dimen- 
sions shown  in  Figure  56  represented  the  best  compromise. 


H>'drod>Tiamic  Bearing  Design.  The  journal  bearing  diameter  was  originall\' 
0.6875  (±0.0002)  inch.  (See  Figure  56. j This  was  later  increased  to  0.6885 
(±0.0002)  inch  by  silver  plating.  At  this  latter  dimension,  the  diametral 
clearance  between  the  journal  surface  and  the  bearing  sleeve  bore  was  0.0015 
(±0.0005)  inch.  This  meant  that  the  nominal  radial  clearance  (c) , commonly 
used  in  journal -bearing  calculations,  was  0.00075  inch.  A friction  torque 
versus  speed  plot  (Figure  62)  and  a friction  horsepower  versus  speed  plot 
(Figure  65)  were  prepared  for  this  journal  bearing  showing  the  effects  of 
various  radial  clearances  (c).  The  assumptions  and  formulae  used  in  preparing 
these  plots  are  as  follows. 

For  hydrodynamic  bearing  friction  power  loss  horsepower  (HPpI,  if  the 
shaft  were  perfectly  smooth  and  running  concentrically  in  a smooth  journal, 
the  fluid  friction  (F)  may  be  expressed  as; 


„ R"  L\' 

^ " — Tsc 

where 

y = coefficient  of  viscosity  (Reyns) 
R = shaft  radius  (inches) 

L = length  of  bearing  (inches) 

C = radial  clearance  (inches) 
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riic  moasiired  kincnuitic  v’iscoi?ity  (v)  of  Santotrac  50  oil  is 
5.S  cent i stokes. 


j = 5.8  centistokes  - 0.058  stokes 


id.) 

\ sec  / 


V = ^ where  o = fluid  density  = 0.855  gm/cm'^ 

u = 0.058  (—Vx  0.855  (-a2r\=  0.029  ( ■ ^ ) (Poise) 

Vsec/  \ 0/  \cm-sec/ 


1.45(10)’'^  (0.029J  = 4.205(  10)''  Rontis 


in. 


„ _ 0.0875  „ - . 

R = ^ — = 0.040/3  in. 

L = l.OO  in. 

C varies  from  0.0005  to  0.0005  in. 
Tlie  friction  torque  (Tj:)  in. -lb  is; 


= RF  = 


;r~  LN 

15C 


i.205( 10) 


-~ ( 0 . 545“5) ll.ot))N 


15C 


l. 191( 10)'^  \ 


And  the  friction  horsepower  llPp  is; 


Tp  N 
■ 05025 


■8 


Oo025L  L 


It  was  assumed  that  the  poorest  acceptable  speed  split  was  55,255  rpm 
minimum  Journal-bearing  speed  and  55,000  rpm  maximum  ball-bearing  speed.  On 
this  basis,  the  minimum  journal-bearing  turque  would  be  0.525  in. -lb,  and  t!ie 
minimimi  Journal -bearing  loss  would  be  0.2"7  hp  at  55,255  rpm  shown  on  i'ig- 
ures  02  and  o5  respectively.  'Ilic  friction  torque  for  the  ball  bearing,  as 
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taken  from  Figure  48,  is  only  0.255  in. -lb,  however,  and  shows  that  tlicre  is 
not  a torque  balance  between  the  journal  bearing  and  the  ball  bearing.  To 
run  in  a speed  split  condition  the  torques  of  the  ball  and  journal  bearings 
must  be  equal.  Moving  down  the  C = 0.00075  curve  (Figure  b2)  and  up  the  40  lb 
preload  9505  bearing-tv-pe  cun^e  of  Figure  48,  it  will  be  found  that  torque 
balance  occurs  at  0.294  in. -lb,  which  is  equivalent  to  70,000  rpm  ball-bearing 
speed  and  18,255  rpm  journal-bearing  speed.  Tlie  situation  could  be  improved 
by  going  to  larger  clearances.  For  e.xample,  using  Figures  48  and  b2,  if  the 
clearances  arc  increased  to  0.001,  the  speed  split  will  be  at  b6,500  rpm  ball- 
bearing speed  and  21, "55  rpm  journal -bearing  speed.  The  losses  and  other 
characteristics  associated  with  these  clearances  and  with  three  larger  ones 
are: 


Radial 

Ball 

Journal 

Loss 

Loss 

clearance 

bearing 

bearing 

torque 

power 

(C) (in.) 

speed  (rpm) 

speed  ( ipm) 

(Tp) (in. -lb) 

(H]:)  (hp) 

0.00075 

70,000 

18,255 

0.294 

0.412 

.0010 

66,500 

21,755 

.284 

.598 

.0015 

55 ,000 

55,255 

.255 

.55" 

.0020 

44,500 

45, "55 

'>T) 

.511 

.0025 

40,000 

48,255 

.208 

.291 

From  the  tabulation,  it  is  apparent  that  losses  decrease  as  the  journal  bearing 
share  of  the  speed  split  becomes  larger  and  that  if  bearing  friction  losses 
had  been  the  only  consideration,  v'ery  large  clearances  would  hav'e  been 
indicated. 

Howev'er,  there  are  other  conditions  that  limit  the  clearance  to  not  much 
over  0.0015.  It  will  be  noted  that  Figures  62  and  65  (journal -bearing  torques 
and  losses)  were  based  on  the  assumption  of  a full  concentric  bearing  operating 
with  no  side  leakage.  A hydrodvTiamic  journal  bearing  operating  concentrically 
is  inlierently  unstable  and  is  critically  sensitive  to  destructive  half  fre- 
quency whirl.  Tlie  only  justification  for  the  assumption  of  concentric  opera- 
tion was  the  further  assumption  that  the  hydrostatic  features  of  the  bearing 
would  cause  it  to  operate  very  nearly  in  this  condition  during  high-speed 
operation. 

A properly  designed  hydrostatic  bearing  is  stable  when  operating  concen- 
trically, and  with  the  light  loads  (4  to  8 lb)  which  will  be  encountered 
during  most  of  its  life,  it  should  operate  ver>'  nearly  concentrically.  Howev'er, 
if  diametral  clearance  e.xceeds  0.005  (C  = 0.0015),  the  losses  associated  with 
pumping  the  large  amounts  of  fluid  necessary  to  maintain  its  effectivity  as  a 
hydrostatic  bearing  would  become  e.xcessiv'e.  Therefore,  clearances  (C)  greater 
than  0.0015  were  not  seriously  considered. 
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Data  from  a hearing  test  on  another  progr;im  being  conducted  at  Roclcivel] 
indicated  tiiat  a similar  set  of  bearings,  to  the  ones  being  desigiK'd  for  tins 
progr:im,  uith  a nominal  clearance  of  C = 0.00125  had  a speed  splitting  ciiarac- 
teristic  directly  opposite  to  that  uhicli  uculd  he  predicted  by  computations. 

At  44,i);)()  rpm,  the  journal  bearing  tumed  34,500  rpm  while  the  ball  bearing 
turned  at  9500  rpm.  Some  of  this  uas  imdoubtedle  due  to  the  fact  that  the  ball 
bearing  may  have  been  over  lubricated  (Jet  lubricated,  ratiier  than  mist  luiiri- 
cated,  in  tiie  interests  of  cooling),  but  some  was  also  due  to  the  journal  bear- 
ing being  more  efficient  than  predicted. 

In  view  of  this  data,  plus  a desire  to  avoid  journal -bearing  stability 
problems  during  initial  testing,  a design  clearance  of  0.i)0"5  in.  was  used. 

It  was  felt  that  if  e.xcessiv'e  ball-bearing  speeds  Vvere  encountered,  this  clear- 
ance could  he  opened  up  until  instabilities  appeared  much  more  easily  tlian 
working  in  the  other  direction. 


Hydrostatic  Bearing  Design.  Tlie  significant  shaft  dimensions  involved  in 
hvdrostatic  iiearing  performance  are  shown  in  Figure  5b.  Other  pertinent  data 
are: 

1)  Bearing  effective  length  (L)  = l.Ob  in. 

2)  Radial  clearance  fC)  = 0.00075. 

Die  effective  fluid  pressure  idiich  will  be  generated  as  a result  of 
centrifugal  force  was  determined  for  two  conditions: 

1)  At  inlet  to  orifice  - This  determined  the  pressure  available  to  drive 
fluid  through  the  orifice  when  the  downstream  pressure  was  low  and 
the  orifice  was  effectiv'ely  metering. 

2)  At  inner  surface  of  ball  bearing  sleeve  - This  condition  e.xists  at 
the  closest  approach  of  the  journal  surface  to  the  inner  surface  of 
the  ball  bearing  sleeve  in  the  load  zone  when  the  leakage  out  the 
end  of  the  bearing  is  less  than  the  flow  rating  of  the  orifice 
(i.e.,  the  orifice  is  not  metering),  allowing  the  pressure  generated 
at  the  bearing  surface  to  e.xceed  that  at  the  inlet  to  the  orifice. 

The  fluid  pressure  determination  for  condition  1 is  as  follows: 

R = outer  radius  of  cavity 
o 

= 0.438/2  = 0.219  in. 
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R.  = inner  radius  of  cavitv 
1 

= 0.281/2  = 0.141  in. 

P = centrifugally  induced  pressure  (psi)  at  R 

Lr  O 

= 2.840(10)'^  IVRN" 


where 


and 


W = weight  of  oil  (lb) 

■ •‘>‘('*0  - "0 

p = oil  density  = 0.03082  Ib/in."  at  200°  F 
L = length  = unity 

W = n (0. 05082)  (l)^R^  * ^i ) " (^0  ’ 

R = mean  effective  radius  fin.) 


3 2/3  (R  - R.)  + R. 

oil 


N = speed  (rpm) 


Therefore 


= 2.840(10) 

Lr 


-5 


0.09(58; 


= 1.491(10)’®  N" 


For  condition  2,  ev'erv'thing  is  the  same  except  Rq  = outer  R.  of  shaft 
0.688/ 2 = 0.344  in.  Tlierefore 


P^j,  = ".481(10)’® 
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Data  for  the  two  conditions  tabulate  as  follows: 


Pci-  - effective  pressure  insi) 


Shaft 

Orifice 

Orifice  not 

speed  (rpm) 

metering 

metering 

88,235 

116.00 

582.42 

61 ,“65 

56.84 

285.39 

31,000 

14.31 

“1.89 

* 

22,000 

7.21 

36.21 

There  are  three  metering  orifices  creating  three  pads  whose  effective 
projected  area  and  ma.\imiDn  restoring  force  at  88,255  rpm  was  determined  based 
on  the  following: 

= 0.544  in.  = projected  width  (chord  of  120°  segment]  of  pro- 
jected area 

L = 1.06  in.  = length  of  projected  area 

•^  = 1.06  X 0.544  = 0.565  in."  projected  area 

Pg  = average  effective  pressure  in  pad  projected  area 
s 0.6  X P„  = 0.6  X 582.42  = 549.45 

Lr 

from  which  maximum  restoring  force  fFp)  is 


fR  ■ -V  =<  Pe 


= 0.365  x 549.45  = 127.55  lb 


It  will  be  noted  that  this  restoring  force  was  more  than  adequate  to 
handle  the  9.07-pound  rotating  load  (Figure  40}  (e.xceeded  the  rotating  load 
by  a factor  of  14.06}  and,  with  a slight  assist  (2.5  pounds}  from  the  bearing 
acting  hydrodynamically , could  handle  the  maximum  roll-induced  precession  load 
shown  in  Table  3.  This  indicated  that  the  shaft  should  tend  to  run  verv  close 


^Critical  speed  range 


to  coiitereJ  in  the  jounial  bearings  for  most  operating  conditions  and  tiiat  the 
assiuiipt ions  nude,  when  computing  tlie  speed  splitting  losses,  appear  valid. 


el  Seal  Design.  The  flnvlieel  mu.'.L  operate  in  a nearly  perfect  vacuimi. 
ustrate  tlie  reason  for  this  statement,  if  a flnvheel  of  the  size  and 
used  in  this  progiauii  were  operated  in  an  atmosphere  air  environment,  the 
needed  to  drive  it  would  be  nearly  23  hp  (three  times  the  power  available 
iving  the  whole  MPPJ . dliere  were  two  possible  apjiroaclies  to  meeting  this 
ement.  'Ilie  first  approach  was  to  have  the  flndiecl  support  bearings 
ing  in  tive  vacuum  envi  roranent . ibis  would  have  the  dual  advantage  of: 


Making  it  possible  to  move  the  l^earings  close  to  the  flv'wheel  (no 
space  needed  between  the  bearings  and  the  fln^heel  disk  for  seals ) , 
thus  moving  the  first  critical  speed  above  the  flwvheel  operating 
speed  because  of  the  sliortening  and  stiffening  of  the  fl>vheel  stub 
shafts. 


Reijuiring  onl>'  a single  small  diameter  and,  hence,  low 
the  flnvheel  input. 


However,  the  primary  disadvantage  was  the  pumicing  losses  involved  in  trying  to 
scavenge  the  lube  and  cooling  oil  required  for  the  two  bearings  and  simul- 
taneousl)’  maintaining  the  required  vacuinn.  Trying  to  pump  appro.ximately  one- 
iuilf  gpm  of  oil  at  a 14  psi  cP  with  a 1/100  atmosphere  inlet  pressure  would 
call  for  large  lines,  a large  pump,  and  large  losses.  Ibe  second  approach  was 
to  use  two  seals,  one  on  each  side  next  to  the  flwheel  disk,  thus  allowing  the 
bearings  to  operate  at  ambient  pressure.  This  was  the  approach  taken.  It  was 
implemented  using  ferro  fluid  seals  because  these  offered  tlie  possibility  of 
hcrmeticallv  sealing  the  fl wheel  liousing. 


.\  tvqncal  ferro  fluid  seal  is  shown  in  Figure  b4.  dbe  secret  of  the 
ferro  fluid  seal  lies  in  the  use  of  a ferro  magnetic  fluid  in  a magnetic  field 
winch  has  been  focused  (locally  intensified.)  b\'  a thread-shaped  ridge  in  the 
flax  path. 


live  ferro  fluid  itself  can  be  nearly  any  liquid  in  which  is  suspended 
colloidal  lino  angstroms)  magnetic  particles.  Because  the  particles  arc  so 
small,  theimial  molecular  agitation  (Brownian  motion)  keeps  them  from  settling 
or  coalescing,  as  iron  filings  tvqncally  do  in  a magnetic  field.  To  further 
assist  in  keeping  the  particles  in  suspension,  they  are  coated  with  a dis- 
persing agent  which  keeps  them  from  sticking  together.  Tiie  result  is  a homog 
enous  fluid  that,  unlike  such  magnetic  fluids  as  those  used  in  clutches,  main 
tain  their  fluid  characteristics  under  all  conditions. 


A Jiester  sucli  as  MII.-L-"S08  or  a silicate  ester  such  as  ^12\'  makes  an 
excellent  t'erro  tluiJ.  Ulien  such  a fluid  is  subjected  to  a focused  magnetic 
field,  the  magnetic  particles  move  closer  togethei-  (i.e.,  the  mean  free  path 
of  the  BroKTii:in  movement  is  reduced),  hut  do  not  coalesce.  In  the  process, 
the  fluid  is  trapped  (surface  tension  effects  plus  the  laws  governing  colloidal 
suspensions  ensure  tiie  trapping),  and  its  intemal  pressure  is  increased.  This 
causes  a modest  increase  in  viscosity,  hut  the  other  properties  of  the  fluid 
remain  unchanged. 

figure  b4  shows  the  magnetic  flax  path  created  by  the  magnets  used  in  the 
sealing  system  and  the  thread-like  ridges  which  focus  the  field.  At  the  crest 
of  each  ridge,  a small  amount  of  ferro  fluid  is  trapped  to  create  a nearly 
permanent  hemetic  seal  uj:)  to  a specific  differential  pressure. 

With  the  tN^pe  of  magnet  used  for  this  program  (.Alnico  VIII),  it  was 
believed  that  differential  pressures  of  5 jisi  per  ridge  could  be  easily  main- 
tained. With  e.xotic  rare  earth  pennanent  magnets,  such  as  samariimi  cobalt, 
differential  pressures  of  40  psi  per  ridge  could  be  sustained.  Figure  b4 
assumes  an  intermediate  strength  magnet,  in  that  it  uses  six  ridges  at  just 

over  3 psi  differential  pressure  each  to  achieve  the  desired  20  psi  total  dif- 

ferential pressure.  However,  the  final  design  of  the  ferro  fluid  seal  differed 
from  that  shown,  in  that  the  ridges  were  increased  to  eight  total  and  were 
switched  from  the  shaft  to  the  pole  pieces.  Tlie  switch  of  the  ridges  to  the 
pole  pieces  was  done  in  recognition  of  the  fact  that  it  was  desirable  to  keep 
the  stub  shafts  as  stiff  as  possible  without  increasing  the  seal  shear  surface 
diiimeter.  In  this  manner,  the  moment  of  inertia  di)  of  the  shaft  was 

increased  25  percent  with  no  increase  in  the  critical  shear  velocities 

(1",100  fpm)  which  would  occur  in  fei ro-fluid-filled  gap.  Tlie  increase  in 
the  number  of  ridges  was  to  allow  the  level  of  ferro  fluidication  to  be 
decreased  from  400  to  300  Gauss,  reducing  the  ferro  fluid  effective  viscosity 
and  reducing  the  amount  of  shear- induced  heating  in  each  ridge. 

It  was  recognized  that  an  attempt  to  use  a ferro  fluid  seal  in  this 
application  involved  considerable  risk.  However,  it  was  felt  that  the  payoff 
(i.e.,  a low-friction  hennetic  seal  for  a wide  range  of  power  system  applica- 
tions) was  worth  the  possibility  of  failure.  The  success  of  the  seal  was 
critically  dependent  upon  at  least  the  following: 
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1)  That  a satisfactory'  traction  fluid  ffor  the  controller)  could  be 
ferro-fluidized. 

2)  That  adequate  shaft  centering  was  possible.  The  ferro  fluid  seal 
has  a nominal  0.004  diametral  clearance  with  respect  to  the  shaft. 
This  must  cover  diametral  tolerance  stackup,  journal  bearing  slop, 
and  shaft  deflection.  .At  high  speed  fhopefully,  when  the  joumal 
bearing  was  running  centered) , the  shaft  should  never  run  more  than 
0.001  eccentric  from  the  seal  bore  centerline. 
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3>)  Vliat  tho  shalt  lunor  roik'lu\l  tlio  mmI  uikIim-  am  (iptM  at  inv;  kOiul  1 1 umi  . 

If  this  ha|'|H'!K\l,  till'  fortii  | luul  woiilJ  loi'all\’  I la>h  to  a >;as  Jno 
ti'  friotioii  atul  tlio  soal  would  be  lo'it. 

4)  riiat  till'  fono  thud  ooiild  tolorato  the  liiy.li  snrlaio  spi't'd-'  aiul  hlrji 
sill' ar  rates. 

In  reeoitni  t ion  ot'  the  posMl'i  l it\  ol'  lailnie,  the  M'al  eai'itv  in  t he 
llvuheel  was  desi);ni'd  so  that  it  oouKl,  with  minnmmi  mod  i f ioat  ion , aeoept  a 
I'vitu  ent  lotia  I earhon  I'aee  seal  or  a simmer  t\j'e  seal.  \'.  diseussed  Ih'Iow,  the 
first  ol'  the  above  eriterion  lor  ''iieeess  was  met  in  .1  moder.itels-  s.it  1 s t .u  1 or\ 
manner;  howetc'r,  the  ne\t  two  were  not,  .md  the  last  w.is  ne\er  ev.ilu.ued, 

I .“ii'  (ileneiMl  I loot  t ie)  ehloi'inated  silieene  fluid,  whieh  lue-  eeeellent 
wide  temper.iture  ran>;<'  e.ip.tb  1 1 1 1 u's  ( *0'’  to  1 ) .nwl  ven  itood  tr.ietion 

pro;>ertu's,  proved  to  be  non  ferro  f luidirable.  'L’\  ii'hevron'  silie.ite  ester 
l luivl,  whieh  has  nearh  .is  y.ood  t emper.it uri'  ranr.e  I'ropert  les  ,ts  l ,,()  ( nj," 
to  ^100"  11  and  was  thouy.ht  to  h.ue  .idequ.ite  t raet  ion  properties,  proved  to  be 
the  most  fi'rro' f luidi  :.ible  ol  .ill  fluids  sorieiish  eonsulered.  .'^.intotr.w  sd 
iMe'iis.uo)  w.is  the  best  tr.ietion  I luul  .ind  w.is  imirp.m.ilh  .wlei|u.ile  wlu'ii  h'l  ro 
fluidised  lait  h.wl  an  uns.it  isf.ietoiw  t emper.it  uia'  v-.ip.ibiht\  .it  the  low 
temperature  end  ol  the  ojH'r.it  u'tia  t r.in>;e  l J."''  to  'M'd"  1).  \s  diseir-sed  in 
l.iter  p.iray.raphs , S.mtotr.ie  .^i'  w.is  the  lluivl  eventu.ilh  si-h'v'ti'vl  for  tiu'  ^ll’l' 
.ind  thus  tor  the  se.il. 

.About  the  time  the  fhwheel  w.is  reavb  for  fin.il  .issembh  , test  vl.it.i 
bee.ime  .iv.iil.ible  from  eert.iin  in  lu'use  Uoekwell  tests  on  .i  simil.ir  be.iiuiy 
se.il  eombination.  I'lu'se  vl.it.i  iiwlieatovl  th.it,  c'ven  with  ver\-  e. ireful  .i  - .ombh  , 
the  tvheranee  sf.iekup  on  this  to'd  riy,  plus  UMirn.il  be.iriny  s h'p  .nwl  beiwliny 
in  the  shatt,  .ilU'wed  the  sh.ift  tv^  tvMieh  the  se.il  ,U  rel.itivel'.  U'w  -poevls 
(.ibout  h'.i'Ot'  rpm)  ; as  evpi'etovl,  the  so.il  f, 11  led.  Up  ti'  th.it  I'oint  , the  -cmI 
h.id  pi'rfoniied  .is  pivvlieted,  hoUliny  .1  hermet  le  se.il  lor  J l hours  ,iiul  then  von 
t inuiny  to  seal  vluriny  inituil  U'w  speovl  runs. 

b.isi'vl  iin  tlies('  test  rt'sult  -,  ,1  v|uu‘k  vh.inye  ot  vlireetivMi  was  m,Kle,  .iiu!  the 
tevvo  fluul  se.il  |l'>f>SP  !i>S)  w.is  rei'lavevl  with  .1  Si'.ilol  l•.lrb(^n  l.iee  se.il 
I'sAU  ItOiU'Jt'K  1.)  I'rior  to  the  lir'-t  1 liwhet'l  tests. 


Iliwheel  l.ubruat  ion  t'ov'lin^  .nwl  \ssembl\ 

fhe  final  Ihwlu'i'l  vli'siyn  .is  rele.ised  is  shown  in  l iyure  n;-*.  l\eis  ettv'rt 
W.IS  m.wle  to  pi'i'V  ule  .wlev(U.ite  ev'oliny  in  those  .ire.is  where  it  w.is  neevlev!  ii.e., 
the  so.ils  aiwl  t lit'  bt'.innysl.  \ lubt'  I'll  ''in"  port  w.is  pi\'\  uled  t'li  t'.wh  suk' 
id’  till'  fhwheel  ilisk  li'r  I'.ivh  be.iriny  seal  yiiMipiny.  I'lu'  viH'li'st  I'll  ti.t'., 
oil  111)  w.is  lit"'t  i‘i  ivul.itovl  .iiMuiwI  till'  iMiIsult'  vli.iim'ter  I'l  t Iw'  se.il  in  t lu' 


first  ( inhoarJ)  of  the  two  coolant  galleries  (slioun  on  each  side  of  the 
flwheel  disk  in  figure  o5).  After  completing  the  545-degree  circuit  around 
the  seal,  the  oil  ivas  ported  outboard  to  another  545-degrce  coolant  gallen' 
surroLinding  tlie  outside  diameter  of  the  duplex  bearing,  llie  oil  then  entered 
an  aitnulas  surrounding  the  ball  bearing  lube  jet  fitting.  Some  of  the  oil 
nude  its  way  through  the  radial  drilled  holes  to  the  center  of  the  lube  jet 
fitting,  where  part  of  it  was  injected  in  a fine  stream  directed  at  the  inter- 
section of  the  hearing  balls  and  the  inner  race  surface  of  each  bearing.  In 
the  antidrive  end,  some  of  the  oil  was  drawn  off  from  the  annulus  and  ported 
through  the  end  cap  to  the  hydrostatic  journal  bearing  lube  jet,  which  injected 
oil  at  approx iiiutely  0.05  gpm  into  the  hollow  (centrifuging)  cavity  in  the 
center  of  the  shaft.  Oil  was  also  suiiplied  to  the  centrifuging  cavity  on  the 
drive  end,  except  that  this  came  from  a coaxial  lube  jet  in  the  gearbox.  Tlie 
sunilus  oil  (i.e.,  that  oil  not  discharged  through  a lube  jet)  exited  tlie 
fl\^^heel  through  the  oil  "out"  ports.  Die  oil  injected  into  the  bearing/seal 
area  was  eventually  slung  by  the  s linger  action  of  the  shaft  and  bearing  inner 
races  to  the  outside  of  the  bearing  seal  cavity.  After  working  its  way  through 
perforations  in  the  bearing  rings,  the  oil  was  picked  up  by  any  one  of  six 
(three  in  each  bearing  area)  annular  scav'enge  cavities,  one  on  each  end,  and 
one  in  the  middle  of  each  bearing  stack.  Xow  mixed  with  air,  the  oil  was 
drawn  off  through  tlie  scavenge  oil/air  out  ports.  Vent  ports  were  also  pro- 
vided for  each  bearing/seal  cavity  so  that  the  scavenge  system  could  maintain 
a steady  flow  of  air  through  the  cavity  to  help  entrain  the  oil  and  direct  it 
to  the  scavenge  oil/air  out  port.  Kith  this  system  approacli,  both  tlie  bearings 
and  seals  are  cooled  from  both  their  inside  and  outside  diameters.  In  addi- 
tion, the  bearing  is  lube  jet  cooled.  The  seal  has  the  benefit  of  the  coolest 
oil  in  both  instances.  In  addition  to  receiving  the  oil  "in"  via  the  coolant 
oil  galleiy  when  it  first  enters  the  flndieel  housing,  the  lube  jets,  which 
supply  oil  to  t’ne  center  of  the  shafts  on  each  end,  cause  tlie  oil  to  impinge 
on  tlie  center  of  tlie  conical  surface,  foming  the  end  of  the  centifuging 
cavity.  This  surface  is  closest  to  tlie  points  of  seal  heat  generation  in 
tlie  shaft. 

Ports  v\ere  provided  in  the  fhavheel  disk  area  for  vacuum  puiT)oses.  cYie 
port  contained  a vacuum  valve  to  be  used  in  drawing  down  and  sealing  off  tlie 
vacuum  on  the  assumjition  tliat  the  seals  could  maintain  hermetic  (i.e.,  cero 
leak  I conditions  indefinitely.  The  other  vacuum  port  was  provided  in  the 
event  that  a vacuum  piunp  was  needed  to  maintain  an  acceptable  level  of  vacuum. 

A speed  sensor  was  also  provided.  Tliis  was  inserted  through  the  housing  and 
through  the  bearing  outer  race  spacer  to  comit  holes  in  the  inner  race  spacer 
between  the  two  bearings.  In  this  way,  the  speed  of  the  ball  bearing  inner 
race  could  be  measured,  and  the  difference  in  speed  between  the  inner  races 
and  the  shaft  provided  a measure  of  the  degree  of  speed  splitting. 

Because  the  ferro  fluid  (Ferrometic)  seal  performance  was  so  critically 
dependent  on  concentricity  between  the  seal  and  shaft,  every  effort  was  made 
to  maintain  concentricity  control  during  fabrication  and  assembly.  Tlie 


flnvheel  housing  halves  were  mated  and  indexed,  and  the  bearing/seal  bore 
was  line  bored  as  an  assembly.  It  should  also  be  noted  (Figure  h5 | that  step 
bores  between  the  bearing  and  the  seal  were  avoided.  Between  these  two  mea- 
sures, supplemented  by  the  fact  that  the  fluvheel  shaft  was  machined  on 
centers,  plus  the  fact  that  the  duplex  bearing  sleeve  packet  was  procured 
as  a mated  assembly,  the  concentricity  stackui^  was  reduced  to  a practical 
minimum. 


MPP  System  Lubrication 

The  MPP  cooling  and  lubrication  system,  as  it  was  planned  for  test,  is 
shown  in  Figure  66.  The  circuit  shown  is  representative  of  the  system  which 
would  be  installed  in  an  aircraft,  except  that  the  auxilian'  lube  pump  and 
its  relief  valve  would  not  be  needed.  It  is  also  possible  that,  after  testing, 
the  jet  pump  could  be  deleted.  The  auxiliary’  lube  pump  was  incorporated  as  an 
insurance  policy.  As  previously  stated,  one  of  the  major  objectives  in  MPP 
development  was  to  reduce  losses.  It  was  recognized  that  one  of  the  signifi- 
cant contributors  (about  0.25  hp)  to  overall  system  losses  was  the  lube  system. 
For  this  reason,  the  size  of  the  pumps  and,  particularly,  the  lube  pump  was 
held  to  a minimum.  The  auxiliary'  lube  pump  acted  as  an  insurance  policy 
during  the  test  program  on  several  counts: 

1)  It  provided  a source  of  extra  flow  capacity  to  continue  testing  until 
corrective  action  could  be  taken,  in  the  event  the  basic  lube  system 
proved  to  be  undersized  or  the  lube  metering  system  prov'ed  to  be 
oversized. 

2)  It  provided  an  auxiliary  source  of  pressure  so  that  the  system  could 
be  operated  on  a t^vo- level  basis  until  a single  (minimum)  pressiu'e 
level,  suitable  to  all  components,  could  be  found. 

3)  It  provided  an  independently  powered  source  of  pressure  and  flow  which 
could  be  used,  if  needed,  during  critical  startup  operations  when  the 
basic  lube  and  scavenge  system  was  just  beginning  to  operate. 

Figure  66  is  self-e.xplanator>'  except  for  the  reservoir  and  jet  pump.  The 
reservoir  is  an  all-attitude  swirl  can  type  which  uses  the  relatively  constant 
(70-  to  100-percent  rated)  flow  energy  available  during  takeoff  and  landing  to 
separate  oil  and  air  and  to  make  solid  oil  available  to  the  lube  pump  and  the 
lube  system  in  all  flight  attitudes.  Coupled  with  proper  baffling  of  the  gear- 
box and  controller,  such  a system  was  felt  to  guarantee  air-free  oil  being  suji- 
plied  to  the  controller's  critical  ratio  change  control  pistons  in  all  attitudes 
of  flight. 

The  jet  pump  was  used  in  the  flywheel  scavenge  system  in  recognition  of 
the  fact  that,  if  two  vented  chambers  are  scavenged  by  a single  scavenge  pump 
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and  any  one  of  three  parameters  (lube  oil  flow,  vent  line  pressure  drop,  or 
scavenge  line  pressure  drop)  important  to  the  scavenge  function  vary  signifi- 
cantly betw'een  chambers,  one  branch  will  tend  to  flow  air/oil  mist  and  the 
other  will  tend  to  flood.  Tliis  occurs  because  once  an  air/oil  mist  flow  is 
established  in  one  line,  its  pressure  drop  suddenly  becomes  so  much  loiver 
than  the  semisolid-oil  flow  in  the  other  line  that  the  other  line  flow  rate 
tends  toward  zero,  and  flooding  of  that  chamber  occurs.  The  solid-oil  cooling 
flow  returning  from  the  flwheel  bearing/seal  cooling  circuit  provides  the 
motive  flow  for  the  jet  i>ump. 


Gearbox  Design 

.An  assembly  drawing  of  the  gearbox  is  shown  in  Figure  b".  The  gearbox 
provided  mounting  pads  for  the  hydraulic  motor,  flxwheel,  and  controller.  The 
rated  speeds  and  ratios  between  pads  were  as  shown  in  Table  2.  The  gearbox 
also  mounted  a lube  and  scavenge  pump  stack,  all  of  which  were  driven  by  a 
common  shaft.  The  pump  stack  consisted  of  three  pumping  elements,  all  of  the 
Gerotor  t>'pe.  The  lube  pump  had  a capacit>'  of  2.0  gpm  at  6,000  rpm  and 
83-percent  efficiency.  The  scavenge  pumps  were  sized  to  1.5  times  the  lube 
pump  capacity. 

The  gearbox  layout  was  generally  conventional  except  in  the  area  of  che 
high-speed  (flvwheel)  pad.  The  high-speed  (88,255  rpm1  quill  shaft  had  a 
small  gear  integrally  machined  in  it  and  had  no  support  bearings.  The  small 
integral  gear  became  a sun  gear  in  a planetary  gear  set  and  was  supported  by 
its  three  relatively  large  planet  gears.  These  gears  acted  as  support  bear- 
ings, but  gav^e  the  quill  shaft  a much  greater  tolerance  to  adapt  to  misalign- 
ment at  the  gearbo.x/flv’wheel  interface  than  a conventional  high-speed  bearing 
s\'stem  vvould  have.  The  output  end  of  the  quill  shaft  was  supported  by  the 
flnvheel  input  spline,  its  shaft,  and  its  bearing  system,  bliat  appears  to  be 
a pressure- lubricated  bearing  next  to  the  integral  gear  on  the  quill  shaft  in 
Figure  6"  is  actually  a rather  loose  fitting  damper  device  used  to  prevent  an>' 
tendency  for  the  quill  shaft  to  operate  unstably. 


Controller  Design 

.\s  originally  envisioned  (reference  N.A-“5-401B  in  .Appendix  .A),  the  con- 
troller was  to  have  been  a relatively  small  unit  ("-inch-diameter  by  in- inch- 
long  basic  envelo}-)e)  weighing  41.8  pounds.  Tliis  small  size  was  predicated  on 
using  a traction  fluid  (Santotrac  30)  having  a traction  coefficient  of  0.084. 
Howev'er,  at  the  time  the  controller  w^'^  in  the  design  phase,  it  was  decided  to 
switch  to  Chevron  M2\'  fluid  because  Santotrac  30  fluid  would  not  meet  the 
-65°  F operational  requirement.  M2\'  has  a traction  coefficient  (0.045)  just 
slightly  over  one -half  that  of  Santotrac  30.  Since  the  controller  is  criti- 
cally dependent  upon  the  traction  properties  of  the  fluid  it  uses,  the  size 
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Figure  67.  Gear  Drive  Assembly 


and  uei;4ht  of  tlie  controller  increased  nearly  one-third  to  bO  pounds  and 
‘^.~5-Lnch  diameter. 

Hie  controller  assembly,  as  it  was  finally  designed  and  built,  is  shown 
in  Figure  b8. 

The  basic  puipose  of  the  controller  was  to  perform  the  same  functions  in 
an  all -mechanical  [xswer  train  as  those  performed  by  a four-way  valve  in  a 
Indraulic  power  distribution  system.  These  functions  were  to; 

1)  Provide  a controlled  bidirectional  output  fi.e.,  up-down,  extend- 
retract) 

21  Provide  a means  for  accelerating  and  decelerating  (snubbing)  an 
output-driven  load  in  a smooth,  con  rolled,  shock- free  manner 

The  controller  (Figure  b9)  consisted  of  three  basic  elements: 

1)  An  infinitely  variable  ratio  change  (traction)  section 

2)  A bidirectional  planetary  gear  set 

3)  An  output  control  device 


Infinitely  Variable  Ratio  Change  Section  Functional  Description 

Tlie  infinitely  variable  ratio  change  section  is  shown  in  Figure  "0.  It 
is  a roller-cone-tNTie  infinitely  variable  traction  transmission  in  which 
ratios  are  changed  by  tilting  rollers  to  change  contact  radii  on  input  and 
output  cones.  To  assist  in  understanding  the  functioning  of  the  transmission, 
nuncrous  function  (load  and  motion)  s\-mbol5  have  been  added  to  Figure  ‘0.  .An 
e.xiilanation  of  these  s>Tnbols  folloixs. 

f\Sl  - Fs3  = roller  tilt  steering  force 

Rjj  = input  roller-cone  contact  radii  at  minimum  and  maxLmimi 

output  ratio  positions,  respectively 

R ..  f,  = output  roller- cone  contact  radii  at  minimum  and  maximum 
output  ratio  [X)sitions,  respectively 

I'pj  = longitudinal  preload  force 

\ = rotational  velocity  of  input  cone 

I 

\p  = rotational  velocity  of  ixDwer- transmission  rollers 


•f  iJ: 
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= rotaticiial  \'elocit\'  of  oiitput  cone 

\ . = rotational  veiocit>-  of  roller  tilt  about  I'atio  cluip.'^f  ax  is 

KL 

= radial  preload  force 

FNT^  and  I'N'T  = normal  force  at  traction  contact  point 
for  input  and  output  cones  respect ivel\- 

The  traction  section  is  assembled  with  a preload  imposed  at  the  traction 
contact  points  il'XT.  1 • Oiis  preload  is  generated  b\-  and  I 

supplied  by  the  housing  in  conjunction  uith  the  leaf  flexures  fligure  ui.  The 
input  shaft  extending  through  the  output  cone  dri\es  the  input  cone  and  the 
larger  of  tuo  sun  gears  in  the  planetary  gear  set.  The  input  cone  drives  a 
pair  of  rollers  b>-  friction  at  the  ti'action  contact  points.  Tlie  rollers,  in 
turn,  drive  the  output  cone  in  a direction  opposite  to  tiiat  of  the  input  cone. 
The  output  cone  can  be  driven  at  either  a speed  increased  or  decreased  ratio 
dependent  upon  the  tilt  of  the  rollers.  Tlie  ratio  is  descril'ied  b\'; 
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Because  of  the  high  preload  and  its  higli  contact  friction,  the  rollers 
cannot  be  rotated  to  a new  ratio  position  by  brute  force.  They  must  be 

steered  to  the  new  [xasition  in  a manner  much  similar  to  that  used  in  getting 
an  automobile  around  a coiner  fi.e.,  the  wheels  are  steered  and  they  turn  tiie 
auto).  (See  Figure  ”1.  i Ds  in  Figure  '’1  represents  the  steering  displacement 
generated  by  F'si  or  F'sz  in  Figure  ~0,  which,  in  turn,  are  generated  by 
Indraulic  pistons  in  the  controller  housing.  The  amount  of  displacement  (Dsl 
is  directly  proportional  to  the  h>'draulic  (lube  oil)  pressure  supplied  to 
these  pistons.  (Tnce  a steering  displacement  is  established,  a roll  tilt 
(ratio  change)  moment  is  generated  based  on  the  ratio  change  forces  (F^pj^  li 
'RC2>  created  by  the  displacement.  At  a given  output  load,  the  magnitude  of 
the  ix)wcr  transmitting  force  is  directly  proportional  to  the  siieed  decreasing 
ratio  thus  achieved.  In  other  words,  as  the  rollers  move  from  a maximimi  speed 
increasing  ratio  to  a minimum,  the  power  transmitting  force  (which  is  being 
reacted  b\-  the  hydraulic  control  pistons)  increases  steadily.  At  some  point, 
the  ix3wer  transmitting  force  fFpq’)  ov^ercomes  the  hydraulic  control  piston 
force,  steering  displacement  Ds  goes  to  tero,  and  ratio  changing  ceases. 

Under  some  circumstances,  power  transmitting  force  can  continue  to  increase 
even  though  ratio  changing  has  ceased  (a  sharp  increase  in  load  on  the  load 
stroke  cun'c,  or  the  screw  jack  actuator  hitting  a stop  after  being  snubbed  to 
a low  Sliced).  In  these  circumstances,  the  continued  increase  of  force  will 
drive  tlie  hydraulic  pistons  to  a negative  steering  condition  and  cause  the 
rollers  to  steer  to  a ma.ximum  ratio  condition.  In  this  maiuier,  the  unit 
becomes  inlierently  output  load  (torque)  limiting. 


The  use  of  lube  pressure-driven  hydraulic  pistons  for  roll  steerin; 
control  provides  two  further  benefits  in  addition  to  torque  limiting: 


The  acceleration  and  deceleration  of  the  output  load  mass  can  be 
controlled  by  modulation  of  the  lube  pressure  supplied  to  the 
hydraulic  pistons. 


2)  The  use  of  hydraulic  pistons  guarantees  almost  exact  load-sharing 
betiveen  the  rolls  and  markedly  increases  the  roll  life  and  transmis 
sion  efficiency  relative  to  attempting  to  accomplish  the  sajiie  objec 
tive  mechanically. 


It  should  be  pointed  out  that,  in  the  interests  of  clarity,  certain 
liberties  have  been  taken  with  the  vector  diagram  of  Figure  71.  F is 
actually  parallel  to  and  points  in  the  same  direction  as  To  be  actually 

correct,  Fp.^,.,  and  Fp.^^  should  be  superimposed  on  top  of  one  another.  In  addi- 
tion, arid  although  displaced  from  each  other  b>'  the  widtli  of  the 

roller,  would  appear,  in  Figure  71, to  start  from  the  same  origin  point  and 
be  oppositely  directed.  The  ratio  change  torque  then  is  Fpci  + Fp(32/2  times 
the  diameter  of  the  roller.  Tlie  way  the  v'ector  diagram  is  shown  in  Figure  "1 
assumes  the  viewer  is  looking  at  the  subscript  1 vectors  from  the  input  end 
and  the  subscript  2 vectors  from  the  output  end. 


Bidirectional  Planetarv'  Gear  Set  Functional  Description 


The  basic  function  of  the  planetar)^  gear  set  is  to  provide  a bidirectional 
rotational  output  given  a unidirectional  rotational  input. 


With  the  infinitely  variable  traction  section  fRTS)  at  maximum  output 
ratio  position,  the  first-stage  planetary  gear  set  (Figure  ~2')  is  so  sited  and 
proportioned  that  the  first-stage  cage  (item  I in  Figure  "2)  is  stationary. 
With  the  first-stage  cage  stationary,  the  second-stage  cage  (as  w'ell  as  all 
gearing)  is  also  stationary.  Under  these  conditions,  either  the  lockup  mech- 
anism for  gear  retract  (item  J,  Figure  72)  or  for  gear  extend  (item  K,  Fig- 
ure “2)  ma>'  be  easily  engaged.  The  lockup  mechanism  is  shown  as  a latching 
Jevice  in  Figure  "2  for  clarity.  In  reality,  it  is  a sliding  spline-ty^De  com- 
■lonent . The  sequence  of  events  for  gear  retraction,  or  extension,  is  to  first 
I'^k-up  the  appropriate  gear  set  elements  at  tero  rotational  velocity  (there 
I some  creep  due  to  heat-induced  dimensional  changes,  but  this  will 

* rarl'.er  tlian  hinder  the  lockup  process)  and  steer  the  rolls  to  a reduced 
' iTion  'i.e.,  minimum  \’oc  in  Figure  ”0.)  The  actual  rate  of  change  of 

■ ' po-iinon  will  be  governed  \ th»  inherent  torque  limiting  of  the 
'-••ro!  pistons  in  relation  to  the  output  load  ex'perienced.  As  the 
<■  Mon  is  changed,  sun  gear  (E)  in  the  second  stage  begins  to 
k i-  f!  is  engaged  for  gear  retract,  the  cage  is,  in  effect, 

ind  everything,  including  output  sun  gear  (G) , rotates 
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in  the  :;;une  direction  and  at  the  same  speed  as  gear  (H] . If  lockup  (K)  is 
engaged  for  gear  extend,  the  second-stage  cage  (I.)  is  prev^ented  from  rotating 
and  sun  gear  (f)  drives  planet  gears  (f)  in  tlie  opposite  direction.  I’lanet 
gears  if)  have  an  offset  inesli  witli  planet  gears  (Hj  which  causes  tliesc  gears 
to  he  driven  opixjsite  to  (I-)  but  in  the  s;uue  dir'^ction  as  sun  gear  (1:). 

Planet  gears  (H)  mesli  with  output  sun  gear  ('(!);  therefore,  rotational  direc- 
tion reverses  once  again  and  output  sun  gear  ((i)  is  caused  to  rotate  opposite 
to  input  sun  gear  IH).  With  the  second-stage  cage  fl.)  locked  up  to  the  hous- 
ing, output  rotation  is  opposite  to  that  which  occurs  when  both  the  first-  and 
second-stage  cages  are  locked  together. 


iXitput  Control  Device  I'unctional  Description 

The  output  control  device  was  purchased  from  Stcrer  Manufacturing  Co.  as 
their  assembly  part  5M580.  Essentially,  this  was  a multi  functioned  solenoid- 
operated  hydraulic  valve  using  lube  oil  pressure  as  tlie  control  mediun.  This 
control  valv'e  package  is  shovm  in  Figure  b8  mounted  on  the  controller  housing 
and  can  be  identified  by  the  three  rather  large  unifoi-m-sized  solenoids  pro- 
jecting from  the  valve  body  in  the  left  side  of  the  photogranh.  These  sole- 
noids were  much  larger  than  would  normally  be  necessar>',  but  became  as  large 
as  they  were  because  the\’  represented  an  attempt  to  procure  low-cost  commer- 
cially available  solenoids  which  matched  the  B-1  electrical  power  system 
characteristics.  The  total  control  system  schematic  for  the  controller  is 
shown  in  Figure'S.  The  various  valves  and  functional  elements  contained  in 
the  Sterer  control  valve  assembly  are  indicated  by  tbe  phantom  outline.  The 
rest  of  the  control  elements  are  also  indicated  but  are  in  the  controller 
itself. 

The  basic  function  of  the  controller  control  system  is  to  provide  tlie 
control  forces  necessaty  to  meet  the  controller  output  requirements.  \s 
indicated  earlier,  these  retiuirements  were  to  provide  a bidirectional  output 
when  supplied  with  a unidirectional  input  and  to  provide  a means  for  smootiih' 
accelerating  and  decelerating  an  output  load.  Valves  1 and  2 working  with 
cylinders  A and  B in  Figure  ”5  provide  the  bidirectional  control  force.  Mien 
deenergized,  command  waive  1 directs  lube  pressure  to  the  retract  i neutral) 
side  of  ci'lindcr  A.  Command  valve  2 operates  in  a similar  manner  except  that 
it  pressurizes  cylinder  B in  tlie  extend  (but  still  neutral!  direction.  Mien 
valve  1 is  energized,  it  directs  pressure  to  cause  cylinder  A to  extend.  Tliis 
action  moves  a shift  fork  in  the  controller  to  lock  the  first-  and  second- 
stage  gearing  together  (see  item  .1  in  Figure  ”2),  giving  gear  reti'act  ( + i 

rotation.  In  order  to  ensure  tlia^  the  sliift  fork  engagement  could  occur  before 

first-stage  rotation  (other  than  a slow  creep)  occurv'd,  a time-delay  system 
was  provided  b>'  shuttle  valve  4 and  sequence  valve  5.  The  shuttle  valve 
shuttles  in  an  apiiropriate  manner,  depending  upon  whether  tlie  actuation  flow 
is  coming  from  valve  1 or  2,  and  directs  the  flow  to  the  upper  end  of  tiie 

spring  loaded  sequence  valve  .S.  The  preload  of  the  spring  and  the  effective 
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area  of  the  end  of  the  sequence  valve  sixjoL  is  such  that  the  valve  spool  will 
not  move  until  25  psi  is  reached.  Tlus  guaranteed  that  no  ratio  changing 
action  would  occur,  thus  causing  the  first-stage  gearing  to  rotate  until  the 
shift  lock  action  vvas  completed.  The  functioning  of  comnund  valve  2 is  iden- 
tical to  that  of  valve  1 except  that  pressure  is  directed  to  the  net  area  side 
of  the  opposite  shift  fork  actuation  piston.  This  piston  actuates  the  shift 
fork,  which  locks  second-stage  gearing  to  tlie  controller  housing  and  gives 
gear  extend  (-)  rotation.  (See  item  K in  Figure  "2.) 

Once  sequence  v'-alve  5 is  open,  flow  proceeds  through  the  ",500  rpin  limit 
valve  S to  the  speed  increasing  side  of  both  control  pistons.  '.Vorking  against 
tiie  return  springs  associated  with  each  roller  assembly,  the  pressure  which 
builds  up  moves  the  roller  assemblies  to  a speed- increasing  ix}sition.  The 
mechanics  of  ratio  changing  has  been  described  earlier.  However,  the  function 
of  the  roller  cams  shown  at  one  end  of  each  control  piston  in  Figure  "5  has 
not  been  described.  These  cams  were  inserted  in  the  system  to  provide  a jx>si- 
tion  feedback,  thus  providing  inherent  system  stability.  As  indicated  in  Fig- 
ure "1  and  related  paragraphs,  steering  displacement (Ds)  is  a function  of  the 
hydraulic  (lube)  pressure  acting  on  the  control  pistons  minus  any  tangential 
roll  forces  (power  transmitting  forces  (Fpp)  which  may  exist.  Once  a given 
D5  is  established,  ratio  changing  wdll  continue  indefinitely  at  a rate  pro- 
portional to  that  Dg.  Howev'-er,  the  conttxil  system  under  these  circumstances 
is  operating  in  an  open- loop  mode,  and  there  is  no  intelligence  which  will 
tell  the  control  system  what  Ds  has  actually  been  established.  This  leaves 
the  control  open  to  instability  because  the  only  feedback  is  the  eventual 
buildup  of  |X)wer  transmitting  forces  (Fpp)  resulting  from  output  load  stroke 
loads  or  inertia  loads.  Under  these  conditions,  the  control  system  could 
easily  overshoot  and  go  into  cyclical  unstable  oscillation.  The  introduction 
of  the  roller  cams,  however,  closes  the  control  loop,  in  that  it  provides  a 
pressure  change  feedback  proportional  to  ratio  change.  As  each  roller  tilts 
about  the  yoke  centerline  (\'pp  in  Figure  "0),  the  cam  roller  displaces  the 
control  piston  by  an  amount  proportional  to  the  actual  change  in  roller  ratio 
[xjsition.  (See  Figure  75.)  This,  in  turn,  displaces  fluid  in  the  control 
piston  chambers.  For  a given  ratio  change,  the  fluid  displacement  will  be 
"out"  from  one  cam- roller-piston  chamber  and  "in"  for  the  other.  The  flow, 
thus  created  across  the  restrictor  orifices  (Figure  75)  at  the  piston  chamber 
inlets,  creates  a differential  pressure  across  the  ratio  clianging  system 
which  effectively  damps  oscillation  and  stabilizes  the  control  system. 

The  torque  control  differential  pressure  valve  6 served  the  puiqwse  of 
ensuring  that  the  maximum  output  torque  of  the  controller  never  exceeded  limit 
torque  (420  in. -lb).  IVith  a given  control  piston  pressure,  the  torque  output 
capabilities  of  the  controller  are  extremely  high  at  low  speed  (about  three 
times  those  at  high  speed)  before  the  torque  limiting  induced  by  Fpp  takes 
effect.  Therefore,  valve  6 was  required  to  modify  control  system  pressure 
before  the  control  system  could  meet  specification  requirements.  Valve  6 is 
actuated  by  a cam  directly  linked  to  the  roller  >'oke  so  that  its  cam  rise  is 


inversely  proportional  to  ratio  position.  As  seen  in  Figure  73,  at  zero  speed 
the  cam  rise  is  a maximum  and  decreases  as  the  output  speed  increases.  The 
cam  follower  is  part  of  a variable  relief  valve  whose  relief  setting  is  varied 
by  cam  position.  At  zero  speed,  the  relief  setting  is  50  psi,  and  at  rated 
speed  (7,500  rpm) , it  is  15  psi.  The  control  piston  pressure  was  related  to 
ratio  position  such  that  Fp^  would  always  be  capable  of  returning  the  con- 
troller output  to  zero  ratio  position  before  420  in. -lb  output  torque  was 
exceeded. 

In  a similar  manner,  the  7,500  rpm  limit  valve  8 and  zero  limit  valve  7 
were  mechanically  connected  to  the  ratio  change  roller  yoke  such  that  they 
sensed  roller  ratio  position.  They  are  spring-actuated,  mechanically  adjust- 
able, sharp  cutoff,  spool- type  slide  valves  which  dump  control  pressure  when 
a ratio  position  equal  to  7,500  or  zero  rpm,  respectively,  is  reached 
Because  there  is  ver>'  little  slip  in  the  traction  elements  of  the  controller, 
the  speed  settings  and  the  repeatability  of  the  speed  settings  resulting  from 
valve  adjustment  can  be  very  consistent. 

Deceleration  command  valve  3 was  the  third  of  three  valves  on  the  unit 
vdiich  was  solenoid-controlled.  The  solenoid  for  this  valve  is  energized  by 
microswitches  mounted  on  the  landing  gear  linkage  which  are  rigged  to  trip  at 
a prescribed  distance  from  the  end  of  the  gear  extend  or  retract  stroke,  hhen 
energized,  the  valve  opens  and  meters  fluid  across  an  orifice  (0.052  inch)  to 
the  control  piston  chambers  which  tend  to  drive  the  rollers  to  the  zero  output 
ratio  position.  Because  of  the  metering  effect  of  the  orifice,  and  because 
the  control  piston  chamber  will  absorb  a specific  volume  of  fluid  in  going 
from  maximum  ratio  (7,500  rpm)  to  minimum  ratio  (zero  rpm)  position,  the  reduc- 
tion in  output  speed  is  essentially  linear  and  occurs  within  a specific  length 
of  time  within  very  narrow  limits.  It  should  be  noted  that,  during  most  of 
the  period  when  the  deceleration  command  valve  is  open,  it  is  metering  fluid 
back  to  the  sump  via  a 0.025-inch-diameter  orifice  in  the  7,500  rpm  limit 
valve  return  port  and  through  0.025-inch-diameter  air-bleed  holes  in  both  con- 
trol piston  chambers.  However,  the  0 .052- inch-diameter  orifice  in  the  decel- 
eration command  valve  outlet  will  more  than  supply  these  leakages  and  will 
still  be  able  to  build  up  full  supply  system  pressure  in  the  control  piston 
chambers.  This  pressure,  aided  by  the  control  piston  return  spring  forces  and 
the  power  transmitting  force,  w'ill  overcome  the  full  supply  pressure  ported 
by  the  7,500  rpm  limit  valve  to  the  other  end  of  the  control  pistons  and 
return  the  roller  yokes  to  the  zero  output  ratio  position  in  a controlled 
manner. 


Controller  Detail  Design 

A cross  section  of  the  controller  design  as  it  finally  evolved  is  shown 
in  Figure  74.  It  can  be  seen  that  the  design  has  the  same  general  layout  as 
that  originally  envisioned  except  that  it  is  larger,  turns  at  lower  speeds. 


StCTiON  E-E 


and  a roller  cone  rather  than  a roller  toroid  configuration  in  the 

traction  section.  The  roller  toroid  configuration  (Figure  22 J was  preferred 
at  the  time  the  MPP  program  started  because  it  seemed  to  offer  a smaller  and 
lighter  design.  This  was  felt  to  be  true  because  the  roller  toroid  configura- 
tion reacts  all  its  roller  toroid  squeezing  loads  (i.e.,  the  loads  required  to 
achieve  traction)  through  the  rolls,  toroids,  and  a single  thrust  bearing. 

The  liousing  acts  merely  as  a container,  and  the  steering  mechanism  is  fairly 
small  and  lightweight.  In  contrast,  the  roller  cone  configuration  reacts 
large  loads  througli  the  housing  and  must  have  heavy  yokes,  multileav'e  flexures, 
and  large  hydraulic  ratio  control  pistons. 

At  tlie  time  the  contract  was  to  be  let  for  the  design  and  fabrication  of 
tlie  controller,  there  had  been  no  viable  bids  receiv'ed  for  a roller-toroid- 
tvye  configuration.  Since  a bid  was  received  for  the  roller  cone  tvye  and 
tills  tvye  cone  would  meet  contract  requirements,  the  roller  cone  t>"pe  was 
selected.  Subse.iuently,  it  was  found  that  the  roller  cone  configuration  had 
the  following  adv'antages: 

1)  Better  traction  footprint  characteristics 


2)  Better  load-sharing  between  rollers 

Tlie  traction  footprint  (roll  toroid  contact  point)  characteristics  in  a 
traction  transmission  are  the  major  detenninant  of  transmission  size  and 
weight.  Tlie  tractiv'e  effort  wiiich  can  be  carried  by  each  footprint  is  deter- 
mined by  three  major  factors: 

1)  Lubricant 

2)  Spin 

5)  Contact  force 


In  a comparison  between  the  ti\o  controller  configurations,  the  fluid  used 
in  one  could  also  be  used  in  the  other  and,  even  though  the  fluid  selected 
has  a great  impact  on  the  load-carr>'ing  ability  of  a traction  transmission, 
the  effect  is  about  equal  on  the  two  tvqies;  therefore,  it  does  not  enter  into 
this  comparison.  In  contrast,  spin  is  a major  consideration  in  comparing  the 
two  tvpes.  Spin  is  the  phenomena  \'er>-  common  in  angular  contact  ball  bear- 
ings where  there  is  relative  motion,  or  scrubbing  action,  beti\een  the  two  sur- 
faces in  the  traction  contact  area.  A uniform-diameter  cylinder  rolling  on  a 
flat  plate  represents  a condition  of  pure  rolling  with  zero  spin.  Needle 
bearings,  cylindrical  roller  bearings,  and  most  tapered  roller  bearings 
exhibit  essentially  pure  rolling  at  their  contact  points.  Howev'er,  spherical 
rolling  elements  such  as  ball  bearings,  toroidal  traction  transmissions,  etc, 
exliibit  some  degree  of  differential  motion  (or  scrubbing)  between  their  con- 
tact surfaces  under  nearly  all  operating  conditions.  The  degree  of  spin 


Lniierent  in  a design  at  its  traction  contact  tioints  is  a najo’’  JcteiTninant  of 
the  actml  traction  coefficient  (as  onposed  to  theoretical)  and  of  the  na\:ni- 
tude  of  contact  surface  wear  which  will  occur  under  a civen  set  of  operatiiiC 
conditions.  The  greater  tlie  spin,  the  lower  the  actual  traction  cccfficienr 
and  the  greater  the  surface  wear.  According  to  Reference  5,  where  roller 
toroid  and  roller  cone  transmission  layouts  having  etiual  toroid  radii  arc  com- 
nared,  the  average  spin  encountered  in  the  roller  toroid  t>T>e  througliout  th.c 
normal  ratio  range  is  five  times  that  encountered  in  the  roller  cone  t>'|ic. 

This  is  a significant  difference  and  greatly  favors  the  roller  cone 
configuration. 

As  discussed  in  Reference  5,  the  I'oller  toroid  configuration  wh.en  meeting 
a given  output  horsepower  develops  high  contact  forces  betisccn  the  rolls  and 
toroids,  at  both  high  speedup  and  liigh  reauction  ratios.  Minimum  cont.'ict 
force  occurs  at  a 1:1  ratio.  In  the  roller  cone  configuration,  the  contact 
force  is  high  at  high  reduction  ratios  but  drops  off  continuousl>-  as  tlie  r.atio 
moves  through  1:1  to  maximum  speedup.  This  more  closelv  matclies  txyiical  out- 
put demands  and,  as  pointed  out  in  Reference  5,  sa\'s  that  a roller  cone  trans- 
mission, which  has  the  same  toroidal  Cvavit}'  as  a roller  toroid  transmission, 
will  be  smaller  in  size  but  able  to  handle  at  least  twice  as  mucli  power 
throughout  its  speed  range. 

A computer  tab  run  defining  the  controller  design  and  pcrfonaance  is 
shown  in  Figure  75A,  B a C.  .Votes  have  been  added  to  aid  in  ex^ilaining  the  \arious 
entries.  Particular  note  should  be  taken  of  the  entry  "input  traction  torque, 
all  banks,  ft-lb."  This  entry  plus  the  entr>'  "total  loss,  all  banks,  iin"  show 
that,  unlike  the  assumptions  made  at  the  beginning  of  the  program  and  shown  in 
Figure  21  , losses  do  not  decrease  with  decreasing  output  speed.  Tith  a regen- 
erative layout,  maximim  losses  occur  at  zero  output  speed.  Tlie  regenerative 

layout  was  used  because,  when  tlie  drive  size  was  increased  to  use  ^I2\'  fluid, 

the  roller  and  output  thmst  bearings  were  operating  at  high  speed  and  high 
load  simultaneously  and,  even  for  the  relatively  sliort  periods  this  condition 
existed  (^i.e.,  only  during  gear  operation),  the  bearings  could  not  meet  life 
requirements.  By  going  to  the  regenerative  layout,  the  bearings  were  heaiily 
loaded  only  when  they  were  at  low  speed  (see  entries  "output  disc  speed,  mm" 
and  "roller  speed  rpm"  in  Figure  “5R  fj  C.  At  high  speed,  they  were  essent ial I;- 
unloaded.  .Although  this  made  sense  and  was  necessary  from  the  bearing  design 
point  of  view,  it  meant  that  controller  parasite  losses  were  mucli  higher  than 
anticipated.  Figure  21  estimates  that  the  parasite  losses  would  be  l.nnl  hp:  !" 

however,  the  actual  losses,  as  will  be  seen  from  subsequent  test  data,  were  |’ 

in  the  5 to  6 hp  range.  .About  40  percent  of  this  increase  was  due  to  the  ■ 

transmission  size  increase  due  to  the  switch  to  M2\'  fluid.  The  rest  was  due  M 

to  the  use  of  a regenerative  layout.  j 

! , 

Reference  5.  Kraus,  C.F,.,  "Rolling  Traction  - .-\nalysis  and  Design,"  |' 
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Sc  reu  j ack  1 'e  s i ;4n 

The  linal  design  of  the  scrcujack  is  shoun  in  l-igures  and  ^7.  T!ie 
screujack  was  built  around  an  existing  available  Saginaw  ball  screw  tSiinii- 
OhbO-Stn')  • The  dimens 'ons  of  the  nuijor  load- car  lying  elements  of  tliis  ball 
screw  were  approximately  two-thirds  of  those  estimated  at  tlie  beginning  of  ti^ 
program.  These  comparative  dimensions  are: 


Projected 

i-  inal 

des i gn 

des  i gn 

Ball  circle  dia  ( in. ) 

4.000 

5.00(1 

Ball  diameter  1 in.) 

0."50 

(t . 5(1(1 

Lead  (in.) 

1.000 

O.bhO 

This  reduction  was  made  possible  by  a much  more  re'dned  dut\'  c>'cle  anaT.'sis. 

Tlie  original  design  anticipated  the  use  of  a wonu  ge.ar  and  an  aluminum 
housing.  The  use  of  the  woirni  gear  created  a relativelv  large  "window"  in  the 
side  of  the  housing  at  rigiit  angles  to  the  tensile  stress  path  created  when 
the  unit  was  subjected  to  10", 000-pound  tensile  loads  during  nomal  operation 
on  tlie  load  stroke  cun-e.  This  load  could  not  be  bridged  over  or  around  the 
w'indow  without  an  excessive  buildup  in  the  aluminum  iiousing  wall  tliickness  in 
the  immediate  area.  The  situation  could  have  been  helped  b\’  substituting 
steel  for  aluminum;  however,  both  the  weight  and,  particularly,  the  cost  would 
have  been  negatively  impacted  by  such  a mov'e.  It  was  therefo-e  decided  to  use 
a new  approach  employing  spur  and  bevel  gears.  This  cut  dow.i  the  sice  ol  the 
window  and  solved  the  stress  problem.  .Also,  it  had  the  additional  advantage 
that  it  allowed  the  use  of  grease  throughout  the  screwjack.  The  wo  mm  gear 
design  required  tlie  use  of  oil  at  the  worn  gear  mesh  and  required  seals  to 
separate  the  oil  from  the  grease  used  elsewhere  in  the  screwjack. 

It  can  be  seen  in  Figure  "6  that  the  end  of  the  housing  from  which  the 
ball  screw  emerges  has  a steel  ring  around  its  diameter.  The  use  of  tliis 
arose  from  the  fact  that  the  retaining  nut  which  backs  up  the  main  roller 
thrust  bearing  was  eccentrically  loaded  with  respect  to  its  threads.  The  nut 
threads  in  their  turn  loaded  the  aluminum  housing  threads  and  caused  a high 
eccentric  loading  with  an  associated  turnover  moment  at  the  mouth  of  the  screw- 
jack  housing,  which  was  converted  to  an  unacceptably  high  hoop  stress  at  the 
outer  surface  of  the  housing  in  this  area.  This  problem  was  overcome  b\- 
shrinking  on  a high-strength  steel  band  around  the  housing  threads. 

It  can  be  seen  in  Figure  76  that  the  basic  housing  walls  were  very  thick. 
Tliis  was  because  the  housing  was  made  of  alinninum,  with  its  relativelv  low- 
strength  and  low  modulus  of  elasticity.  Aluminurii  was  selected  because  of  its 
castabilit)'  and  ease  of  machining.  It  was  the  only  way  to  go  to  keep  costs 
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Figure  76.  Screwjack  Actuator  Assembly,  Sheet  1 


douTi  on  this  "one  of  a kind"  item.  Hoisever,  in  production  quantities,  the 
housing  would  be  made  of  steel,  and  through  the  use  of  this  material  all  basic 
housing  walls  would  be  reduced  to  at  most  one-third  of  their  present  tliickness. 

Figure  shc»s  the  "to\\er"  gear  train  that  connects  the  ball  scre\4  to 
the  controller  output.  The  controller  pad  is  in  the  upper  center  of  the  fig- 
ure. This  gear  train  is  grease  lubricated,  as  is  the  ball  scTe\\,  and  reduces 
the  controller  output  of  7,500  to  1"8  rpm  at  the  ball  nut.  This  ball  nut 
speed  is  one-third  greater  than  that  shown  in  Table  2,  and  the  reduction 
ratio  is  one- third  less,  being  42.15. 


TASK  III  - SYSTEM  TESTS 


NECHANICAL  POWER  PACKAGE  TEST  PLA\ 

The  MPP  in  its  final  form,  as  it  was  to  be  tested,  is  shown  in  Figure  "8. 
The  pertinent  major  supplier  part  numbers  are  also  shovvTi. 

A system  test  plan  was  developed  and  is  included  in  the  appendix  as 
■Appendix  B (Document  .\o.  TED  77-b59).  This  test  plan  called  for  a logical 
sequence  of  tests  which  gradually  built  up,  building-block  style,  to  full 
MPP  system  tests.  .Along  the  way,  each  conponent  was  to  receive  a detail  com- 
ponent test  using  its  predecessor  in  the  building-block  chain  as  a test  rig. 

In  addition,  the  fl\^v■heel  was  to  have  received  additional  development  testing 
in  a separate  test  rig.  However,  program  fimding  did  not  allow  this  projected 
test  program  to  be  followed.  Instead,  testing  was  confined  to  certain  very 
limited  development  and  acceptance  tests  conducted  by  the  supplier,  a 
limited  gearbox- controller  test,  and  an  attempt  to  operate  the  whole  'IPP  as  a 
unit.  The  tests  which  will  be  discussed  are  as  follows: 

Ij  Supplier  controller  tests 

2)  H>'draulic  motor-gearbox-controller  tests 

3j  MPP  tests 


)lier  Controller  Tests 


The  follaving  tests  were  conducted  by  the  controller  supplier.  Traction 
Propulsion  Inc  ( TPI ) , as  part  of  the  acceptance  test  requirement. 


Controller  Limit  Stop  Settings 

The  limit  stop  settings  were  made  in  the  mechanical  linkage  which  connects 
the  roller  (ratio  position)  with  the  7,500  rpm  limit  stop  valve  and  tlie  zero 
stop  valve.  This  mechanical  linkage  is  sliown  in  Figure  ”3  as  a dotted  line 
connecting  the  respective  valves  and  rollers.  .As  tlie  roller  assemblies 
approach  a ratio  position  equivalent  to  ■;7,500  rpm  output  at  rated  (.15,000  rpm) 
input  speed,  the  7,500  rpm  limit  stop  valve  reduces  the  pressure  differential 
tending  to  drive  the  rollers  to  an  ev'er  increasing  ratio  position  and  contin- 
ues to  do  so  until  ratio  changing  stops.  The  zero  limit  stop  perfoims  essen- 
tially the  same  fanction  in  the  opposite  direction  e.xcept  it  tends  to  increase 
pressure  differential  to  the  modest  degree  necessary  to  balance  the  control 
piston  return  spring  force  and  cause  ratio  changing  to  cease  at  the  zero  out- 
put ratio  position. 
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GEAR  DRIVE  CASE 
(JOHN  MAODOCK  2341  0) 


Hiese  stops  are  important  because  if  improperly  set,  any  one  of  the 
following  may  occur: 


1)  Landing  gear  retract  times  may  be  affected,  both  too  fast  and  too 
slow,  by  a ",5UU  rjim  limit  stop  misadjustment. 

2)  Excessive  loading  may  occur  on  the  landing  gear  up-stop  or  up- lock 
if  the  :ero  limit  stop  is  misadjusted. 

3)  If  the  misadjustment  is  extreme,  or  nonexistent,  the  rollers  may 
run  off  the  edge  of  the  toroids.  Although  this  does  not  damage  the 
controller,  power  transmission  is  lost  and  cannot  be  reestablished 
without  disassembly  of  the  unit. 

Mechanical  stops  are  provided  as  a backup  to  prev'^ent  running  off  the 
toroids  in  the  zero-speed  direction.  This  will  prevent  the  rolls  from  leav- 
ing the  toroids  as  a result  of  the  effects  of  control  piston  return  spring 
force,  during  that  short  period  af^er  start  up,  while  the  controller  input  is 
rotating  but  control  pressure  has  not  been  established.  .Mechanical  stops  are 
not  practical  nor  desirable  in  the  high-speed  direction  since  hydraulic  lube 
pressure  failure  will  allow  the  control  piston  return  springs  to  return  the 
unit  to  zero  rpm.  In  addition,  if  the  ",500  limit  v^aU'e  were  to  stick  or 
lose  adjustment,  the  movement  towards  increased  ratio  position,  working 
through  mechanical  linkage  and  the  torque  control  differential  pressure  valve 
cam,  would  reduce  system  control  pressure  until  the  control  piston  springs 
could  limit  further  ratio  changing  and  prevent  the  rollers  from  running  over 
the  edges  of  the  toroids  in  a high-speed  direction. 

In  testing  conducted  during  acceptance  test  by  (TPI),  using  the  variable 
ratio  input  section  of  the  controller,  the  limit  stops  were  set  and  were 
demonstrated  to  perform  their  function  as  intended.  Using  a strobe  light 
pointed  at  the  output  toroid  (the  bidirectional  planetary  gear  set  was 
removed),  and  at  a short  section  of  the  input  shaft  which  could  be  seen  pro- 
jecting through  the  output  toroid,  input  and  output  speeds  were  recorded.  It 
was  shown  that  combinations  of  input  shaft  and  output  toroid  speeds  propor- 
tional to  zero  speed  and  7,500  rpm  output  speed  could  be  repeatedly  achieved 
with  smooth  accelerations  and  decelerations  between  the  speed  levels.  At  any 
given  speed  setting,  both  the  toroid  and  shaft  speed  would  "hunt"  slightly,  ^ ^ 

but  not  more  than  ± one- fourth  revolution.  i -i 


'"ontroller  .Acceptance  Testing 

During  acceptance  testing,  SN  1 controller  developed  a violent  rumble 
between  12,000  and  13,000  rpm  input  speed.  The  rumble  was  violent  enough  to 
shake  bolts  off  the  test  stand.  However,  even  though  unsuccessful  at  passing 
acceptance  test,  this  unit  did  yield  the  first  controller  loss  data.  This 
data  is  shown  in  Table  5 and  is  plotted  in  Figure  79. 
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Power  loss  (hp) 


" » III  I 1 I 1 I I I I III 

1 1.5  2 2.5  3 k 5 6 7 8 9 10  1 .5  2 2.5  3 

Input  speed  (rpm  x 1,000) 

®Refer  to  Table  5 


Figure  79  . Controller  Loss  Characteristics 


1 


On  its  initial  build  up  controller  Unit  1 successful ly  passed  its 
required  acceptiuice  tests.  Ihis  included  operatini’  at  15,0d()  rpm  input  and 
:ero  rpm  output  which  was  a major  point  of  interest  since  this  was  the  oper- 
ating condition  which  had  caused  trouble  with  Unit  1.  On  this  basis,  it  was 
reported  that  Unit  1 was  acceptable  and  was  being  shipped  to  Rockwell.  Dur- 
ing subsequent  operation,  hoivever,  the  unit  repeated  the  distinct  low  fre- 
quency iiimble  tvjie  of  vibration  e.xperienced  in  Unit  1.  This  is  sho\%Ti  as 
Riui  1 in  Table  6 . 

At  this  point  it  was  assumed  that  the  problem  was  bearing  instability 
and/or  half  frequency  whirl  in  the  bearing  system  that  supported  the  output 
tordidal  cone  since  this  was  here  the  distress  '..as  noted,  (i.e.,  in  the  out- 
put tordidal  cone  thrust  bearing  or  in  the  bushing  associated  with  it);  !iow- 
ever,  after  12  basic  changes  to  t'u  output  thrust  bearing  cage  (see  Table  b) 
and/or  the  bushing  system  stabilicing  this  bearing,  it  was  concluded  that 
because  none  of  the  changes  made  any  significant  difference  in  tlie  vibration 
(.nnnble)  speed,  the  cause  had  to  lie  elsewhere.  Tliis  was  verified  at  the  end 
of  nui  12  when  it  was  noticed  that  the  control  system  cam  showed  dents  and 
beating  marks  which  indicated  that  the  ratio  change  rollers  had  been  ratio 
changing  in  an  uncontrolled  and  violent  manner  when  they  should  have  been 
maintaining  a fi.xed  ratio.  Iliis  led  to  the  addition  of  flow  restrictors  and 
the  apparent  successful  test  of  nui  13  (i.e.,  no  vibration  occurred  and  t.he 
test  was  onl>-  stopped  due  to  the  scoring  of  one  of  the  "add  on"  bushings  from 
previous  tests);  however,  when  the  "add  on"  bushing  was  removed  (along  with 
the  drag  load  it  represented!  ratio  change  vibration  reappeared  at  the  usual 
speed. 

It  then  beciime  quite  certain  that  this  vibration  phenomena  resulted  from 
entrained  air  in  the  oil.  Santotrac  30  does  not  deaerate  well  at  140^^  F the 
temperature  of  the  tests  runs  I through  14)  and  the  deaeration  system  used 
with  the  test  stand  will  not  remove  the  entrained  air  at  this  temperature  ithe 
Santotrac  oil  was  milk>'  throughout  the  circuit).  .At  180°  F the  temperature 
of  the  initial  successful  test),  the  oil  was  clear.  The  tests  were  repeated 
at  180  F oil  "in"  ;ind  stable  operation  up  to  15,000  rpm  was  achieved.  Hie 
loss  data  from  this  test  is  tabulated  in  Table  ". 

ITie  losses  in  Table  ' , when  added  to  the  predicted  losses  of  the  fly- 
wheel and  gearbo.x,  totaled  approximately  9."  hp.  This  approached  the  10.13  hp 
capability  of  t.he  hydraulic  motor  at  its  100  percent  rating  and  3,b00  psi. 

ITiis  was  the  first  of  several  indications  that  the  hydraulic  motor  might  be 
shy  of  power  and  torque  to  drive  this  particular  assemblage  of  equipment. 

Serial  No.  2 unit  was  then  shipped  to  Rockavell  ajid  testing  was  reinstituted 
on  Serial  .No.  1 unit.  These  tests  verified  that,  as  long  as  the  oil  was  free 
of  entrained  air,  operation  was  stable.  Hovvever,  tlie  tests  also  showed  that 
some  chemical  or  physical  change  was  taking  place  in  the  oil  which  required 
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TABLE  6.  NIPP  CONTROLLER  CHANGES  TO  ELIMINATE  RUMBLE 
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lii'Cher  temperatures  to  get  it  air  free,  riiis  is  showti  in  Table  8 which  records 
a mild  tendency  to  riunble  at  185°  F.  In  addition,  the  table  showed  (test  points 

1 through  5 and  b through  8)  an  unusual  loss  phenomena  which  had  been  repeated 

tune  after  time.  This  was  the  fact  that,  after  any  disassembly  and  rebuild 
(whether  old  or  new  parts  were  used  in  the  rebuild  was  inconsequential),  the 
loss  were  initially  high  and  then,  after  a shakedowni  run  of  several  hours,  would 

gradually  drop  by  as  much  as  50  percent.  This  was  not  a wear-in  phenomena  but 

resulted  from  the  various  highly  preloaded  balls  working  their  way  from  their 
"as  assembled"  position  and  rolling  track  to  a miniimmi  loss  rollinii  track,  lliis 
was  attested  to  by  the  fact  that,  when  the  violent  vibrational  rtmible  occurred, 
the  reduction  in  losses  to  mimiiiiLun  occurred  almost  instantaneously. 


Hydraulic  Motor  - Gearbox  - Controller  Tests 

In  the  original  test  nhm,  it  hud  been  planned  that  the  building-block 
concept  would  be  implemented  by  having  at  least  two  dummies  (one  for  the 
screwjack  ;md  one  for  the  controller)  made  of  channel  iron  and  incorporating 
sensing  devices  which  would  act  as  stand-ins  for  the  actual  equipment  item 
until  it  was  ready  for  test.  I'liis  was  to  allow  all  testing  (e.xcept  some 
special  fhAv'heel  testing)  to  be  done  at  the  site  of  the  B-1  main  landing-gear 
qualification  test  rig  :ind  to  insure  tliat  the  siune  instrumentation  would  be 
used  at  all  times  while  the  com{)onent  was  under  test.  Ihe  dummies  had  the 
additional  advantage  that  they  could  incorporate  in  their  fritjnework  special 
sensing  devices  (torque,  speed,  flow,  and  pressure)  and  any  other  special  test 
ei-iuipment  required  for  the  adjacent  item  luider  test  (i.e.,  the  controller  dummy 
would  he  equipped  to  measure  gearbo.x  output  par;imeters  and  the  screwjack  dinnmy 
would  measure  controller  output  parameters).  In  the  interest  of  cost  reduc- 
tion, cuid  at  a considerable  increase  in  risk,  tliis  approach  was  abandoned  and 
actual  components  were  used  in  place  of  the  diamnies.  Hus  seriously  impaired 
the  ability  to  measure  output  parmneters  and  tests  could  not  be  conducted 
ijitil  all  components  were  available.  Also,  for  this  reason,  a fit  check 
bec;imc  necessaiy  before  testing  could  proceed. 


MIT  l it  liheck 

All  the  components  nuiking  up  the  .'•DT  .Vssembly  (i.e.,  the  screwjack,  con- 
troller, gearbo.x- reservoir , hydraulic  motor,  and  fhxsheel)  were  assembled  for 
fit  check  in  the  landing  gear  actuator  qualification  test  fixture.  I'he  ND’P  as 
assembled  is  shown  from  the  inboard  side  in  figure  80  and  from  the  outboard 
side  in  Figure  81.  Figure  80  shows  the  screwjack  and  its  tower  gear  train 
housing  along  with  the  controller,  the  flnvheel,  and  some  of  the  outrigger  sup- 
port struts.  Figure  81  shows  the  .'‘Il’P  from  the  opposite  side  and  provides  the 
best  view  of  the  reservoir  and  its  sight  glass,  the  gearbox  lube-scavenge  pumii 
stack  housing,  and  the  hydraulic  motor  which  powers  the  whole  unit.  Note  that 


f 
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Z.8 

1.8 

0 

Initial  startup 
losses  (c) 

i 

1.1 

140 

■ 

After  1 hr  operating 
while  attempting  to 
heat  up 

1.9 

0.9 

150 

- 

Atrer  2 hr  operation 

1.9 

0.9 

lt)5 

- 

After  3 hr  operation 

1.8 

0.8 

I'O 

- 

After  4 hr  operation, 
heating  ver>-  slowh- 

4.0 

2.5 

175 

After  5 hr  opeiution, 
input  speeded  up  to 
increase  heating 
rate 

3.5 

1.8 

180 

After  h hr  operation 

5 . 4 

1." 

185 

195 

After  " hr  operation, 
oil  beginning  to 
look  free  of  air 

No  reading 

185 

195 

.Mild  vibration-  backed 
dovvTi  in  speed  and 
ran  some  more  to 
heat  up 

8.4 

3.8 

195 

205 

Air-free  oil,  control- 
ler operated 
smoothly 

0.2 

5.1 

195 

205 

Air-free  oil,  control- 
ler operated 
smoothly 
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(al  Includes  basic  dN-nomometer  tare  losses  which  are  as  follows: 


Input 

speed 

frpm) 

Tare 

losses 

(hp) 

Input 

speed 

frpm) 

Tare 

losses 

(hp) 

Input 

speed 

frpm) 

Tare  losses 
fhp) 

1,500 

0.5 

7,500 

1.7 

13,500 

4.6 

3,000 

0.8 

9,000 

2.3 

15,000 

5. 1 

4,500 

1.0 

10,500 

3.1 

16,500 

6.6 

b,000 

1.3 

12,000 

3. 7 

fb) 

Controller  losses  as 

tested  without  output  gearing. 

(cl 

The  losses  in  the  controller,  as 

initially  assembled  ( 

or  as 

reassembled 

after  teardownj , is  always  at  least  25  percent  greater  than 

the  losses 

which  exist  after  a shakedown  run  of  at  least  1 hour. 

•igiirc  SO.  Ml’l’  Assomhly  I it  ('heck  Inhoaixl  View 


the  liydraulic  motor  is  by  far  the  smallest  unit  making  up  the  NIPP  and  is  even 
smaller  than  the  lube-scavenge  pump  stack.  The  fit  check  was  accomplished  with 
no  major  difficulties  and  all  interfaces  seemed  to  mate  perfectly. 


NO’’!’  Rctvork  to  Test  Configuration 


After  fit  check,  the  MPP  was  partially  disassembled  so  that  it  could  be 
reworked  to  its  first  test  configuration.  For  this  test,  the  flywheel  was 
removed  and  a special  cap  placed  over  the  fix-wheel  pad  on  the  gearbo.x  to  col- 
lect lube  oil  and  redirect  it  to  the  flywheel  scavenge  pump  inlet.  The  sun 
gear,  which  is  an  integral  part  of  the  flvvheel  input  shaft,  also  had  to  be 
removed  because,  without  the  fh-wheel  in  place,  its  output  end  is  unsupported 
:ind  it  would  whip  uncontrollably  at  high  speed.  The  input  gear  in  the  screw- 
jack  tower  gear  train  as  well  as  its  closeout  cap  was  also  removed  and  a torque/ 
speed  sensor  unit  was  installed  in  its  place.  In  effect,  the  controller  out- 
put was  disconnected  from  the  screwjack  and  a means  for  measuring  controller 
output  characteristics  (in  terms  of  speed,  torque,  and  snubbingj  substituted 
so  that  controller  performance  could  be  verified  before  any  attempts  to  run 
the  screwjack  into  its  stops  were  made.  The  first  configuration  consisted  of 
operating  the  hydraulic  motor,  the  gearbox- scavenge  lube  pump  stack,  the 
reservoir,  :ind  the  controller  as  a unit.  In  this  way,  in  addition  to  measur- 
ing controller  output  characteristics,  problems  involv-ed  with  filling,  lubri- 
cation, scavenging  deaeration,  and  general  test  rig  operation  could  be  worked 
out  before  attempting  to  transfer  high  loads  through  the  power  train. 


^Yierational  Tests 


Using  the  test  configuration  discussed  above,  certain  operational  tests 
were  conducted.  The  first  test  consisted  of  accelerating  the  unit  to  and 
operating  at  b,0(l0  rpm  (controller  input  speed).  This  was  approximately  40  per- 
cent of  rated  speed  :ind  was  selected  as  the  initial  speed  to  be  used  to  heat 
the  system  up  to  100°  F.  It  will  be  recalled  from  earlier  discussions  that 
it  is  necessaiy  to  achieve  100°  F before  attempting  to  operate  the  controller 
to  ensure  proper  deaeration  of  the  fluid  so  that  controller  instability  will 
not  be  encountered.  Tne  unit  operated  smoothlx-  and  quietly  at  6,000  iT)m; 
however,  sx'stem  lieating  was  occurring  at  a very  low  rate  and,  as  seen  in  a 
sight  glass  in  the  lube  pressure  line,  there  was  considerable  aeration  in  the 
oil  being  supplied  to  the  controller.  This  was  a disappointment  because  it 
had  been  hoped  that  the  sw i r 1 - t>-|-)e  reservoir  lu^ed  in  the  .'■IPP  would  deaerate  the 
oil  more  effectively  than  had  been  the  case  in  tests  at  the  controller  sujipliers. 


In  order  to  increase  the  heating  rate,  the  input  speed  was  raised  to 
",000  rrmi.  Ihc  unit  continued  to  run  smoothly  for  several  minutes  and  then 
there  was  a cx'clical  speed  change  followed  by  a self  induced  slow  down.  The 


unit  was  shut  down  and  ivhile  it  was  coasting;  to  a stop,  it  was  noted  tiiat  tst. 
resen’oir  had  suddenly  been  emptied.  Since  there  were  no  external  Ivaks , it 
was  at  first  assumed  tliat  the  missing  oil  might  have  leaked  to  the  water  -ide 
of  the  heat  e.xchanger.  Tins  was  checked,  but  no  oil  was  found,  nie  onl}- 
remaining  place  then  was  the  gearbo.x  sidhi-). 

It  was  felt  that  oii  could  remain  in  the  gearbo.x  surnii  for  any  one  of 
tltree  reasons  as  follows: 

IJ  Sheared  shaft  key  to  the  scavenge  pump 

2)  Blocked  scavenge  purnii  suction  or  retuin  line 

I I 3)  E.xcessive  foiiming  in  gearbox 

[ *. 

if  In  order  to  check  out  Reasons  1 and/or  3,  the  unit  was  gingerly  started, 

I I after  what  was  considered  sufficient  time  to  allow  a major  it;--  of  the  foam  to 

settle,  and  was  run  at  a low  speed,  .\lthough  there  was  no  sign  of  excess  he 
friction  or  binding,  the  unit  failed  to  re-establish  scavenge  flow  (as  e'.  i- 
denced  by  refilling  the  reservoir)  and  the  lube  pump  continued  to  pinmi  air 
las  evidenced  by  large  air  bubbles  in  the  pressure  line  sight  glass'. 

Based  on  this  data  suspicion  focased  on  Reason  2 (line  blockage l.  All 
pertinent  lines  were  disconnected  ard  checked,  as  were  all  filters,  and  no 
blockage  was  found,  flowev’er,  when  the  scavenge  suction  line  at  the  bottom  of  the 
the  gearbox  was  disconnected,  a large  ajiiount  of  solid  oil  drained  out  whicii 
solved  the  in>-ster>-  of  the  location  of  the  missing  oil.  lliis  refoc-LC^ed  atten- 
tion on  Reason  1 (failed  scavenge  pump). 


The  lube-scavenge  pump  stack  was  removed  and  disassembled,  it  was  foiud 
to  be  in  excellent  shape  with  no  sheared  keys  or  other  signs  of  internal 
damage.  This  information  caused  the  finger  to  be  repointed  at  Recison  3 ( foa;:i- 
ing).  It  is  nc.v  believed  that  the  increase  in  speed  from  (ijdbO  to  ”,()()('  n-)m  was 
enough  to  i^set  the  delicate  balance  of  foam  settling  time  vei'sus  foa-ii  gener- 
ation rate  to  the  point  where  the  scavenge  pump  lost  its  prime  and  could  not 
regain  it.  The  apparent  solutions  are  as  fc  . vs: 

1)  Heat  the  unit  and  all  the  oil  in  the  circuit  to  liin®  F prior  to 
starting  any  tests  rather  than  depending  on  operation  to  heat  the 
oil . 

2)  Determine  if  a foam  suppressant  has  become  available  for  Santotrac 
fluids  and,  if  so,  procure  some. 

31  Change  fluid. 

•Ml  three  possibilities  were  being  explored  at  the  time  the  test  program 
was  terminated. 


1 ' 


3 


4 


203 


In  an  etToit  to  demonstrate  opei'ational  timet  ion  in.;  oi'  tlic  uhole  'll’!’, 

It  was  decided  to  conduct  one  last  test  uith  all  components  mounted  in  place. 
This  tost  uas  to  ha\c  i'ecn  I'lui  at  halt'-speed,  i.e.,  Helov.  the  sj-eed  uiicre 
foam  ;4cnei'ation  liad  been  a problem,  and  well  belou  the  s^ieed  at  uhich  "rurrK" 
in  the  controller  liad  been  encountered. 

Wien  conducting  t.he  initial  operational  tests,  it  had  fi'equcr.T J 
(although  not  aluaysi  been  necessary  to  give  the  hydraulic  motor  a manuii 
torque  boost  during  start  up  to  oiercomc  breakout  fi'iction.  Tills  uas  done  iy.' 
means  of  a urench  used  on  the  siiaft  of  the  torque/ spe-ed  sensor  at  tlie  con- 
trol ler  output.  Since  overcoming  breakout  friction  had  been  an  erratic  proble: 
Kithout  the  fl>a\heel  mounted,  it  was  felt  tliat  the  additional  uinig  resulting 
from  the  fUmheel  would  amplify  the  problem. 

It  was  believed  tiiat  a large  part  of  the  starting  torque  problem  migiit 
be  the  high  initial  loss  phenomena,  characteristic  of  the  controller  prior 
to  run-in,  shown  in  Table  8 and  discussed  on  page  IPb.  It  was  felt  that, 
e\en  though  the  unit,  with  the  fl>a^heel  attached,  miglit  rct|uirc  several 
assisted  starts,  it  would  eventually  start  by  itself.  Wien  this  occurred, 
the  torque/specd  sensor  could  be  removed  and  the  output  of  the  controller 
could  be  reconnected  to  the  screwjack. 

However,  the  actual  tests  led  to  a different  conclusion.  The  first 
attempted  start  failed  to  achieve  rotation  even  though  the  pressure  was 
raised  to  3,?(in  psi.  Tlie  second  attempted  start  was  assisted  by  a drill 
motor  applied  to  the  torque/speed  sensor's  shaft.  The  luiit  accelerated 
easily  to  10,000  Rl’M  flndieel  speed  and,  with  the  drill  motor  removed,  ran 
with  an  une.v-pectedly  low  A p (1,050  psi  I at  this  speed.  Two  data  traces 
from  the  tail  end  of  the  n.ui  are  shown  in  Figures  82  and  S3.  Figure  82  siiow.< 
the  fl\'^^heel  bearing  inner  race  speed  which,  in  this  instance,  is  presiuiied 
to  be  equal  to  fl>'\\heel  speed.  The  hash  in  the  trace  may  be  either  unfil- 
tered  electrical  hash  in  the  instrumentation  (this  was  the  first  shake-down 
rim  on  the  instrumentation),  or  it  may  indicate  incipient  differential 
speed  in  the  journal  bearing  portion  of  the  journal  bearing.  Figure  83  shows 
the  input  and  output  hydraulic  pressures  to  the  hydraulic  motor,  and  shows 
that  the  differential  pressure  while  running  averages  1,050  psi. 

The  output  of  the  controller  was  cycled  several  times  between  gear 
extend,  stop,  and  gear  retract  and  performed  smoothly.  The  imit  was  then 
shut  down  and  attempts  to  restart  were  made;  none  were  successful.  As  soon 
as  the  drill  motor  was  removed  the  unit  slowed  gradually  to  a stop,  .\lthough 
it  could  not  he  proven,  it  was  felt  that  the  phenomena  exj^erienced  was  due 
to  some  kind  of  "force  fight"  between  the  rollers  in  the  controller  at  low 
speed.  In  the  one  successful  test,  the  unit  succeeded  in  achieving  sufficient 
speed  to  get  the  rollers  into  a balanced,  "non -fighting"  position.  In  the 
other  attempts  the  rollers,  after  the  previous  shutdown,  had  assumed  two 
slightlv-  different  and  more  adverse  ratio  change  positions  which  prevented 
further  successful  starts. 
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SKCTION  III 


CONCLUSIONS  .AND  RECOMMENDATIONS 


■Although  insufficient  tests  were  run  to  draw  any  hard  and  fast 
conclusions,  several  general  observations  and  recommendations  can  be  made: 

1)  Both  the  fU'wheel  and  the  controller  need  extensive  testing  as 
individual  components  before  any  attempt  is  made  to  integrate 
them  into  the  .^EP.  They  need  this,  not  only  to  provide  time 
for  debugging,  but  so  that  their  individual  performance  char- 
acteristics can  be  evaluated  and  documented  to  provide  a basis 

for  trouble  shooting  the  .^EP  when  it  has  arrived  at  the  integrated 
testing  phase.  Time  was  allotted  for  these  t>’pes  of  tests  in 
the  original  test  plan  (see  Appendix  B) , but  it  is  now  felt  that 
more  time  and  more  allocations  for  redesign  and/or  rework  than 
originally  anticipated  would  be  necessary. 

2)  The  serious  foaming  problem  encountered  with  Santotrac  fluid  was 
unexpected.  If  further  tests  were  to  be  conducted  on  the  NEP  and 
its  components,  it  might  be  well  to  conduct  these  tests  with  .M2V 
fluid. 

3)  The  fU'wheel  design  does  not  appear  to  be  completely  satisfactory. 
It  is  now  apparent  that  a ferro  fluid  seal  cannot  be  used  inboard 
of  the  bearings  in  this  t>'pe  of  application.  The  shaft  deflect- 
ions, incident  to  passing  through  critical  speed  and/or  those 
resulting  fiom  dv'namic  unbalance  or  processional  loads,  eat  up 
the  small  clearance  allowable  between  the  shaft  and  the  inner 
diameter  of  the  seal.  This  could  be  av'oided  by  heav>'ing-up  the 
shaft,  but  would  defeat  its  purpose  by  increasing  the  differential 
surface  speed  between  shaft  and  seal  to  an  unacceptable  value. 
Carbon  face  seals  are  a stopgap  measure,  but  do  not  appear  to  be 
the  ultimate  solution. 

4)  The  controller  appears  to  be  a rugged  piece  of  equipment  which 
is  overdesigned  for  this  application.  The  erratic  start-up  drag 
torque  characteristics  may  be  inherent  to  the  unit,  but  their 
reduction  to  reasonable  values  probably  involves  only  fine-tuning 
the  ratio  change  system.  From  the  very  small  amount  of  testing 
conducted,  it  appears  that  the  controller  will  meet  the  output 
speed,  load,  acceleration,  and  deceleration  requirements.  However, 
even  a smaller  unit  more  properly  sized  to  the  load  requirements 
will  not  meet  the  zero-output  loss  requirement  as  long  as  it  must 
use  the  regenerative  layout. 
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' nEARB^X 

A.  ^TVFRAL 

This  specification  establishes  the  reouirements  for  a povv-er  transmission 
gearbox,  the  central  unit  of  a Mechanical  Power  Package  (MPP)  which  will 
be  develoned  and  tested  by  the  Los  Angeles  Aircraft  Division  of  Roclovrell 
International  Corporation  (RI)  for  the  Air  Force  Systems  Command,  Aero 
ProDulsion  Lab,  '.'/right  Patterson  Air  Force  Base,  Davton,  Ohio,  Contract 
F33615-75-C-2011. 

The  MPP,  described  schematically  in  Figure  1,  is  intended  to  replace 
the  high  horsepower  (high  delivery)  hydraulic  actuation  svstems  of 
certain  intermittent  duty  aircraft  functions  with  a low  horsepower, 
stored  energy  svstem  to  eliminate  the  high  peak  demands  which  tend  to 
size  an  aircraft  hydraulic  svstem. 

As  sho’A(n  in  Figure  1,  the  gearbox  will  receive  power  from  a pad-m.ounted 
hydraulic  motor  at  moderate  speed  and  utilize  that  power  to  accelerate 
and  maintain  a nad-mounted  flywheel  assembly  at  88,235  - 800  RPI.  This 
is  the  energy  storage  phase. 

A third  pad  on  the  gearbox  will  mount  a reversible,  infinitely  variable, 
mechanical  transmission  t^'De  controller,  during  the  energy  storage  phase, 
the  controller  is  programmed  to  zero  outnut.  During  the  energy  utiliza- 
tion phase,  energy  is  extracted  from  the  flywheel  by  the  controller  via 
the  gearbox.  The  controller  is  prograimed  to  the  direction  of  output 
rotation  desired,  and  power  is  transferred  through  a reduction  gear  train 
to  a ball  screw'  actuator  which  provides  linear  motion  to  accomplish  the 
aircraft  actuation  function. 

After  the  actuation  function  is  complete,  the  controller  returns  to 
zero  output,  and  the  flyivheel  is  accelerated  by  the  hydraulic  motor 
to  its  peak  energy  storage  RP^^ 

OPF.R^TIN'r:  PFOriRETl'rrS 

1.  The  rated  speed  and  directions  of  rotation  of  the  various  gear- 
box pads  are  shown  in  Figure  1.  Maximum  speed  will  not  exceed 
105%  of  the  rated  speed. 

2.  The  maximum  operating  torques  which  will  be  encountered  at  the 
various  gearbox  pads  are  as  shown  in  Table  I. 

F.^^''7•LDT>F.  A'rn  ARR\':'^E''F>T 

The  arrangement  of  the  gearbox  and  gearbox  mounted  components  will  be 
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essentially  as  described  in  Figure  2.  Relative  positioning  of  the  major 
components  on  the  gearbox  may  be  adjusted  to  accommodate  gear  train 
requirements  and  the  locations  of  the  lube  pumps  and  sump  and  r'^servoir 
volumes . 

1 

i 

1 

1 

It  should  be  noted  that  the  location  of  the  hydraulic  motor,  the  lube 
pumps,  filters,  reservoir,  and  the  lube  ports  is  constrained  by  the 
existing  fixture  on  which  the  NIPP  will  be  tested  and  tlie  air  vehicle  in 
vdiich  it  is  designed  to  be  installed.  Both  sets  of  constraints  are 
shown  in  Figure  2. 

i. 

1 

IXiring  the  mechanical  power  package  tests,  the  total  package  will  be 
supported  by  the  screwjack  end  bearings.  Therefore,  a design  goal  will 
be  the  minimizaticnof  cantilevered  weight  to  reduce  the  overhung 
moment  about  the  screwjack  axis. 

!_ 

i 

GEARBOX  CONFIGURATION 

p 

The  gearbox  case  will  provide  the  drive  and  mounting  pads  for  the 
hydraulic  motor,  the  flywheel  assembly,  and  the  controller.  Interfaces 
will  be  as  follows: 

i* 

I 

i 

1.  Hydraulic  Motor  Pad  - The  hydraulic  motor  pad  will  be 
configured  per  Figure  3.  The  hydraulic  motor  is  tenta- 
tively identified  as  ABEX  Model  AM05C-25. 

1 

i* 

k 

it 

2.  Flywheel  Pad  - The  mounting  pad  for  the  flywheel  assembly 
will  be  configured  per  Figure  4. 

3.  Controller  Pad  - The  mounting  pad  for  the  controller  will 
be  configured  per  SAE  Standard  AS96'7A-6V  as  modified  per 

Figure  5. 

1 

A drain  boss  shall  be  located  on  the  gearbox  adjacent  to  the  hydraulic 
motor  pad  for  draining  the  pad  cavity.  All  drain  bosses  and  lube 
ports  for  external  plumbing  shall  be  machined  per  MS  33649.  A design 
goal  shall  be  a compact  assembly  of  minimum  weight  and  minimum  operating 
losses . 

! 

I' 

r 

E.  LUBE  AND  COOLING  SYSTEM 

j.; 

The  MPP  gearbox  will  supply  lube  and  cooling  fluid  to  its  own  gear 
train  and  bearings,  to  the  flywheel  bearings,  and  to  the  controller. 

The  screwjack  reduction  geartrain  will  not  be  included  in  this  lube 
system.  Th ; fluid  used  for  this  application  will  be  S/\NT0TRAC  I 

30,  Monsanto  Industrial  Chemicals,  St.  Louis,  Mo.  1 

1 
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The  ccxjlant  loop  for  the  lube  fluid  will  be  supplied  by  RI.  The  gearbox 
will  provide  one  lube  siqpply  and  one  lube  return  port  for  delivery  and 
return  of  fluid  for  the  flywheel  and  controller,  and  one  'lube  out'  and 
one  lube  'in'  port  for  coolant  loop  plumbing.  'In  addition,  a method 
will  be  evolved  by  RI  and  the  gearbox  supplier  for  supplying  lube  oil 
to  the  flywheel  inboard  bearings  on  the  flywheel  drive  gear  axis. 

One  potential  version  of  the  lube  and  coolant  system  is  portrayed 
schematically  in  Figure  6.  In  this  versicai,  lube  and  scavenge  punps 
are  provided  with  the  gearbox.  An  integral  oil  sunp  and  an  integral  or 
separate  (gearbox  mounted)  oil  reservoir  is  also  provided  with  the 
gearbox.  The  reservoir/sunp  will  be  capable  of  deaerating  the  return 
oil  sufficiently  to  guarantee  a consistent  quantity  ^f  solid  oil  in  the 
lube  pressure  system.  Sunp  capacity  will  be  established  by  the  gearbox 
supplier  based  upon  the  horsepower  loss  and  oil  tenperature  limits 
given  below. 

Maximum  oil  out  tenp  to  heat  exchanger  will  be  300°F.  Oil  return  from 
heat  exchanger  to  reservoir  will  be  180°F.  Lube  supply  pressure  will  be 
50  PS I MIN. 

The  follwing  estimates  of  horsepower  loss  from  the  various  driven 
compCTients  will  be  used  to  size  the  lubrication  and  cooling  systems: 


Flywheel  2.000  HP 

Controller  2.00  HP 

Adapter  Gearbox  TBD (By  gearbox  siqjplier) 

6.00  HP  (Maximum  S.l  GPM  at  100'’F  T) 

In  the  interest  of  reduced  gearbox  losses  (also  weight  ana  volume) 
other  sinplified  systems  may  be  considered  by  the  supplier  such  as 
corrbined  reservoir/sump  functions  and  combined  gearbox  lube  and 
scavenge  punp  functions.  In  any  event  a separate  component  scavenge 
punp  will  be  required. 


The  reservoir  will  include  provisions  for  gravity  filling  and 
suitably  placed  sight  gage  for  visual  indication  of  reservoir  oil 
level. 


Drain  plugs  will  be  provided  on  the  sunp  and  reservoir. 

Lube  and  scavenge  filters  will  be  provided  by  RI.  Filter  porosities 
are  TBD.  Bypass  capability  will  be  included  in  the  filter  body, 
and  a visual  (popout)  indicator  will  warn  of  an  incipient  bypass 
condition  when  the  filter  pressure  drop  exceeds  a predetermined  value. 
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F.  nPERATINn  HNVITmiFhn' 


The  jtearbox  will  be  tested  in  the  hydraulic  laboratory  of  Rockwell 
International  at  los  Angeles  International  AiVport.  Laboratory 
conditions  for  all  but  cold  start  tests  will  be  room  temperature 
(70*F)  and  sea  level  pressure. 

The  gearbox  will  be  capable  of  starting- with  a 3000  centistoke  viscosity 
fluid  after  being  stabilized  at  a cold  soak  temperature  of  -65®F  per 
MIL-STD-810.  If  SANTOTRAC  fluid  is  used  RI  will  supply  probe  type 
inmersion  heaters  for  use  in  the  reservoir/sunp  drain  port  and  blanket 
type  external  surface  heaters  for  heating  gearbox  external  surfaces. 

The  exact  size  and  location  of  these  heaters  is  TBD.  Upon  initiation 
of  a low  temperature  start  the  RI  supplied  heating  system  will  direct 
electrical  pcwer  to  the  heaters  until  the  sun^  oil  is  heated  to  -20®F 
min.  At  that  time  a starting  signal  will  be  sent  to  the  hydraulic 
motor  to  start  gearbox  rotation.  If  M2'V  fluid  is  used  no  heating  \>rill 
be  reouired. 

R.  TEST  PLAN  AND  OPFRAnNT.  LIFE 

Rearbox  Test  Configurations  - Prior  to  test  operations  of  the  complete 
MPP,  the  gearbox  will  be  used  for  preliminary  testing  of  various 
MPP  component  combinations  as  shown  ;ln  Table  I . 


TABLE  I 

EQUIPMENT  USED 


Test 

Hyd 

Gear 

Fly- 

Controller 

Screw  .lack 

Test 

Config. 

Motor 

Box 

Wheel 

Time 
( Hrs . ) 

1 

Z 

Z 

» 

120 

2 

Z 

Z 

Z 

* 

41 

120 

3 

z 

z 

z 

Z 

44 

200 

4 

z 

z 

z 

z 

z 

100 

5 

z 

z 

z 

z 

X4444 

111.^ 

• A dummy  controller  and  screwjack  will  be  utilized  !•'  these  in- 
stances to  simulate  the  total  MPP  configuration. 

**  A load  cylinder  will  be  added  to  the  screwjack  output  to  •sim- 
ulate aircraft  system  loads. 
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INSTRllMFMTATinN  REr<tIRJ?<I-NTS 

1.  An  RI^I  sensor  shall  be  installed  adiacentj  to  the  controller 
drive  gear  to  measure  gearbox  output  speed. 

2.  Thermocouples  shall  be  installed  on  the  gearbox  housing  pro- 
ximate to  the  flywheel  drive  gear  beraings  to  monitor  bearing 
ten^eratures . 

3.  Provisions  shall  be  itv.Je  for  mounting  accelerometers  at  three 
points  on  the  gearbox  adjacent  to  the  flvwheel  mounting  pad. 
Locations  and  configuration  of  the  mounting  provisions  are  TBD. 

aJALITY  A.SS1JP.A\’CE 


1.  Design  of  the  gearbox  shall  adhere  to  good  aircraft  design  practice. 

2.  Acceptance  Tests  - Each  gearbox  shall  be  tested  prior  to  acceptance 
to  demons  crate  functional  and  physical  integrity.  These  tests  will 
include  the  following: 

a.  Static  Load  Test  (Conducted  using  supplier  facilities) 

1)  With  controller  drive  spline  locked  against  rotation, 
apply  340  inch-pound  to  the  hydraulic  motor  drive  spline. 

2)  With  the  flywheel  drive  spline  locked  against  rotation, 
apply  fi8  inch-pounds  to  the  hydraulic  motor  drive  spline. 

b.  Load  Test  (Conducted  using  RI  facilities) 

With  maximum  toraues  per  paragraph  B applied  to  the  controller 
drive,  and  no  load  on  the  flywheel  drive,  run  the  gearbox  at 
rated  until  the  oil  'out'  temperature  stabilizes  within 
tl"*  for  at  least  5 minutes,  nil  'in'  temperature  shall 
be  170  -10®F. 

c.  Overspeed  Test  (Conducted  using  RI  facilities) 

Accelerate  the  gearbox  to  105%  of  rated  speed  and  hold  for 
10  seconds. 

3.  The  gearbox  shall  be  designed  for  an  operating  life  of  2,805.3 
Hrs.  which  consists  of  2,000  Hrs.  at  100,000  RFM  flywheel  out- 
put speed,  plus  0.2  Hr.  at  105,000  RFM  flywheel  output  speed 
plus  20,000  load  cycles  in  which  toroue  varies  from  normal 
running  torque  to  maximum  cycle  torque  (See  Table  II)  in  15 
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TABLE  II 

OPERATING  TORQUES 


OPERATING 

TOROUE  (IN-LB) 

CONDITION 

Hyd.  Motor 

Pad 

Flywheel 

Pad 

Controller 

Pad 

*WXIMJM  LOAD 

(DURING  CYaiNG) 

♦44.0 

+34.00 

-233.0  , 

iVrMNG  LOAD 

(NO  CYaiNG) 

♦19.0 

-1.47 

-7.3 

ACCELERATION  LOAD 

(STARTUP) 

♦45.5 

-6.50 

-7.3 

DECELERATION  LOAD 

(SHUTDOIVN) 

-6.8 

♦2.38 

-7.3 
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sec  cycles  (83.3  Hr.)  plus  10,000  starti^  cycles  in  which  torque 
varies,  in  a step  input  fashion  from  zero  torque  to  acceleration 
torque  and  gradually  returns  to  running  torque  (last  101  of  cycle) 
in  54  sec.  cycles  (147.7  hours)  plus  10,000  shutdown  cycles  in 
which  torque  varies  gradually  from  running  torque  to  zero  torque 
in  207  sec.  cycles  (574.1  Hrs.). 

4.  The  gearbox  shall  demonstrate  at  least  211.4  Hrs.  of  operating 
life  consisting  of  200  Hrs.  of  o^ration  at  88,235  RPM  flyvrtieel 
output  speed  plus  two  one  half  minute  dwells  at  92,647  RFM  over-  I 
speed,  plus  2,000  load  cycles  in  vdiich  torque  varies  from  normal 
running  torque  to  maximum  cycle  torque  (See  Table  II)  in  15  se- 
cond cycles  (8.4  Hrs.)  plus  40  startip  cycles  in  vdiich  torque 
varies,  in  step  input  fashion,  from  zero  torque  to  acceleration 
torque  and  gradually  returns  to  running  torque  (last  lOt  of  cycle) 
in  54  sec.  cycles  (0.6  Hrs.)  plus  40  shutdown  cycles  in  which 
torque  varies  gradually  from  running  torque  to  zero  torque  in 
207  sec.  cycles  (2.3  Hrs.). 
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A.  riNERAL 

Tlus  specification  establishes  the  requirements  for  a mechanical 
transmission  type  controller,  one  conponent  of  a mechanical  power 
Package  OtPP)  which  will  be  developed  and  tested  by  the  Los  Angeles 
Aircraft  Division  of  Rockwell  International  (RI)  for  the  Air  Force 
Systems  Conmand,  Aero  Propulsion  Laboratory,  Wright  - Patterson  Air 
Force  Base,  Dayton,  Ohio,  under  Contract  F33615-75-C-2011. 

The  MPP,  described  schematically  in  Figure  1,  is  interded  to  re- 
place the  high  horsepower  (high  delivery)  hydraulic  actuation  systems 
of  certain  intemittent  duty  aircraft  functions  with  a low  horsepower, 
stored  energy  system  to  eliminate  tl«  high  peak  demands  which  tend  to 
size  an  aircraft  hydraulic  system. 

As  shwn  in  Figure  1,  the  gearbox  will  recei(/e  power  from  a pad- 
mounted  hydraulic  motor  at  moderate  speed  and  utilize  that  power  to 
accelerate  and  maintain  a pad-mounted  flywheel  assembly  at  88,235  800 

RFM. 

A third  pad  on  the  gearbox  will  mount  the  reversible,  infinitely 
variable,  mechanical  transmission  t>’pe  controller  which  is  the  sub- 
ject of  this  specification.  IXiring  the  energy  storage  phase  the  con- 
troller is  to  be  prograiJtred  to  zero  output.  During  the  energy  util-  ' 
ization  phase,  energy  is  to  be  extracted  from  the  ^1)^^1601  by  the  controller 
via  the  gearbox.  The  controller  is  to  be  progr-anmed  to  the  direction 
of  output  rotation  desired,  and  power  is  to  be  transferred  through  a 
reduction  gear  train  to  a jack  screw  actuator  which  provides  linear 
motion  to  accorplish  the  aircraft  actuation  function. 

After  the  actuation  function  is  complete,  the  controller  is  to 
be  returned  to  zero  output,  and  the  flywheel  will  be  accelerated  by 
the  hydraulic  motor  to  its  peak  energy  storage  RR^L 

The  direction  of  rotation  of  the  various  MPP  components  are  shown 
on  Figure  1.  Rated  speeds  are  shown  on  Figure  1. 

Design  of  the  controller  shall  adhere  to  good  aircraft  design 
practice.  Weight  shall  not  exceed  41.8  pounds. 


B.  OPERATING  REQUTRHMF?frS 
1.  Operating  Modes 
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When  the  signal  to  the  controller  is  'neutral'  there 
must  be  no  output  other  than  the  small  biasing  torque  dis- 
cussed in  the  next  paragraph.  When  the  signal  is  'extend', 
the  controller  must  accelerate  the  output  shaft  to  50  per- 
cent input  speed  clockwise.  When  the  signal  is  'retract', 
the  controller  must  accelerate  the  output  shaft  to  the  same 
speed  counterclockwise. 

2 . Torque  Characteristics 

Since  the  controller  is  sandwiched  between  two  high -iner- 
tia devices  (i.e.  the  flyvdieel  and  the  landing  gear)  and  is 
rigidly  cotpled  to  each,  it  must  be  capable  of  controlling 
its  own  internal  torque  to  avoid  "skidding."  At  all  times, 
when  the  signal  is  'extend'  or  'retract',  the  unit  must 
control  its  maximum  output  torque  within  a band  of  395-425 
inch-pound  (in-lb)  vdien  accelerating  the  system  tp  to  speed, 
when  decelerating  the  system  to  a stop,  and  when  meeting 
peaks  on  the  load-stroke  curve.  When  the  signal  to  the  con- 
troller is  'neutral'  and  the  system  is  in  the  retract  posi- 
tion, the  output  torque  shall  be  +5  to  -25  in-lb  biased 
to  the  retract  position.  When  the  system  is  in  the  extend 
position  the  biasing,  if  any,  shall  be  reversed. 

3.  Torque-Speed  Characteristics 

As  the  controller  extracts  power  from  the  flywheel  and 
delivers  it  to  the  actuation  system,  the  flyvdieel  will  be 
slowed  to  a minimum  speed  of  61,765  RPM  (30  percent  speed 
reduction) . The  controller  must  be  capable  of  delivering 
up  to  ^425  in- lb  torque  to  the  output  at  this  speed,  and  up 
to  405  in-lb  at  rated  input  speed. 

The  controller  shall  provide  snubbing  on  both  the  retract 
and  extend  cycles.  Snubbing  shall  begin  at  a point  10tQ%  from 
the  end  of  the  retract  stroke.  The  controller  output  speed 
shall  be  reduced  linearly  from  7500  RR4  to  750  RPM  max  by  the 
time  the  stroke  is  completed.  A micro  switch  attached  to 
the  screw  jack  actuator  will  provide  the  signal  to  begin 
snubbing.  TVo  additional  micro  switches  on  the  screw  jack 
actuator  will  provide  signals  to  return  the  controller  to 
neutral  at  the  end  of  the  retract  and  extend  strokes. 

4.  Operating  Life 

The  controller  shall  be  designed  for  an  opera- 
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ting  life  of  2,805.3  hrs.  which  consists  of  2,000 
hrs.  at  15,000  RPM  controller  input  speed,  plus  0.2 
hr.  at  15,750  RPM  controller  input  speed  plus  20,000 
load  cycles  in  which  torque  varies  from  running  lead 
torque  to  maximum  cycle  torque  (See  Table  I)  in  15 
sec  cycles  (83.3  hr.)  plus  10,000  54  sec  startup  cycles 
and  10,000  207  sec  shutdown  cycles  (721.8  hr.)  in 
which  t.he  torque  varies  from  zero  to  running  load 
torque. 

The  controller  shall  demonstrate  at  least  211.4 
hrs.  of  operating  life  (See  items  4 and  5 Table  II)' 
consisting  of  200  hrs.  of  operation  at  15,000  RI^« 
controller  input  speed  plus  two  one -half  linute  dwells 
at  15,750  RW1  overspeed,  plus  2,000  load  cycles  in 
vdiich  torque  varies  from  running  load  torque  to  max- 
inun  cycle  torque  (See  Table  I)  in  15  sec  cycles 
(8.4  hrs.)  plus  40  startup  and  shutdown  cycles  (2.9 
hrs.)  in  which  torque  varies  from  zero  torque  to 
maximum  load  torque  and  decays  to  running  load  torque 
during  start-up  and  varies  from  running  load  torque 
to  zero  torque  duripg  shutdown. 


TABhE  I 

OPERATING  TORQUES 

CyERAHNG  OONDITION  TORQUE  (IN/LB) 

(drag  torque  at 
iiqnit  pad) 

MAXIMW  LOAD  -233.0 

(during  cycling) 

RUNNINR  liW)  -7.3 

(no  cycling) 


f 


I 


ACCELERATION  LOAD  -7.3 

(startup) 

DECELERATION  LOAD  -7.3 

(shutdoMt) 

S.  Solenoid  Electrical  Power  Supply 

The  control  solenoid  shall  be  operated  by  unfiltered 
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dc  power  resulting  from  full  wave  bridge  rectification 
of  nominal  230  volts  single-phase  line -to -neutral, 

400  hz  ac  power. 

RI  will  supply  the  bridge  rectifier. 

The  input  signal  will  be  generated  by  switching  the 
ac  input  to  the  bridge  rectifier. 

C.  ENVELOPE  AND  ARRANGENENT 

The  general  arrangement  of  the  MPP  and  the  location  of  the  con- 
troller within  that  arrangement  is  shown  in  Figure  2. 

During  testing  the  MPP  will  be  supported  by  the  screw  jack  end 
bearings.  The  controller  will  be  mounted  on  the  screw  jack  housing 
and  will  support  the  gearbox,  flyvbeel  and  hydraulic  motor.  An 
adjustable  support  will  be  added  between  the  screw  jack  housing  and 
the  gearbox  near  the  flyvdieel  pad  as  shown  in  Figure  2.  Wei^ts 
of  the  conponents  supported  by  the  controller  are  as  follows: 

Flywheel  17  lbs . 

Gearbox  20  lbs . 

ffydraulic  Motor  2 lbs. 

The  CG  locations  of  the  above  conp<xients  are  noted  on  Figure  2. 

The  controller  shall  be  capable  of  supporting  uie  above  units 
when  subjected  to  the  vibratiwi,  acoustic  noise,  shock  and  acceler- 
ation environments  of  aircraft  zones  2F  and  3F  as  defined  in  B-1 
prime  item  development  specification  CP621L2006B. 

D.  CCNTROLLER  CONFIGURATION 

The  controller  envelope  is  described  by  a 7 in.  diameter  10 
in.  long  cylinder.  The  7 in.  diameter  may  be  exceeded  in  local  areas 
(TBD)  to  provide  for  signal  input  device  housing,  lube  ports,  etc. 

The  10"  dbnension  is  considered  a maximun  due  to  dimensional  con- 
straints on  the  MPP  to  fit  between  the  existing  test  fixture  side 
rails  as  shown  on  Figure  2. 

The  input  (gearbox'!  drive  pad  will  be  per  AS968A-1  as  modified 
per  figure  3. 

T?ie  output  (screwjack)  drive  pad  will  be  per  AS965A  - 12V. 
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E.  LUBE  AND  COOLING  SYSTEM 

Lubrication  and  cooling  fluid  for  the  controller  will  be  provided 
by  the  gearbox  lube  system.  Interconnecting  supply  and  return  lines  for 
the  controller  will, be  supplied  by  RI.  Supply,  return,  drain,  and  vent 
bosses  on  the  controller  Iiousing  at  locations  TBD  shall  be  machined  per 
MS33649. 


A tentative  schematic  for  the  MPP  lube  and  cooling  system  is  shown 
in  Figure  4. 

A drain  plug  shall  be  provided  in  the  controller  sunp  and  a low 
friction  loss  shaft  seal,  suitable  for  preventing  external  leakage, 
shall  be  provided  at  the  controller  output. 

The  fluid  used  for  this  application  will  be  SANTOTRAC  30 , Monsanto 
Industrial  Chemicals,  St.  Louis,  Mo. 

F.  OPERATING  ENVIRONMENT 


The  MPP  will  be  tested  in  the  hydraulics  laboratory  of  Rockwell 
International  at  Los  Angeles  International  Airport.  Laboratory  con- 
ditions for  a majority  of  the  tests  will  be  room  tenperature  (70°F) 
and  sea  level  pressure. 

The  controller  shall  be  capable  of  starting  after  being  stabilized 
at  a cold  soak  temperature  of  -bS^F  per  MIL-STD-810.  The  controller 
will  be  supplied  oil  at  3000  centistokes  viscosity  max  and  at  SOI  of 
rated  flow  (0.8  GMP)  within  5 seconds  after  input  shaft  rotation  is 
initiated.  The  controller  shall  be  capable  of  carrying  396  in-lb  minimum 
output  torque  at  rated  input  speed  within  60  seconds  after  rotation 
initiation. 


G.  TEST  PLAN  AND  OPERATING  LIFE 


The 

test  plan  for 

the  various  components 

of  the  MPP  is 

shown  in 

Table  II 

• 

TABLE  II 

EQUIPMENT  USED 

Test 

Hyd 

Gear 

Fly- 

Test 

Config. 

Motor 

Box 

Wheel  Controller 

Screw j ack 

Time  (Hrs.) 

1 XX 

2 XXX 

3 XXX 


A 

* 

X 


* 120 

* 120 

* 200 
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TABLE  II  (Continued) 


equipn^ent  used 


Test 

Config. 

Motor 

Gear 

22^ 

Fly- 

Wheel 

Controller 

Screwj  ack 

Test 

Time 

(Hrs.) 

4 

X 

X 

X 

X 

X 

100 

5 

X 

X 

X 

X 

x*» 

111.4 

651.4 

* A dunmy  controller  and  screwjack  will  be  utilized  in  these  in- 
stances to  simulate  the  total  MPP  configuration. 

**  A load  cylinder  will  be  added  to  the  screwjack  output  to  simu- 
late aircraft  system  loads. 


‘ H.  INSTRl.^iENTATICN 

The  following  instrumentation  or  provisions  for  mounting  RI 
supplied  ipst.nnr.entatic.a  will  be  included: 

1.  Mounting  pads  on  input  flange  for  two  accelerometers 
for  vibration  sensing.  Pad  configuration  is  TED. 

2.  The  sipplier  shall  pro'-ride  temperature  pickup(s) 
at  points  inside  the  controller  which  he  considers 
temperature  critical.  Electrical  connectors  are  TBD. 

Note: 

1.  RI  will  supply  accelerometers. 

2.  RI  will  supply  torque  measuring  equipment. 

3.  For  MPP  tests  RI  will  measure  RPM  on  the  input  and  output 
gearboxes  adjacent  to  the  controller. 

4.  Oil  "in"  and  "out"  teirperatures  will  be  measured  on  the 
RI  sujjplied  supply  and  scavenge  lilies. 

I.  OD.^LITf  ASSL^RANCT. 

Verification  of  controller  performance  shall  be  achieved  by 
acceptance  and  qualification  tests.  Acceptance  tests  shall  be  con- 
ducted by  the  controller  supplier  and  shall  be  witnessed  and/or 


:5b 


approved  by  representatives  of  Rocb\’cll  International.  Qualifi- 
cation tests  shall  be  cnrAicted  at  RI  facilities  by  RI  personnel 
and  nay  be  witnessed,  at  the  sujipliers  discretion,' by  supplier  per- 
sonnel. 

A.  ACCHTTANCE  TESTS 

1.  Input  speed  rringe  (zero  outi^ut)  tests 


a)  Tlje  controller  sliall  be  started  and  accelerated 
jjTr.dually  (-30  RTlt/.SEC  nvax.)  to  rated  input  speed 
(15000  RIX) . With  no  load  on  the  output  and  a neu- 
tral signal  to  '•)is  controller,  the  output  speed 
shall  not  exceed  2S  RPM  in  eitlier  direction. 

b)  Operate  the  controller  for  five  minutes  at  rated 
input  speed.  Oil  out  temperature  and  all  other 
temperatures  throughout  tlie  controller  must  sta- 
bilize. Witli  an  input  oil  flow  of  1.3  GFM  at 
ISO^'P  output  oil  stabilization  temperature  shall 
not  exceed  270°F. 

c)  Accelerate  and  decelerate  the  controller  input 
between  zero  RTtl  mid  rated  RTM  at  least  five  times 
with  tJie  controller  input  signal  at  neutral  and 
the  controller  unloaded.  The  characteristic 
wave  form  of  the  acceleration -deceleration  cycle 
shall  be  of  a generally  sLnusoidal  nature  with 
the  maximum  acceleration  (or  deceleration)  during 
the  cycle  being  1500  ^ 50  RP^l/SEC.  There  shall  be 
no  signs  of  skidding  or  other  distress  in  die  con- 
troller at  any  time  during  the  test.  Output 
speed  shall  be  zero  ^ 25  RPM  at  all  times  during 
the  test. 

During  the  input  speed  range  tests  sensors  and  recorders 
shall  be  provided  which  adequately  measure  the  performance 
of  the  controller.  .As  a minimum  the  following  parameters 
shall  be  measured. 

d)  Input  speed- recorded  on  an  oscillograph  type 
continuous  recording. 

e)  Input  torque- recorded  on  an  oscillograph  t>’pe 
continuous  recording. 
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f)  Case  temperature -determined  using  a gage  or  re- 
corded using  a continuous  recording. 

g)  Output  speed- recorded  on  an  oscillograph  type 
continuous  recoi-ding. 

h)  Case  vibration-measured  by  an  accelerometer  mount- 
ed on  the  input  flange  and  recorded  on  an  oscillo- 
graph type  continuous  recording. 

PERFORMANCE  TEST 

1.  With  a neutral  signal  applied  to  the  controller  start  up 

and  accel  to  10,500  100  RIW  at  an  acceleration  of  2,250 

RFM/SEC  min.  There  shall  be  no  signs  of  skidding  or 
other  distress  in  the  controller. 

2.  Apply  retract  signal  witii  output  locked.  Oitput  torque 
shkll  fall  vdthin  the  limits  of  395  in- lb  min.  to  425 
in- lb  max. 

3.  Remove  the  retract  signal.  Output  torque  shall  drop  to 
0.25 

in- lb  biased  in  the  retract  direction. 

4.  Repeat  steps  2 and  3 using  an  extend  signal.  Output 
torque  values  shall  be  the  sane  except  biased  in  the  ex- 
tend direction. 

5.  IXiring  tests  2 through  4 oil  shall  be  supplied  at  0.9 
GPU  min.  and  180°F.  At  no  time  during  these  tests  shall 
the  oil  out  ten^rature  exceed  240°F. 

6.  Repeat  test  2 through  4 at  15,000  RIV.  All  output  torques 
shall  fall  within  the  same  limits  as  before.  However,  the 
oil  shall  be  supplied  at  1.3  GFM  and  t*’e  outlet  oil  tenp 
shall  not  exceed  300°F. 

7.  At  an  input  speed  of  15,000  RPM  man.  apply  retract  signal 
with  output  free  to  rotate.  TJie  output  shall  accelerate 
to  a speed  of  7500  RPM  counterclockwise  (looking  at 
the  controller  output  pad)  within  1 second  max. 

8.  Repeat  test  #7  applving  an  extend  signal.  The  output  re- 
quirements shall  be  the  same  except  rotation  shall  be 
clockwise. 
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9.  During  test  7 axid  8 oil  shall  be  .si4>plied  at  1.3  (7M  and 
180°F  max.  The  controller  outlet  ten5)erature  shall  not 
exceed  300°F  after  5 minutes  operation  at  either  the  e::- 
tend  or  retract  condition. 

10.  At  the  end  of  the  retract  cycle  (See  Test  #7)  idien  the 
retract  signal  is  removed  the  controller  output  speed 
shall  decrease  at  a controlled  rate  of  9500  ^ 500  RFM/SEC. 

Note:  Controlled  rate  deceleration  is  net  required  for  the 
end  of  the  extend  cvcle. 

11.  At  an  input  speed  of  15,000  RPM  and  when  dri’/ine  an  out- 
put Inertia  load  of  0.50  in- lb-sec^,  2 retract  and  2 extend 
signals  shall  be  applied.  The  controller  shall  accelerate 
the  load  froip  rest  to  7500  RW  in  the  appropriate  direction 
in  1 second  or  less  when  either  the  retract  or  the  extend 
signal  is  applied. 
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A.  rnNERAL 


This  specification  establishes  the  requirements  for  a screwjack 
actuator  and  reduction  gearbox  assembly,  one  component  of  a Mechanical 
Power  Package  O'PP)  which  will  be  developed  and  tested  by  the  Los  Angeles 
Aircraft  Division  I'L'.M))  of  Rockwell  International  for  the  Air  Force 
Systems  Command,  Aero  Propulsion  Laboratory,  iVright- Patterson  Air  Force 
Base,  Dayton,  Ohio  under  contract  F3361S-7S-C-2011. 

The  MPP,  described  schemetically  in  Figure  1,  is  intended  to  re- 
place the  high  horsepower  (high  delivery)  hydraulic  actuation  systems  of 
certain  intermittent  duty  aircraft  functions  with  a low  horsepower,  stored 
energ>’  system  to  eliminate  the  high  peak  demands  which  tend  to  size  an 
aircraft  hydraulic  system. 

As  shown  in  Figure  1,  the  screw) ack/gearbox  assembly  is  the  output 
device  which  converts  moderate  speed  rotary  motion  from  a reversible, 
infinitely  variable  mechanical  transmission  type,  controller  to  low 
speed  linear  motion  to  accomplish  the  aircraft  actuation  function.  The 
controller  is  mounted  on  a power  transmission  gearbox  (PTG)  and  receives 
pov.er  through  the  gearbo.x  from  a PTG  mounted  flwheel. 

Prior  to  initiation  of  the  actuation  function,  the  flywheel  will 
have  been  accelerated  to  83,235  rpm  by  a small  PTH  mounted  hydraulic 
motor  powered  by  the  aircraft  hydraulic  system.  During  this  energy  storage 
phase  the  controller  will  be  programmed  to  zero  output.  Upon  initiation 
of  the  actuation  function  the  controller  will  be  prograirmed  to  the  desired 
direction  of  output  rotation  and  power  will  be  transferred  through  the 
reduction  gear  train  to  the  screwjack  actuator.  By  the  time  actuation  is 
complete,  the  controller  will  have  been  i-etumed  to  zero  output  and  the 
flywheel  will  be  subsequently  accelerated  by  the  hydraulic  motor  to  its 
peak  energy  storage  rpm. 

The  direction  of  rotation  and  rated  speeds  of  the  various  MPP 
components  are  shoivn  in  Figure  1. 

Design  of  t.he  screwjack  and  reduction  gearbox  will  adhere  to  good 
aircraft  design  practice.  Weight  shall  not  exceed  145  pounds. 


B.  ENW.I/IPE  Mir.  ARPA\r.i:inNT 


The  general  arrangement  of  the  .'tPP  is  shown  in  Figure  2. 

IXirirg  testing  the  MPP  will  be  supported  by  the  screwjack  end 
bearings.  Tiie  controller  will  be  pad  mounted  on  the  reduction  gearbox 
and  the  power  tr:insmissien  gearbox,  with  its  fly'whcol  ussemblv  and 
hydraulic  motor,  will  be  pad  mounted  on  the  controller.  .V  st.ibilizing 


1 

1 

i 


i 


f 


211 


Sm 


W 75-S^T  A 


_ AIRCRAFT 
_ HYDRAULIC 
SYSTEM 


i r- 

I I 

l_L_ 

HYORAULl.C 

Ji^OTOR 


12,000^  ^RPM 


POWER  TRANSMISSION  GEARBOX 


CPr\dKiA*- 


&8,235  ||  RPM 

FLYWHEEL 

ASSY 


15,000  RPM 


CONT  R OLLER 


7,500  RR.^ 

JACKSCREW 

ACTUATOR 


DIRECTION  OF  ROTATION  ANP 
RATED  SPEEDS  SHOWN 


FIGURE  I 

SCHEMATIC  - r/FCHANICAL 
POWER  PACKAGE 


♦ 


Rockwell  International 


NA7S-327A 


link  will  be  installed  between  the  power  transmission  gearbox  and  the 
screwjack  housing  as  showr  in  Figure  2.  Weights  of  the  components  sup- 
ported by  the  screwjack/gearbox  are  as  follows; 


Flywheel  Assembly 
Pcfcr-er  Transmission  Gearbox 
Hydraulic  Motor 
Controller 

Locations  of  the  centers -of -gravity  (CG) 
noted  in  Figure  2 . 


17  pounds 
20  pounds 
2 pounds 
41.8  pounds 

of  the  above  components  are 


The  screwjack  shall  be  capable  of  supporting  the  components  when  sub- 
jected to  the  vibration,  acoustic  noise,  shock  and  acceleration  environ- 
ments of  aircraft  zones  2F  and  3F  as  defined  in  B-1  prime  item  development 
specification  CP621L2006B.  The  screwjack  shall  also  be  capable  of  reacting 
its  own  self- generated  torque  through  its  attach  fittings  while  maintaining 
its  ability  to  rotate  freely  about  four  critical  axes.  These  axes  are  the 
rod  and  head  bearing  bore  axes  (Figure  2)  and  two  axes  normal  to  the  plane 
of  the  bearing  bore  axes  at  the  intersection  of  the  actuator  longitudinal 
axis  and  the  two  bearing  bore  axes.  The  self-generated  torque  shall  not 
exceed  13,000  inch-pounds.  The  screwjack  attach  fittings  (rod  end  and  head 
end)  shall  be  so  designed  that  this  maximum  self -generated  torque  does  not 
damage  nor  score  the  end  clevises  in  which  the  screwjack  is  mounted. 

C.  SCREWJACK/GEARBOX  CONFIGURATION 

The  screwjack/gearbox  configuration  will  be  generally  shown,  (dark 
outlined)  in  Figure  2.  Critical  dimensions  relating  to  the  adjacent  test 
fixture  and  the  landing  gear  conponents  are  shown  to  define  and  illustrate 
areas  of  limited  clearance  for  the  two  installations. 

The  controller  mounting  pad  will  be  per  AS966-1  as  modified  per 
Figure  3.  The  cylinder  torque  shield  shall  be  a RI  si^jplied  washer  as 
described  in  RI  specification  LD1S3-0029. 


Location  and  configuration  of  the  pad  for  attachment  of  the  sta- 
bilizing link  are  shown  in  Figure  2. 

D.  OPERATING  REQUIREMEMTS 


The  limit  output  axial  loads  for  screwjack  operation  are  107,100 
pounds  tension  and  -55,500  pounds  conpression.  These  limit  loads  occur 
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during  the  retract  (tension)  and  extend  (conpression)  cycles  and  are  asso- 
ciated with  a load  stroke  curv'e  as  shown  in  Figure  4A.  The  screw)  ack  shall  I 
be  designed  to  withstand  18,000  retract  and  extend  load  cycles  per  Figure  , 
•4\  and  2,000  retract  and  extend  load  cycles  per  Figure  4B.  I 


The  input  to  the  screwjack  shall  be  accelerated  from  0 to  7,875  rpm 
maximum  (7500  rpm  nominal)  within  one  second  after  the  retract  or  extend 
cycle  is  initiated  and  the  screwjack  output  shall  simultaneously  accelerate 
from  zero  to  124.46  inches  per  minute  of  linear  motion  (118.53  inches  per 
minute  nominal).  Actuation  shall  continue  at  this  rate  until  snubbing  be- 
gins. Ekiring  snubbing,  the  screwjack  input  speed  shall  be  reduced  linearly 
to  750  rpm  maximum  before  the  actuator  hits  its  external  stop.  The  retract 
stop  has  a maximum  spring  rate  of  1 x 10*^  pounds  per  inch  and  the  extend 
stop  has  a maximum  spring  rate  of  4 x 10^  pounds  per  inch. 


I 


.^licroswitches  (or  equivalent)  shall  be  provided  by  RI  to  send  signals  I 
to  the  controller  under  the  following  conditions : " 


1.  The  screwjack  is  at  the  extend  position. 

2.  The  screwjack  is  at  the  retract  position. 


3.  The  screwjack  is  1.00+.03  inch  from  the  retract  and 
extend  positions. 


Total  working  stroke  of  the  actuator  shall  be  12.84^0  inch  with  0.3  inch 
overstroke  at  each  end. 


DESIGN  AND  CONSTRUCTICW 


Existing  standard  parts.  Government  industry  and  supplier,  as  listed 
in  the  Rockwell  preferred  parts  list  shall  be  used  to  the  extent  that  they 
meet  the  requirements  of  this  specification.  This  list  is  available  to 
Rockwell  si^Dpliers. 


Materials  subjected  to  deterioration  or  corrosion  during  service  shall 
be  protected  in  accordance  with  Specification  MIL-S-5002  except  as  other- 
wise agreed  to.  The  protective  treatment  shall  be  such  that  it  will  in  no 
way  prevent  compliance  with  the  performance  requirements  of  this  specifica- 
tion, or  hinder  or  prevent  the  intended  use  of  the  items.  Cadmium  plating 
shall  not  be  used  on  intemal  surfaces  that  come  in  contact  with  lubricants. 


Nonmetallic  seals,  gaskets,  and  similar  items  used  in  the  conponents 
shall  be  compatible  with  the  environmental  conditions  specified  herein.  Age 
sensitive  items  shall  be  controlled  in  accordance  with  ANA  Bulletin  438. 
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Rockwell  Internotlcnal 


Unless  protected  against  electrolv-tic  corrosion,  dissimilar  metals 
shall  not  be  used  in  direcr  contact  with  each  other. 

All  gears  in  the  po'.ver  train  and  other  hi,ghly  loaded  moving  ele- 
ments shall  be  fabricated  from  individiaal  forgings,  if  practical. 

Forgings  shall  be  designed  in  accordance  with  MIL-F-7190  (steel),  MIL-A- 
22771  (aluminum),  Q'Q’A-367  (aluminum),  and  MIL-F-8317  (titanium). 

If  any  component  is  mounted  and  secured  by  bolts  where  the  component 
must  be  held  in  place  until  the  bolts  are  engaged,  pilot  keyhole  mounting 
or  similar  installation  aids  shall  be  provided  where  possible. 

The  actuator  bearings,  .•’nd  other  rod  end  bearings,  as  applicable, 
shall  be  of  the  plain  bearing,  spherical  self- aligning  type.  Rotation 
shall  be  accommodated  between  the  pin  and  the  ball,  with  the  ball  and 
outer  race  taking  care  of  misalignment  and  deflection.  The  actuator  shall 
be  pin  ended  and  shall  provide  self-aligning  features  while  limiting 
torsional  rotation  of  the  actuator  ends. 

. The  lubrication  of  the  ball  and  pin  joint  may  be  accomplished,  either 

by  the  use  of  a TFZi-based  liner,  bended  in  t.he  bore  of  the  ball,  or  by 
the  use  of  a grease  lubricated  t>T5e  spherical  bearing.  Lubrication  of  the 
Sail  a.nd  outer  race  joint  mav  be  acccomplished  by  the  use  of  a bonded 
TFh-based  liner,  bended  in  the  bore  of  the  bail,  or  by  the  use  of  a grease 
lubricated  t'-pe  spherical  bearing.  Lubrication  of  the  ball  and  outer  race 
joint  may  be  accOTip'.i:jhed  bv  t.he  use  of  a bonded  TFE-based  liner,  per 
RI  specification  L2ni40-003. 

F.  LUBRICATION' 

The  package  assemblv  shall  be  desi,;;:ned  to  minimice  or  avoid  re- 
quirements for  the  periodic  lubrication  of  gear  trains  and  bearings.  Life- 
time lubricated  parts  shall  be  lubricated  at  assem.bly  or  installation 
only.  If  lifetime  lubr'ication  is  :iot  deemed  practical,  a minimum  time 
between  relubri  cat  ions  s'nall  'oe  establi.shed  but  under  no  circumstances 
shall  the  minimum  time  between  re lubrications  be  less  than  111.4  hours. 
Lubricants  and  lubrication  shall  conform  to  the  requirements  of  MIL-STD-838. 
Gear  trains  shall  m.eet  the  perfoi’moncc  requirements  of  this  specification 
using  either  VII-G-8132Z  or  MIL-G-21164  lubricants.  Hie  preferred  approach 
shall  he  grease  lubrication,  'nouever,  if  a totally  enclosed  splash  lub- 
rication system  is  used.  The  lubricant  shall  be  the  tame  as  specified  for 
the  gearbox  in  specification  ?1\- 7 5-3636. 

G.  rrrriNGS 

Lubricatiol  flf.nes  for  the  screwjack  ;ind  gear  train  shall  be 
rendilv  .accessible  witlxut  tlie  remova'i  of  adjacent  p.arts,  covers,  etc. 


, 4 

I ^ 

i 

I j 

I 

J 

' I 
: i 
% 

1 


RockweH  Intemattonal 


NA75-527  A 


i 

I 

f 

I 


Provisions  for  drain  plugs  shall  be  sucli  that  all  lubricants  will  drain 
satisfactorily  with  the  MPP  unit  in  its  installed  position(s). 

H.  INSTRUMENTATION  AND  SENSORS 

Instrumentation  shall  be  provided  by  Rockwell  to  measure  surface  I 

tenperature  of  the  screwjack  actuator.  The  instrumentation  shall  consist  " 
of  a single  iron-constantin  pickup  located  at  a spot  on  the  actuator's 
surface  determined  by  the  supplier  as  being  most  representative  of  the  cri- 
tical tenperatures  occurring  inside  the  actuator  during  repeated  cycles  of 
operatioi.  The  temperature  pickup  shall  be  capable  of  measuring  tempera- 
tures throughout  a range  of  -80®F  to  300®F  with  an  accuracy  of  +8®F  and 
shall  withstand  tenperatures  ranging  from  -80°F  to  ♦500‘’F  without  perma- 
nently affecting  its  ability  to  accurately  measure  tenperatures  in  the  normal 
operating  range.  The  iron-constantin  piclop  shall  be  provided  with  lead-in 
wire  at  least  10  feet  long.  Instrumentation  external  to  the  actuator  will 
be  provided  by  Rockwell  to  measure  input  rpm  and  output  linear  position 
and  travel  speeds  during  tests  conducted  at  Rockwell. 

I.  OPERATING  LIFE 


The  follcwing  requirements  are  target  values  for  design  of  the  screw- 
jack.  The  screwjack  shall  be  designed  for  a total  life  of  15,500  hours 
which  is  broken  down  as  follows: 

1.  Installed  Life  (10,694.7  hours)  - Screwjack  installed  in  an 
aircraft  vdiich  is  operating  and  thus  is  subject  to  aircraft 
induced  vibrational,  shock  and  acoustic  inputs. 

2.  MPP  Input  Operating  Life  (2722.0  hours)  - MPP  input  section 
operating  but  screwjack  nonoperating.  Thus,  the  screwjack  is 
subject  to  both  the  aircraft  and  MPP  vibrational  shock  and 
acoustic  inputs. 

3.  Screwjack  Operating  Life  (83.3  hours)  - Screwjack  operating 
extending  and  retracting  the  gear  20,000  times  (15  second  O’cles) 
thus  the  screwjack  is  subject  simultaneously  to  the  aircraft 

and  MPP  vibrational,  shock  and  acoustic  inputs  as  well  as  the 
loads  inposed  by  the  landing  gear  load  stroke  curve. 

The  screwjack  shall  demonstrate  at  least  211.4  hours  of  operating  life 
(items  4 and  5 of  Table  I)  consisting  of  203.07  hours  under  "MPP  Input 
Operating  Life"  conditions  (screwjack  nonoperating)  and  8.33  hours  (2,000 
cycles  - 15  seconds  each)  under  "Screwjack  Operating  Life"  conditions. 

For  the  purposes  of  shortening  the  test  time,  sucessive  operating  cycles 
will  be  conducted  as  close  together  as  possible,  however,  no  test  cv'cle 
will  be  started  unless  the  outer  housing  temperature,  as  measured  by  the 
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tegperature  sensor  provided  irith  the  screwjack,  is  less  than  200°F. 

The  screwjack  shall  demOTStrate  low  temperature  operating  cap- 
ability. The  screvfjack  shall  demonstrate  the  ability  to  perform  at 
least  two  low  temperature  cycles,  using  the  load  stroke  curve  of  Figure 
3A<  vdien  the  maximum  input  torque  available  is  396  inch-pounds  and  re- 
tract motion  is  initiated  at  a stabilized  component  temperature  of  -6SOF. 

J.  TEST  PLAN  AND  OPERATING  LIFE 


The  test  plan  for  the  various  components  of  the  MPP  is  shown  in 
Table  I. 


TABLE  I 

BqUIPMEm-  USED 


Test 

Confip. 

1 

2 

3 

4 

5 


Hvd 


Gear  Fly- 


Motor  Box  Wheel 
X X 
XXX 
XXX 
XXX 
XXX 


Controller  Screwjack  Test 

Time 

fHrs.) 

• • 120 


X 

X 

X 


X 

x*» 


120 

200 

100 

111.4 

651.4 


• A dimny  controller  and  screwjack  will  be  utilized  in 
these  instances  to  simulate  the  total  MPP  configuration. 

A load  cylinder  will  be  added  to  the  screwjack  output  to 
simulate  aircraft  system  loads. 


K.  ACCEPTANCE  TEST 


An  acceptance  iest  plan  shall  be  developed  mutually  between  the 
stjjplier  and  Rockwell  International.  Test  requirements  are  TBD. 
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NECEANICAL  POWER  PACKAGE  (MPP) 
TEST  REQUIRE^E^TS 


OBJECTIVE 


The  objective  of  these  tests  is  to  evaluate  the  performance  and  endur- 
ance characteristics  of  an  energy  storing  mechanical  power  package  unit  when 
applied  to  an  aircraft  utility  function.  The  function  selected  is  that  of 
the  B-1  aircraft's  main  landing  gear  actuation  and  the  basic  test  rig  which 
will  be  used  is  the  main  landing  gear  actuator  qualification  (MLGAQ)  test 
rig.  Using  this  test  rig  it  is  the  objective  of  the  test  program  to  verify 
the  performance  of  each  individual  component  as  it  is  received  and  as  it  is 
built  up  into  a complete  MPP.  It  is  also  the  objective  of  the  program  to 
both  performance  test  and  endurance  test  the  complete  >PP  assen±)ly. 

Test  Components  and  Fixtures 

The  basic  components  which  will  be  tested  individually  and  collectively 
as  an  MPP  assembly  are  as  follows: 


Item 

Part  Mo. 

Supplier 

1. 

Gearbox  Assy 

2341-00 

J.  Maddock 

2. 

Hydraulic  Nbtor 

ANDSC-25 

Abex 

3. 

Flywheel 

D589-210 

Rockwell 

4. 

Controller 

1-76-2 

Traction  Propulsion 

5. 

Screw j ack 

TBD 

J.  Maddock 

With  the  exception  of  the  flywheel  (item  3 above)  all  components  will 
initially  be  tested  in  the  B-1  (NLGAQ)  test  rig.  The  flywheel  will  initially 
be  tested  in  the  IR^D  bearing/seal  test  rig  after  which  it  will  be  phased  into 
the  sequential  build  up  of  the  MPP  as  it  is  tested  on  the  NLGAQ  test  rig. 

The  sequence  of  the  testing  will  be  as  follows: 

Test  sequence  "A" 

Hydraulic  Motor  and  Gearbox 

Test  sequence  "B" 

Add  flywheel 

Test  sequence  "C" 


Add  controller 


TFU - -639 


Test  sequence  "D" 

Add  screwjack 

Test  sequence  "E" 

MPP  performance 

Test  sequence  "F" 

MPP  endurance 

Figure  1 presents  a lubrication  schematic  for  the  MPP  and  indicates 
the  sensors  required  for  testing  the  complete  MPP  under  test  sequences  "D" 
thru  "F"  above.  Figure  2 indicates  where  lubrication  and  vent  system  lines 
must  be  capped  off  to  conduct  the  tests  of  sequence  "A"  and  figure  3 shows 
the  capoffs  for  conducting  the  tests  of  sequence  "B".  In  each  instance  the 
sensors  for  the  installed  and  active  portion  of  the  system  will  be  the  same 
as  those  shown  in  figure  1. 

Instrumentation  Requirements 

The  instnmentation  required  is  shown  in  figure  1.  It  consists  cf  a 
series  of  pressure  sensors,  tenperature  sensors,  flowmeters,  accelerometers 
and  speed  counters  as  necessary  to  test  the  complete  MPP.  For  early  testing 
prior  to  build  up  of  a complete  MPP  (i.e.  test  sequences  A and  B) , those 
portions  of  the  instrumentation  suite  associated  with  the  components  not 
installed  (,i.e.  flywheel  and  controller  for  test  sequence  "A"  and  the  con- 
troller for  test  sequence  "B"3  will  not  be  used.  The  instrumentation  nec- 
essary and  the  sensor  characteristics  required  are  as  follows;  (refer  to 
figure  1} 

1.  (P 2^) lube  supply  pressure  (max  operating  pressure  range,  0-100  psig-- 

operating  tenperature  range,  -65  to  +180®F--accuracy  +1  psig) 

2-  (P2)  fly'vheel  inlet  lube  pressure  (same  as  P]^  above) 

3.  (P3)  flywheel  housing  vacuum  (max.  operating  pressure  range,  1-700 
mmHg  Abs--max.  operating  tenperature  range,  -65  to  +160°F--accuracy 
+ IninHg  Abs. 

4.  (P4)  controller  lube  supply  pressure  (same  as  Pj  above) 
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5-  (Tj^)  inboard  flywheel  bearing  scavenge  return  temperature  (operating 

temperature  range,  -65  to  +400° F- -accuracy  +S°F) 

(^^2)  reservoir  suction  temperature  (operating  tenperature  range  -65 
to  ♦200°F--accuracy  +4°F) 

7.  (T3)  outboard  flywheel  bearing  scavenge  return  temperature  (same 
as  Ti  above) 

8.  (T4)  inboard  gearbox  high  speed  bearing  tenperature  (same  as  Tj 
above) 

(T5)  outboard  gearbox  high  speed  bearing  temperature  (same  as  T]^ 
abov'e) 

10.  (T5)  lube  return  temperature  (same  as  above) 

11-  (Ai)  inboard  flywheel  bearing  vibration  acceleration  (set  of  three 
triaxially  mounted  accelerometers --operating  temperature  range, 

-65  to  +300°F--frequenc>'  measurement  range,  0 to  5000  Hz--operational 
acceleration  range,  0 to  100  G) 

12.  (A2)  outboard  fl>-wheel  bearing  vibration  acceleration  (same  as  Aj^) 

15.  (Aj)  gearbox  vibrational  acceleration  (same  as  Aj) 

14.  (Cl)  hydraulic  motor  pad  input  speed  count  (operational  speed  range 
0-12,600  RPM- -operating  temperature  range,  -65  to  300°F) 

15.  (C2)  outboard  flywheel  bearing  inner  race  speed  count  (operational 
speed  range,  0-92647  RPM- -operating  temperature  range,  -65  to  300° F) 

16.  CC5)  inboard  flywheel  bearing  inner  race  speed  count  (same  as  C2) 

17.  (Fi)  flywheel  bearing  system  lube  flow  (operating  flow  range,  0 to 
5GPM- -operating  temperature  range,  -65  to  200°F--  accuracy  +0.1  GPM) 

18.  (F2)  controller  lube  flow  (same  as  Fi  above) 

All  data  shall  be  presented  to  the  test  operator  through  suitable  gages, 
traces  or  printouts  on  a real  time  basis.  All  data  shall  be  recorded  on 
suitable  tapes,  traces  and  printouts  using  a common  time  base  so  that  they 
can  be  reviewed  at  a later  time  and/or  can  be  included  in  reports. 


Test  Sequence  "A" 


Using  a dimmy  mounting  fixture,  the  gearbox  and  motor  shall  be  mounted 
in  the  same  approximate  position  in  relation  to  the  MLGAQ  test  rig,  as  it 
will  have  when  it  is  part  of  the  total  MPP.  The  dummy  mounting  fi.xture  shall 
attach  to,  and  provide  a capoff  for,  the  controller  mounting  pad  on  the  gear- 
box* Test  Sequence  "A”  capoff  requirements  are  shown  in  figure  2. 
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.\n  additional  plate  shall  be  provided  to  capoff  the  fly^\'heel  mounting  pad 
on  tlie  gearbox.  Both  of  the  capoff  devdces  will  provide  a centrally  located 
port  which  will  collect  the  lube  oil (especially  that  oil  which  would  normally 
be  jetted  from  the  gearbox  into  the  controller  and  into  the  flv-wheel  in  the 
fully  built  up  MPP)  and  direct  it,  through  appropriate  plumbing,  to  the  inlet 
of  the  flwheel  scavenge  pump.  A sleeve,  or  other  suitable  device,  shall  be 
provided  to  support  the  flywheel  pad  output  shaft.  N'ormally  the  outer  end 
of  the  output  shaft  would  be  supported  by  the  flywheel,  however,  in  its 
absence,  some  other  means  of  support  will  have  to  be  created  to  prevent  the 
shaft  from  whipping. 


Prior  to  starting  the  test  the  lubrication  resevoir  shall  be  filled  to 
the  reservoir  full  level.  The  fluid  used  shall  be  Santotrac  50.  The 
hydraulic  motor  shall  be  powered  by  a 4000  psi  system  using  either  MIL-H-5606 
or  M2V  fluid. 


For  the  test  sequence,  a series  of  gradual  acceleration  and  dwell  tests 
shall  be  run.  During  all  tests  the  following  parameters  shall  be  monitored 
a:id  recorded. 


1. 

7 


J. 

4. 

5. 

6. 

7. 

8. 


Gearbox  input  speed  in  figure  1) 

Gearbox  high  speed  shaft  bearing  temperatures  (T4  and  T5  figure  1) 

H>"draulic  motor  "in"  pressure 

Hydraulic  motor  "out"  pressure 

Hydraulic  motor  input  flow 

Resevoir  out  temperature  (T2  in  figure  1) 

Heat  Exchanger  in  temperature  (T5  in  figure  1) 

Vibration  (A3  in  figure  1) 


For  the  lower  end  of  the  speed  range, acceleration  and  dwells  shall  be 
made  in  increments  of  1400  RPM  up  to  8400  RPM  hydraulic  motor  pad  speed 
(Cl  in  figure  1) . Dwells  shall  be  made  at  the  end  of  each  acceleration 
and  shall  be  made  at  the  following  speeds: 


1400  + 20  RPM 
2800  + 20  RPM 
4200  ♦ 20  RPM 
5600  + 20  RPM 
7000  * 20  RPM 
8400  20  RPM 
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Each  dwell  shall  be  maintained  until  all  measured  parameters  stabilize, 
or  for  5 minutes,  whichever  comes  first.  T}ie  acceleration  of  shaft  speed 
between  dwells  shall  be  conducted  at  200  + 50  Rl^I/second. 

At  the  higher  end  of  the  speed  range  (8400  to  11,968  RPM)  smaller 
increments  shall  be  used.  In  this  speed  regime  the  speed  shall  be  increased 
in  five  increments  of  approximately  714  RF^V  increment  as  follows : 

9114  + 20  RPM 
9828  20  RPM 

10452  20  RPM 

11256  20  RBI 

11968  ♦ 20  RPM 

Each  dwell  shall  be  maintained  until  all  parameters  stabilize.  Stabliza- 
tion  shall  be  deemed  to  have  been  achieved  when  the  mean  of  the  parameter 
value  changes  less  than  0.11  per  minute.  Accleration  to  the  next  dicell  level 
shall  be  attempted  only  after  stabilization  lias  been  achieved.  The  shaft 
speed  accleration  between  dwell  levels  shall  be  the  maximum  of  whidi  the 
hydraulic  motor  is  capable  when  2800  psi  effective  differential  pressure 
exists  between  the  motor's  pressure  and  return  ports. 

.\11  sequence  "A"  tests  shall  be  conducted  at  an  "oil  in"  temperature 
(T2  in  figure  1)  of  170  + 10°F.  ''Oil  out"  temperature  (T(j  in  figure  1)  shall 
not  exceed  275“F  and  higK  speed  shaft  bearing  temperatures  (T^  and  T5  in 
figure  1)  shall  not  exceed  300°F.  The  exceedance  of  these  temperatures  shall 
be  cause  for  shutdown  of  the  test. 

The  tare  power  losses  for  the  gearbox  at  each  dwell  speed  shall  be  deter- 
mined and  plotted.  This  loss  shall  be  determined  by  subtracting  the  known 
power  loss  of  the  hydraulic  motor  from  the  total  power  loss  of  the  sequence 
".A"  configuration  as  determined  by  the  differential  pressure  and  flow  measure- 
ments taken  at  the  motor  inlet.  The  tare  losses  shall  not  exceed  1.5  H.P, 
at  rated  motor  speed  (11,968  RPM) 

The  vibrational  characteristics  of  the  sequence  "A"  test  configurations 
as  measured  by  the  A3  accelerometers  in  figure  1,  shall  be  recorded  during 
all  accelerations  and  dwells.  Under  no  conditions  shall  the  trace  bandwidth 
as  recorded  by  the  A3  accelerometers  exceed  20G.  .Accelerations  greater  than 
20G  shall  be  cause  for  shutdown  of  tlie  test  unit. 

Upon  completion  of  the  11968  RF^*!  dwell  the  test  unit  shall  be  accelerated 
to  105%  of  rated  speed  (12,566  RPM  max  Cj  speed)  The  unit  shall  be  held  at 


the  speed  for  one  minute  ^0.1  minute  and  then  decelerated  to  100?  rated 
speed  in  15  + 5 seconds.  During  all  accelerations  and  decelerations  res- 
onance points  shall  be  noted  and  their  approximate  magnitude  recorded. 

*;’«  * 

Upon  completion  of  the  overspe^  test  and  the  return  to  1001  rated  speed, 
a measurement  sloall  be  made  to  determine  first;  the  controller  pad  lube  jet 
flow  and  second;  the  fly^vheel  pad  lube  jet  flow.  Tliis  may  be  accomplished 
by  alternately  redirecting  the  flow  collected  by  eacli  pad's  capoff  device 
through  suitable  valving  to  a measuring  beaker.  The  flows, measured  at  50  psig 
relief  valve  setting .shall  be  as  follows: 

Fl>ivheel  Pad  Controller  Pad 

.05  +.01  GPM  0.4  + .05  GP.M 

Upon  completion  of  100?  rated  speed  testing  the  speed  shall  be  reduced 
to  70?  (8400  + 20  RPM  Ci  speed)  and  the  test  repeated.  The  flows , measured  at 
50  psig  relieF  valve  setting,  shall  be  as  follows: 

Flwheel  Pad  Controller  Pad 

.04  + .01  GPM  0.3  + .04  GPM 

The  test  unit  shall  be  shut  down  and  allowed  to  coast  to  a stop.  Speed 
temperature,  flow  pressure  and  acceleration' data  shall  continue  to  be 
recorded  during  tlie  shut  down. 

Test  Sequence  "B" 


The  cap  covering  the  flwheel  pad  on  the  gearbox  shall  be  removed  and  the 
flwheel  added  to  the  test  unit  and  plumbed  as  shown  in  figure  5*.  Kith  the 
addition  of  the  fl>-wheel,  sensors  Al,  A2,  C2,  C5,  Tl,  T3,  P2,  P3,  and  FI, 

(see  figure  1)  will  become  active  and  will  provide  data  for  monitoring  and 
recording. 

For  this  test  sequence  a series  of  acceleration  and  dwell  tests  plus 
an  overspeed  and  a shutdown  will  be  run  which  duplicates  the  tests  in  test 
sequence  "A".  The  tare  power  losses  for  the  Tlwheel  under  a particular 
test  condition  shall  be  determined  by  subtracting  the  total  sequence  "A" 
test  unit  configuration  losses,  from  the  sequence  "B"  test  unit  configuration 
losses  under  the  same  test  conditions  to  determine  the  net  losses. 
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lUiririj;  all  test  sequence  "B"  tests  aiul  all  suhsequent  tests,  the  t'loi^ 
to  the  flywheel  as  measureil  by  flew  meter  Iq , (.fisure  1)  shall  not  exjeeu 
.4GPM  at  this  flow,  and,  at  an  oil  supply  tenpeivilure  of  130°r  ipulx  as  mensurr'd 
at  Tj,  the  lube  oil  return  tenure ratures  as  measured  at  I’l , Tj , a”'!  '.'(j  shall 
never  exceed  500® F. 
lest  Sequence  "C" 

For  test  sequence 'l"tlie  controller  sliall  he  added  to  the  test  luiit.  ri\e 
modular  portion  of  tlie  dimmiv'  moiuitinj;  fixture  wliich  simulated  the  controllei- 
shall  be'romoved  ;ind  replaced  In-  the  actual  controller.  I'he  pliunl'inc  shall 
be  revised  to  the  full  NUT  luluicat  ion  ;uid  cooliiij;  system  con  t'i  curat  ion 
shovsTi  in  figure  1.  Hus  means  that  all  capoffs  will  Ik'  removed  as  well  .is 
the  tee  into  the  gearbox  scavenge  punp  inlet  lines.  All  scavenge  lines  will 
lie  routed  as  shown  in  figure  1. 

In  addition  to  the  sensors  shown  in  figure  1 provisions  will  he  made 
for  a bi-directional  speed  coimter  which  will  he  attached  to  tlie  output 
shaft  of  the  controller.  This  counter  will  he  capable  of  coianing  clockwise 
:md  coiuiterclockwise  shaft  speeds  up  to  lll,i'0i)  RPM  \\ith  .in  accuracy  of  *Hl  Rl'M. 
Provisions  will  also  be  iiuide  so  that  the  output  sliafr  can  he  locked  using  .i 
torque  measuring  device  capable  of  measuring  torques  up  to  sOO  in-lh  with  an 
accuracy  of  + 5 in-lh. 

Tests 

1.  Witli  a neutral  signal  applied  to  tlie  controller,  start  up  tlie  Mid' 
and  accelerate  to  8578  ^ 20  RPM  iGi  speed).  This  shall  he  done 
with  2800  psi  differential  pressure  across  the  motor's  ports  luiless 
acceleration  exceeds  2,250  Rl'M/second,  in  which  case  the  differenti.il 
pressure  sliall  he  throttled  back  to  iiuintain  no  iiKU'e  th.in  2,250  Rl''! 
second.  Under  these  conditions  tliere  shall  he  no  signs  of  skidding 
or  other  distress  in  the  controller.  During  the  acceleration  the 
output  shaft  may  tuni  Init  sliall  not  exceed  25  Rl'M  in  either  direction 
at  any  time.  Vcoleration  time  shall  not  exceed  1.5  minutes  max. 

2.  bock  the  contixiller  output  with  the  torque  measuring  vievice  ;uid  .ii’plv 
a retract  signal.  Static  output  torque  shall  fall  within  the  limits 
of  410  ^ 15  in-lh.  Note:  Hie  controller  should  not  I'o  operated  with 
a locked  output  for  more  than  10  minutes  at  a time. 

5.  Remove  the  retract  signal  with  tlie  output  still  locked  h\'  tlie  torque 
measuring  device.  Output  static  torque  shall  drop  to  0 +■  25  in-lh 
hiastxl  in  the  retract  direction. 


5.  During  tests  2 through  4 oil  shall  be  supplied  by  the  auxiliary  pump 
at  the  rate  of  .65  ^.05  GPM  (see  figure  1)  and  oil  shall  be  supplied 
by  the  gearbox  lub  jet  through  the  central  shaft  at  .3  + .05  GPM. 

The  auxiliary  lube  pump  relief  valve  shown  in  figure  1 sKall  be  set 
initially  at  75  ^ 3psi.  It  shall  be  the  objective  of  these  tests, 
and  all  subsequent  tests,  to  set  this  oil  flow  rate  and  pressure 
at  a value  as  low  as  feasible  (but  not  less  than  50  psi)  while  still 
meeting  the  controller  response  requirements.  Another  limitation  on 
setting  the  oil  flow  rate  and  pressure  shall  be  the  requirements  that 
the  oil  out  temperature  as  measured  at  shall  not  exceed  240°F. 

The  oil  in  temperature,  as  measured  at  T2  shall  not  e.xceed  180° F. 
Figure  4 shows  the  maximum  allowable  tenperature  rise  for  fluid 
entering  the  MPP  (leaving  the  heat  exchangerjat  other  temperatures. 


*N'ote : 


The  lube  scavenge  lines  which  ran  from  the  pad  caps  to  the  inlet  of 
the  flywheel  scavenge  pump  shall  be  disconnected  and  the  one  coming 
from  the  fly^vheel  cap  shall  be  removed  to  the  controller  lube  scavenge 
line  shall  be  rerouted  to  "T"  into  the  gearbox  scavenge  pump  inlet. 
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6.  Steps  2 through  4 shall  be  repeated  at  11,908  RPM  Ci  speed.  All 
output  torques  shall  fall  in  the  same  limits  as  before.  However, 
the  oil  shall  be  supplied  by  the  auxiliary  pump  at  a flowrate  of 
.85  ^ 0.5  GPM  in  conjunction  with  a gearbox  lube  jet  flow  through 
the  controller's  central  shaft  of  .4  + .05  GPM  for  a combined  flow  to 
the  controller  of  approximately  1.3  GPM.  At  this  flow,  and  with 
a lube  oil  supply  temperature  (T?)  of  180®F,  the  .WP  outlet  lube  oil 
(T^j  shall  not  exceed  300°F.  .A  (16)  temperature  higher  than  300°F 
shall  be  cause  for  shutdora  of  the  test.  The  maximum  tenperature 
rise  for  conditions  under  whidi  the  lube  oil  is  supplied  at  lower 
temperatures  is  shown  in  figure  5.  The  acceleration  time  from  the 
8378  RPM  of  step  1 to  the  11,968  RP.\I  of  this  step  shall  not  be  more 
than  2 minutes. 
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7.  At  an  input  speed  of  11,968  RPM  (Ci)  speed, apply  a retract  signal 
with  the  output  free  to  rotate.  The  output  shall  accelerate  smoothly 
to  a speed  of  7500  + 75  RPM  counterclocknvise  (looking  at  the  controller 
output  pad)  within  one  second  max.  T!-.e  controller  shall  be  allowed 
to  operate  at  tliis  condition  for  five  minutes,  or  until  tenperature 
stabilitation,  whichever  occurs  first.  Upon  removal  of  the  retract 
signal  the  output  shall  decelerate  smoothly  and  in  a controlled 
manner  at  a rate  of  9500  + 500  RPM/second  to  an  output  speed  of  + 25 
RPM. 
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8.  Repeat  test  #7  at  input  (Ci)  speeds  of  10173  + 20  RPM  and  8373  + 20  RPM. 
The  controller  output  shall  accelerate  smoothTy  to  a speed  of  65'75 

+ 64  RPM  and  5250  ^ 53  RPM  respectively  and  when  the  retract  signal 
is  removed,  shall  decelerate  smoothly  at  a rate  of  8075  + 500  RPM/sec. 
and  6650  + 500  RPM/second  respectively. 

9.  Repeat  tests  #7  and  #8  except  apply  and  remove  an  extend  signal. 


Test  Sequence  "D" 

For  test  sequence"D"the  screwjack  shall  be  added  to  the  test  unit.  The 
last  remaining  portion  of  the  dummy  mounting  fixture  (i.e.  the  segment  which 
simulated  the  screwjack)  shall  be  removed  and  replaced  by  the  screwjack  test 
unit.  For  all  sequence"D"tests  the  MLQAQ  load  cylinder  shall  be  unpressurized 
and  vented  and  thus  all  tests  for  this  sequence  will  be  run  at  essentially 
no  load  except  for  load  represented  by  the  frictional  drag  of  the  actuator, 
the  linkage,  and  the  screwjack  end  bearings. 

With  the  addition  of  the  screwjack  tlie  test  unit  will  have  achieved  full 
MPP  status.  The  lubrication  and  cooling  system  plumbing  and  the  sensor 
installation  will  be  as  shown  in  figure  1.  In  addition  a linear  potentiometer 
or  other  appropriate  sensing  device,  and  appropriate  recording  equipment 
shall  be  provided  to  accurately  sense  and  record  (within  + II  of  true  position) 
the  real  time  output  position  of  the  screwjack.  A temperature  sensor  (iron 
Constantin  type)  shall  also  be  provided,  which  will  be  mounted  on  the  screw- 
jack  at  a location  designated  by  the  screwjack  supplier,  which  will  accurately 
measure  (+  8°F  accuracy)  those  surface  temperatures  on  the  screwjack,  that 
are  niost  representative  of  the  critical  temperatures  occuring  inside  the  unit 
and  will  measure  them  over  a temperature  range  of  -80°F  to  300° F.  Both  the 
position  and  ten^erature  data  shall  be  continuously  recorded  at  all  times 
when  the  screwjack  is  actually  operating. 

The  screwjack  actuator  will  come  equipped  with  microswitches  (or  equivalent) 
which  will  indicate  when  the  actuator  is  at  the  extend  position,  the  retract 
position,  and  at  a point  approximately  one  inch  from  the  retract  and  extend 
positions.  A functional  and  continuity  check  of  these  switches  shall  be 
conducted  at  a very  low  and  controlled  input  speed  (less  than  101  rated 
speed)  to  verify  that  the  limit  switches  are  properly  rigged  (44.68  in.  screw- 
jack  extend  length  and  31.84  in.  screwjack  retract  length)  and  that  the 
snub  switches  actuate  at  the  proper  point  along  the  screwjack  stroke  (43.68  in. 
screwjack  extend  length  and  32.84  screwjack  retract  length.) 
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With  the  screwjack  in  the  extend  position  the  MPP  input  speed  (Ci  speed 
in  figure  1)  shall  be  increased  to  11,968  + 20  RPM  and  held  at  this  speed 
until  temperatures  and  flows  stabilize  but  shall  not  be  held  for  more  than 
5 minutes.  Alternate  "Extend"-Retract"  signals  shall  be  applied  to  the 
controller.  The  rate  of  signal  applications  shall  be  increased  from  slo\v 
extend  -retract  cycle/min)  to  the  imuximum  rate  which  can  be  achieved  with- 
out dropping  the  flywheel  speed  below  70%  rated  (8378  RPM  Cj  speed)  but  not 
faster  than  1 extend- retract  cycles/min.  Once  the  fastest  cycling  rate  has 
been  established  cycling  shall  continue  at  this  rate  for  50  cycles  or  until 
oil  return  temperatures  as  measured  at  Tg,  (figure  1)  tend  to  e.xceed  275°F. 

If  the  oil  return  temperature  measured  at  T5  tends  to  exceed  275°F,  or  the 
scavenge  oil  temperatures  measured  at  and  T3  tend  to  exceed  500°F,  or 
the  screwjack  body  temperature  Ty  tends  to  exceed  200°F  at  the  start  of  the 
next  cycle,  the  rate  of  cycling  shall  be  reduced  until  the  peak  temperatures 
experience  each  cycle  stabilize  at  a value  at  least  10°F  below  the  limiting 
values  stated  above.  Under  all  conditions  the  screwjack  motion  portion  of 
the  cycle  shall  be  completed  in  7.5  to  8.0  seconds. 
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Test  Sequence  "E" 

Test  Sequence  "E"  differs  from  test  Sequence  "D"  in  that  loads  shall  be 
applied  to  the  load  cylinderv  The  MLGAQfload  cylinder  shall  be  set  up  to  apply 
4 load  levels  to  the  MPP.  The  loads  applied  shall  have  the  general  character- 
istics of  the  load  versxis  stroke  curve  as  shown  in  figure  3A  of  the  Screwjack 
Actiiator  Specification  NA75-527,  For  a particular  load  level,  the  absolute 
value  of  load  at  any  stroke  position  shall  be  a certain  percentage  of  the 
value  shown  in  figure  3A.  The  load  levels  and  their  percentage  of  figure  3A 
loads  are  as  follows: 

Load  Level  1 - 25% 

Load  Level  2-50% 

Load  Level  3 75% 

Load  Level  4 -100% 

Starting  at  load  level  1,  actuate  the  MPP  through  10  "extend"  - "retract" 
cycles  at  each  load  level  in  sequence.  The  actuation  cycles  may  be  run  at 
any  convenient  rate  up  to  1/2  cycle/minute.  The  ambient  temperature  shall  be 
SOtlS^F  during  the  tests.  At  no  time  during  the  tests  shall  the  Tl,  T3  or 
T7  temperatures  exceed  the  limits  given  for  these  temperatures  in  the  preceding 
test  sequence  "D"  writeup. 

Upon  completion  of  load  level  4 tests  the  loads  applied  to  the  MPP  shall 
be  changed  to  match  the  characteristic  load  curve  shown  in  figure  3B  of 
specification  NA75-527.  Ten  extend -retract  cycles  shall  be  conducted  at  this 
characteristic  load.  At  no  time  shall  the  flyvdieel  speed  drop  below  70%  rated 
speed  (i.e.  below  61765  RIW)  provided  each  specific  cycle  was  initiated  within 
1%  of  rated  speed  (i.e.  89,117  to  87353  RIW) . After  the  completion  of  ten 
retract -extend  cycles  the  cycle  rate  shall  be  increased  to  the  maximum 
practicable,  but  not  more  than  1 cycle/min, without  overheating  the  unit  or 
underspeeding  the  flyvdieel.  Ten^ieratures  shall  not  exceed  those  listed  as 
limits  in  the  sequence  "D"  writeup  and  the  flywheel  shall  have  recovered  to 
within  1%  of  rat^  speed  prior  to  initiation  of  the  next  half  cycle.  Sufficient 
cycles  (but  not  more  than  50)  shall  be  run  to  show  that  the  ten^jeratures  and 
flywheel  speed  excursions  have  been  stabilized  and  that  the  maximum  practicable 
cycle  rate  has  been  achieved.  The  screwjack  motion  portion  of  each  "extend" 
or  "retract"  half  cycle  shall  be  completed  in  7.5  to  8.5  sec. 

During  all  sequence  "E"  tests,  the  operation  of  the  unit  shall  be  smooth. 

At  no  time  shall  ^e  load  cell  on  the  load  cylinder  show  a peak  load  greater 
than  107,100  lbs  during  operations  using  figure  3A  load  characteristics  nor 
greater  than  89,500  lbs  using  figure  3B.  At  all  other  points  along  the  load- 
stroke  curve  deviations  from  the  curve  chargeable  to  the  MPP  shall  not  be 
greater  than  + 5000  lbs. 

Attenpts  shall  be  made  during  sequence  "E"  testing  to  eliminate  the 
auxiliary  lube  punp  (see  figure  1).  This  shall  be  done  by  increasing  the 
relief  setting  of  the  MPP  lube  relief  valve  (50-100  psi)  to  equal  that  of  the 
auxiliary  lube  relief  value  (75-100  psi).  The  auxiliary  lube  relief  valve 
setting  will  be  that  determined  as  the  minimum  practicable  during  test  sequence 
"C"  test  #5  testing  and  verified  (or  modified)  during  subsequent  testing.  The 
increase  in  relief  valve  setting  may  cause  excessive  flow  through  the  various 
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MPP  lube  jets  and  the  jet  pump.  If  this  proves  to  be  true  certain  selected 
lube  jets,  or  all  of  the  lube  jets  and  the  jet  pump,  shall  be  reworked  to 
smaller  orifice  sizes.  Appropriate  flowmeters  shall  be  installed  in  the  MPP 
lube  relief  valve  return  line  (F3)  and  the  auxiliary  lube  relief  valve  return 
line  (F4).  IVhen  F3  equals  or  e.xceeds  the  controller  flow  demand  F2  - F4 
(F2  as  shown  on  figure  1)  as  determined  at  the  same  pressure  setting  the 
auxiliary  lube  pump  shall  be  deleted  and  the  functions  it  serviced  shall  be 
plumbed  into  the  .'IPP  lube  pressure  system.  The  auxiliary  lube  relief  valve 
shall  be  removed  along  with  any  surplus  plumbing  and  its  inlet  and  outlet  lines 
shall  be  capped.  At  least  10  extend/ retract  cycles,  at  the  maximum  rate 
previously  established,  shall  be  performed  after  the  auxiliary  lube  pump  is 
removed  to  verify  performance. 
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At  the  end  of  the  endurance  test,  a lcn»'  tenperature  test  shall  be 
conducted.  The  MPP  shall  be  cold  soaked  to  -40°F.  The  unit  shall  be 
cooled  until  ta^rature  sensor  T2  (figure  1)  has  shown  a temperature 
reading  of  -45®?  for  at  least  one  hour.  The  unit  shall  then  be  allowed  to 
warm  slowly  until  T2  reads  -40tl°F  and  the  readings  of  the  other  tenperature 
sensors  in  the  unit  (Ti,  T3,  T4,  T5  and  Ts)  are  within  1 S°  of  the  T2  reading. 
T2  shall  be  held  at  -40±1®F  for  at  least  one  hour  at  whTch  time  the  MPP  unit 
shall  be  started.  The  hydraulic  fluid  supplied  to  the  unit  shall  be  warm 
(60®F  min). 

At  the  time  of  start  intiation,  the  fluid  in  the  lines  close  to  the 
hydraulic  motor  shall  be  as  warm  as  possible  consistent  with  maintaining  all 
temperature  sesnors  at  the  required  uniform  low  temperature.  Under  these 
conditions  and  with  a 2800  psi  differential  pressure  across  the  motor  the 
hydraulic  motor  shall  be  capable  of  bringing  the  flyvheel  up  to  rated  speed 
within  6 minutes.  Using  load  curve  of  figure  3A  NA75-527  cycle  the  test  unit 
within  8+.5  minutes  after  start  initiation.  The  performance  of  the  MPP  shall 
be  normal  except  that  the  screwjack  motion  time  during  the  first  half  cycle 
(extend  or  retract) may  take  up  to  12  seconds  to  cranplete  instead  of  the  normal 
7.5  to  8.S  seconds  and  the  flyvrtieel  may  droop  below  70%  rated  rpm.  A complete 
extend -retract  cycle  shall  be  completed  within  5 minutes. 

Repeat  the  cold  start  test  at  -65®F.  All  test  conditions  shall  be  the 
same  except  longer  start  up  times  and  cycle  times  are  acceptable  as  follows: 

Time  to  rated  speed  = (18  minutes  instead  of  6 min.) 

1.0  0.5 

Time  for  start  of  first  = (21+0  minutes  instead  of  8+0  min.) 

cycle  after  start  initiation  ~ 

First  half  cycle  motion  = (16  seconds  instead  of  12  seconds) 

time  of  screwjack 

ComiJlete  extend-retract  = (8  minutes  instead  of  5 min.) 
cycle 
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